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DESIGN AND PROCUREMENT GUIDE FOR PRIMARY COOLANT PUMPS 
USED IN LIGHT-WATER-COOLED NUCLEAR REACTORS 

Abs tract 

Information related to the design and operation of 
primary coolant pumps used in light-water-cooled nuclear 
reactor systems is presented in this document. General 
requirements for the operation and performance of primary 
coolant pumps are discussed, and the major components of 
these pumps, their functions, and their design features 
are described in detail. The materials and methods used 
in the fabrication and assembly of these pumps are dis-
cussed, and recommended quality control, inspection, and 
maintenance procedures are described. Up-to-date design 
information and example calculations that can be used by 
the purchaser to evaluate the relative merits of reactor 
coolant pumps are also presented. 

1. INTRODUCTION 

This document was prepared to provide up-to-date information in the 

various technical areas related to the design, fabrication, operation, 

and maintenance of primary coolant pumps used in light-water-cooled 

nuclear reactors. This information is intended to aid buyers of reactor 

equipment in evaluating the relative merits of the various designs for 

primary reactor coolant pumps, and it is also intended to serve as a 

reference guide for the design of this type of pump. Where possible, 

information is presented in the form of curves and charts that can be 

directly implemented by pump designers and used by the purchaser. In 

those areas where it is not convenient or possible to compile or generate 

simplified design charts, methods and procedures are comprehensively 

described ana essential analytical tools, such as digital computer pro-
« 

grams, are discussed. Thus, the design information presented herein can 

be used to establish a common ground for communication between the sup-

plier and the user of primary coolant pumps. 
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The centrifugal pumps treated herein are medium-range specific-speed 
(2000 to 5500) types that have either a multi-channel volute or a dif-
fuser casing. These pumps are frequently referred to as shaft-sealed 
(controlled leakage) pumps as opposed to the canned-motor type of pump 
with a lower capacity that is built for the same type of duty. The 
canned-motor pump is about 10% less efficient than the shaft-sealed pump. 
As pump capacities have been increased in recent years, this difference 
in efficiency has become very significant. This along with other design 
and cost considerations led to the development of the shaft-sealed pump. 
Although the canned-motor pump has the advantages of zero leakage and 
proven reliability, the shaft-sealed pump is a much better choice for 
large nuclear plants because of such relative advantages as lower initial 
cost, ease of fabrication, higher rotating inertia, higher efficiency, 
and ease of maintenance. 

The information presented herein is therefore related mainly to 
shaft-sealed primary coolant pumps for water-cooled nuclear reactors, but 
most of the analyses and design criteria apply to the more general cate-
gory of reactor coolant pumps. The typical reactor coolant pump is a 
vertical single-speed shaft-sealed unit with bottom suction and horizontal 
discharge, as illustrated in Fig. 1.1. Each pump of this type has a sep-
arate single-speed top-mounted motor which is connected to the pump by a 
rigid shaft coupling. The shaft sealing components are located in the 
upper part of the pump housing. A water-lubricated radial bearing is 
also located in the pump housing. Two oil-lubricated radial bearings 
and a double-acting Kingsbury type of thrust bearing are located in the 
motor structure. 

The function of a primary coolant pump in a water-cooled nuclear 
reactor system is to circulate the water heated in the reactor through 
the primary loop of the steam generators for transfer of heat to the 
secondary fluid used to drive the steam turbines. Typical primary loops 
in pressurized-water reactor systems are illustrated schematically in 
Fig. 1.2. Most of the head (energy per pound of fluid) developed in the 
pump is absorbed by friction losses in the tubes of the primary-loop 
heat exchangers. It may therefore be readily seen that the head and 
flow requirements for the pump are dictated by the heat exchanger 
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PRIMARY COOLANT CIRCULATING PUMP PARAMETERS 
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Type Drive 
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Fig. 1-1. Typical Primary Coolant Circulating Pump 
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Fig. 1.2. Schematic Diagrams of Typical Primary Coolant Loops for 
Pressurized-Water Reactors. 
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requirements; that is, the flow required for the desired transfer of heat 
in the steam generator and the head required to push this flow through 
the steam generator. A primary coolant pump in a boiling-water reactor 
system fulfills the same requirements as one in a pressurized-water reac-
tor system except that the net positive suction head requirements are 
higher for boiling-water reactor systems. Therefore, the subject of suc-
tion specific speed requires special attention. Most coolant circulating 
pumps used in current pressurized-water and boiling-water reactor systems 
have specific speeds between 4000 and 5000, while the boiler feed pumps 
in fossil-fueled power plants and gas-cooled reactor plants have specific 
speeds between 1000 and 2000. 

The general operational requirements for primary reactor coolant cir-
culating pumps are discussed in Section 2 of this document. This discus-
sion covers general performance requirements, transient and emergency con-
ditions, service requirements, and pump specifications. 

Certain dominant features of primary reactor coolant pumps are com-
mon to all such pumps. The rotor is oriented vertically with the motor 
on top and the pump proper at the bottom. The pump is a three-journal 
single-thrust bearing machine with a rigid coupling connecting the motor 
and pump shafts, as illustrated in Fig. 1.3* The main components of the 
typical reactor coolant pump include the 
1. impeller, 
2. bearings, 
3. seals, 
4. couplings and flywheel, and 
5. electric motor. 
The initial design concepts for such a pump are not related to the design 
of a new type of pump but rather to such factors as the size and speed of 
the impeller, casing configurations bearing loads and shaft configuration, 
sealing systems, and features of the electric motor for a particular pump 
of the same type commonly used. 

The design for a pump is begun with the impeller, and establishing 
the initial configuration of the impeller is the essence of the discussion 
of hydraulic design presented in Section 3. Generally, the impeller is 
designed by establishing dynamic similitude between previous designs or 
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models that have been performance tested. Most pump vendors have a 
sizable backlog of information dealing with impeller configurations that 
may be drawn upon for new designs, but most of this information is pro-
prietary and is not available to the pump buyer. The information on 
impeller design presented herein has been extracted from various refer-
ences and texts, and it is suitable for sizing and estimating purposes. 
It should be quite sufficient to enable a pump user or buyer to evaluate 
the suitability of a vendor's design. 

The compilation and generation of bearing performance data presented 
in Section 4 should be useful to a potential user and supplier of circu-
lating pumps. The information on fluid film performance has a well ver-
ified theoretical foundation, and it is presented for the more common 
types of bearings used in contemporary pumps. 

Rotor dynamics is not readily amenable to the production of simpli-
fied design charts because of the many variations in rotor configurations. 
Computer programs have been developed for the performance of critical 
speed and synchronous response analyses in which accurate account is 
taken of bearing supports, rotor flexibility, and gyroscopic moments. 

The design of seals is still essentially an empirical process even 
though solid theoretical foundations are available for some of the more 
advanced configurations. Accurate design information has been generated 
for true fluid-film seals, and published information has been resorted to 
for other types of seals discussed in Section 5. 

Squirrel-cage induction types of motors are exclusively used in pri-
mary reactor coolant pumps. Since reactor coolant pumps are vertical 
units, the motors are also vertical. Unique features of these motors, 
discussed in Section 6, include high zero-speed staxrting torque, very 
high rotating inertia, anti-reverse rotation device, hydrostatic lift-off 
in thrust bearing, and a minimum life expectancy of 40 years. 

The fabrication and assembly, quality control and inspection, and 
maintenance of primary reactor coolant pumps are discussed in detail in 
Sections 7, 8, and 9. 
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2. GENERAL REQUIREMENTS FOR PRIMARY REACTOR COOLANT PUMPS 

The general performance requirements, motor drive requirements, 
transient and emergency load conditions, and the general service condi-
tions for primary reactor coolant pumpr are discussed in this section. 
Specification references applicable to the design, fabrication, inspec-
tion, testing, and cleaning of all equipment considered as part of a 
primary reactor coolant pump are also provided. 

2.1 Pump Performance Requirements 

Before a centrifugal pump can be designed, the conditions of service 
and the performance requirements must be established. The most basic and 
important of these are the head (H) and flow (Q) requirements. These 
along with the rotational speed (N) provide sufficient information to 
specify the desired machine size and main hydraulic features (impeller, 
casing) of the pump. The motor torque and power requirements are obtained 
from these same requirements (H, Q, and N) combined with the expected 
efficiency characteristics, which can be reasonably predicted from prior 
testing and experience. Other factors which influence the performance of 
centrifugal pumps include pump stability, reverse flow characteristics, 
net positive suction head, rotating inertia, operating temperature ranges, 
and lay-up and hot standby requirements. 

2.1.1 Head, Flow, and Speed 

Typical heads, flow capacities, specific speeds, and manufacturer's 
size designations for pumps used in different installations are given in 
Table 2.1. The specific speed, flow, and head ranges of reactor coolant 
pumps in nuclear systems are compared with those of boiler feed pumps in 
fossil-fueled plants in Fig. 2.1. It should be noted that all of the 
data illustrated in Fig. 2.1 have been converted to a reference rotational 
speed of 1180 rpm, which is a common speed for coolant circulating pumps 



Table 2.1. Size and Performance Data for Pumps in Different Installations 

N a u 0 0 Pump 
Size Pump RPM c m TDH W8 $ s Size 

No. Plant MW Mfgr. Speed Capaoity Ft Speo. Speed 0) OS Type Mfgr's Designation Eff. 

1 Big Rook Point 75 B-J 880 16,000 76 4320 B CL 20 x 24 x 24 
2 Mine Mile Point 600 B-J 820 36,000 120 4290 B CL 28 x 28 x 32 
3 Pilgrim Sta. 687 B-J 1650 46,000 380 4100 B CL 28 x 28 x 28 
4 Brown's Perry 1118 B-J 1650 45,200 710 2560 B CL 28 x 28 x 35 
5 San Onofre W 1184 69,560 200 5872 P CL •J-10059-A1 88.5 
6 Oconee B 1170 92,500 365 4260 P CL 28 x 28 x 4l RQ.V 88. 
7 Palisades 821 B-J 900 83,000 250 4ooo P CL 35 x 35 x 45 
8 Duquesne W 1760 18,300 3'ho 3000 P C M-I-Sooo-Bl 84.5 
9 Selni (Italy) w 1476 24,500 170 4907 P C MM-8005-Al 84. 
10 DSN K & G.E. 1800 11,800 322 ?.6oo P C 70* 
11 Yankee Rove W 1775 22,600 228 4647 P 0 NM-8003-A2 87-
12 Combustion Engrg. I.R. 1800 14,COO 157 4800 - A 82 
13 Combustion Engrg. Pao. 1200 7,300 151 2380 - A 76 
14 0.E„, Valieoitos Peerless 1800 10,000 230 3050 - A 86.5 
15 A EC Worth. 1200 10,000 17? 2500 - A „ 
id Du Pont, Dunbarton B 1800 4,600 120 3400 iO x 10 x 14 RV 79 
17 AEC, Port Croely SM-IA B-J 1170 7,150 46 5680 B 12 x 14 x 18 75 
18 Montioollo B 1645 32,500 402 3300 B CL 28 X 28 x 28 RV 87 
19 Donald C. Cook W 1190 88,500 277 5214 P CL W-11001-A1 86.5 
20 Tarapur 200 B-J 1000 31,000 l4o 4325 B CL 28 x 28 x 26 88 
21 W 1180 69,560 273 4633 P CL 
22 Crystal River 850 B-J 1200 88,000 362 4300 P CL 33 x 33 x 39 
23 Maine Yankee 823 B-J 1200 108,000 290 5600 P CL 40 x 40 x 39 1 
* » Overall Efficiency 
RV =» Roaotor Pump, Vertical 
RCtV » Reaator Pump, CLuad Volute, Vertical 

A 
C 
CL 

o Boiler Circulating Pump, Fossil 
• Canned Motor 
- Controlled Leakage (Shaft Sealed) 

B • Boiling Water Reactor 
P w Pressurized Water Reactor 
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iTi nuclear applications. However, feed pumps with such low rotational 
speeds are not used in fossil-fueled plants- The speed of these boiler 
feed pumps ranges from 3500 to 9000 rpm. 

As previously stated, the function of primary reactor coolant pumps 
is to circulate the heated coolant from the reactor core through heat 
exchanger tubes and back to the reactor. This process requires that the 
pump add energy to the fluid to account for energy losses resulting from 
pipe friction. The head is a measure of the energy per unit weight of 
fluid added by the pump, and the total dynamic head (TDH) required of a 
pump is expressed (in United States standard units) in feet, as derived 
from units of foot-pounds/pound. The head produced by a specific pump 
operating at a certain speed and flow is independent of fluid density. 
The head range of most primary coolant pumps in existing pressurized-
water and boiling-water reactor systems is somewhere between 100 and 400 
ft, as is illustrated in Fig. 2.1. 

The flow rate required of primary coolant pumps in pressurized-water 
and boiling-water reactor systems is dictated by the heat transfer require-
ments of the steam generators. Although shaft-sealed pumps have been 
built for some relatively low-capacity applications, the large-capacity 
(10,000 to 100,000 gpm and above) applications are of primary interest 
here. However, the relative magnitude of the design flow does not nec-
essarily approximate the relative magnitude of the design head of the 
various pumps listed in Table 2.1 and illustrated in Fig. 2.1. This sug-
gests that in designing the associated steam generators with certain heat 
transfer requirements, the possible head and flow combinations bear an 
approximate inverse relationship. That is, a certain amount of heat 
transfer is accomplished by either a larger number of smaller heat trans-
fer tubes (higher friction head) and less flow or by the opposite condi-
tions. This is an oversimplification, but the point being emphasized is 
that the flow and head of the pump and the design parameters of the steam 
generators are all interrelated. 

The nature of head-capacity curves can have considerable influence 
on the start-up procedures used for centrifugal pumps. For instance, the 
interrelation of head, flow, and efficiency (for constant speed) for an 
axial-flow type of high specific-speed pump is such that the power 
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required by the pump becomes considerably higher than design-point power 
as the pump flow is throttled to shutoff. Therefore, this type of pump 
must be started against an open discharge because operation at shutoff 
flow would overload the motor. Conversely, low specific-speed pumps 
have a constant-speed power characteristic which increases as open-system 
discharge is approached. Therefore, low specific-speed pumps must be 
started against a closed discharge. The power required to drive medium-
range specific-speed pumps is fairly constant over the entire operating 
range, and these pumps can therefore be run at any point on the head-
capacity curve without overloading the motor. The majority of the pumps 
used for reactor cooling are medium-range specific-speed (between 2000 
and 5000) units, and this is favorable from the standpoint of having max-
imum flexibility for start-up procedures and off-peak operation. 

2.1.2 Pump Stability 

When a centrifugal pump is to be purchased, the subject of pump sta-
bility should be critically reviewed with the manufacturer. Many unfore-
seen operational difficulties can be caused by pump instability during 
start-up, transient, and even normal operating conditions. Distinction 
must therefore be made between instabilities resulting from parallel oper-
ation, hydraulic characteristics, sad dynamic characteristics. 

In most large nuclear reactor installations, the primary coolant 
pumps are operated in parallel. Even though there may be only one pump 
in each loop, the loops actually operate in parallel. Therefore, when 
the suitability of a reactor coolant pump is evaluated, the problems 
associated with parallel pump operation must be considered. The charac-
teristics of a parallel pumping circuit with three identical pumps are 
illustrated in Fig. 2.2. Since the pumps in a reactor cooling system 
work predominantly against a pipe friction head, the curve for the system 
head will be strongly dependent upon flow (H a Q2). The steady-state 
operating points illustrated in Fig. 2.2 correspond to the intersection 
of the pump and the system head-capacity curves. As illustrated, a basic 
result of parallel pumping against a pipe friction head is that increasing 
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Q 
Fig. 2.2. Characteristics of a Parallel Pumping Circuit With Three 

Identical Pumps. 

the number of like pumps causes a less-than-proportionate increase in 
flow. 

To insure stable pumping over the entire range of operation, the 
characteristics of a pump should be such that an increase in head always 
produces a decrease in flow. This is frequently referred to as a rising 
head-capacity characteristic. The head-flow characteristic curves for 
pumps used in parallel operation should constantly rise toward shutoff, 
and these curves should also be similar enough to assure that the pumps 
will operate at the same point and divide the load evenly. A situation 
in which two pumps operating in parallel in the same loop are loaded 
unequally because of different head-flow characteristics is illustrated 
in Fig. 2.3. Both pumps are required *-.o produce the same head, but the 
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Fig. 2.3. Unequal Loading of Two Pumps Operated in Parallel Result-
ing From Different Head-Flow Characteristics. 

second pump has a higher capacity than the first at the operating point. 
Since the power is proportional to the product of the head and the flow, 
the power required for the second pump is greater. The effect of differ-
ent head-flow characteristics may not be as pronounced if the pumps are 
operated in different but parallel loops because the developed heads do 
not necessarily have to be equal. Since the system resistance in each 
loop increases with flow, the increase in capacity of the second pump is 
not as great as shown in Fig. 2.3 when the head is kept constant. 

The head-capacity curves should be constantly rising toward shutoff, 
as illustrated in Fig. 2.3, and these curves should not have any dips 
such as that illustrated in Fig. 2.4. Unless the system resistance char-
acteristics are such that the design operating point is well beyond the 
unstable range (points A, B, and C in Fig. 2.4), head-capacity swings can 
occur when two pumps are operated in parallel at point C. If the design 
point is near B, instabilities can occur with only one pump in operation. 
Fluctuations along the head-capacity curve are followed by fluctuations 
in power and speed that can cause severe vibration problems* 
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Fig. 2.4. Unstable Head-Capacity Characteristic Curve. 

Primary reactor coolant pumps are required to be designed free of 
mechanical and hydraulic instabilities. These instability problems 
involve complex interactions between the hydraulic, geometric, and mechan-
ical features of the pumps. In order to design vibration-free stable 
circulating pumps, consideration must be given to such hydraulic and 
dynamic mechanisms as 
1. seal instability; 
2. water hammer resulting from sudden changes in flow rates; 
3. rotating stall in the impeller; 
4. stall in the diffuser and guide channels; 
5. secondary flows in and around the impeller; 
6. cavitation induced by lowering of the net positive suction head by 

outside causes, by loss of the net positive suction head resulting 
from an increase in speed, or by the flow incidence angle; 

7. hydraulic surging resulting from drooping head-capacity character-
istics; 

8. non-synchronous rotor dynamic action resulting in dynamic instability; 
9. synchronous responses resulting from dynamic imbalance of the rotor;, 

and 
10. instability of control devices. 
All of these mechanisms contribute to pump instability. The first seven 
contribute mainly to vibrations observed during lowered net positive 
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suction head conditions and during transient part-load operation. The 
last three mechanisms are partially independent of flow and available net 
positive suction head conditions but are strongly dependent on the varia-
tion of speed. The mechanisms responsible for cavitation damage are a 
high flow incidence angle and a lowered cavitation number in the transi-
tion zone. 

To perform a truly complete stability analysis of a reactor coolant 
pump, the overall nuclear power cycle involved must be considered and the 
pump must be treated as being located in a closed loop, both physically 
and analytically. The pump manufacturer may not be responsible for ana-
lyzing system stability, but he should be made aware of the stability 
problem areas in which the pump could have significant influence. The 
pump manufacturer should be required to furnish all the necessary techni-
cal data needed to include the influence of pump characteristics in an 
analysis of system stability. Such technical data might include speed-
torque relationships, rotor WR2, appropriate pipe lengths, impe'ller-
diffuser area ratios, and in questionable cases the velocity magnitudes 
throughout the hydraulic channels of the pump to prove smooth flow tran-
sition from one section to another. Abrupt velocity changes, unfavorable 
diffusion angles (maximum cone angle = 8.5°), and out-of-standard gaps 
between the impeller and diffuser may be responsible for pump instability. 
Geometric factors can be responsible for flow-rinduced vibration, cavita-
tion, and dynamic instability of centrifugal pumps- Operational instabil-
ity areas in centrifugal pumps include inherent pressure pulsations in 
the impeller and hydraulic passages. The presence of these pressure pul-
sations has been greatly magnified by the recent trend toward high-output 
units, and a frequent result is fatigue failure of the impeller side 
plate or diffuser tongue. 

2.1.3 Reverse Flow Characteristics 

Reverse flow can occur in a reactor loop in which the pump or pumps 
are idle when at least one pump in another loop is operating unless there 
are provisions, such as check valves or loop isolation valves, to prevent 
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reverse flow- In pressurized-water reactor systems, reverse flow occurs 
during start-up because the pumps must be started in sequence. The first 
pump energized directs the reactor coolant in a positive direction in its 
loop, but this forward flow causer reverse flow in the other loops, as is 
illustrated in Fig. 2.5. 
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Fig. 2.5. Typical Flow Conditions in a Pressurized-Water Reactor 
Plant During Start-Up With One Pump Energized. 

The required torque for centrifugal pumps that have brake horsepower 
curves which are flat or decrease toward zero capacity does not exceed 
1007o of normal torque for any starting method or system characteristic as 
long as there is no reverse flow. However, if there is a negative head 
and if there is no provision for the prevention of backflow through the 
pump, the opposing torque may exceed the normal torque during start-up. 
Typical pump and motor torque versus speed curves from full reverse to 
100% forward speed with reverse flow through the pump are illustrated in 
Fig. 2.6. Although a standard electric motor will be able to accelerate 
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Fig. 2.6. Motor and Pump Torque Versus Speed With Reverse Flow 
Through the Pump. 

a pump that is spinning backwards, the starting time and starting current 
may increase sufficiently to cause excessive heating of the motor. At a 
reduced voltage (907o for example), the electric motor may not be able to 
attain full speed because it cannot develop the required torque. If 
reverse rotation is prevented by mechanical means, such as an anto-reverse 
ratchet, the torque-speed curve is not changed from zero speed to full 
positive speed, but the starting current is reduced, the time required to 
reach full speed is reduced, and the starting voltage is less critical 
since the peak torque is not required. Therefore, anti-reverse rotation 
mechanisms are employed in most reactor coolant pumps used in pressurized-
water reactor systems. 
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To determine the reverse flow characteristics of a pump, the 
relationships between the flow, head, speed, and torque, including the 
negative values of torque and speed, must be obtained from experimental 
results on either scale models or full-size units. To illustrate these 
four variables in one chart, two quantities are plotted as independent 
coordinates and the other two are plotted as dependent parameters. This 
is illustrated in Fig. 2.7, in which speed and flow are plotted as the 
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independent variables and head and torque are plotted as the dependent 
parameters. The lines along which the speed, head, flow, and torque are 
zero and those along which these variables are 100% of the design condi-
tions are shown in Fig. 2.7. Note that the 100% lines all meet at the 
design point (point number 3). Point number 1 represents the condition 
in which a pump with no anti-reverse rotation mechanism is acting as a 
runaway turbine. If the pump is allowed to rotate in reverse, the motor 
must start the pump from this point. If an anti-reverse rotation mecha-
nism is used, the motor will start accelerating the pump from point number 
2. Although the starting torque requirements are higher at point 2 than 
at point 1, the required peak torque is reduced and the motor does not 
have to operate as a brake. 

To analyze operational problems under non-constanc-speed conditions, 
such as a loss of electric power or during start-up, knowledge of what is 
commonly referred to as "complete pump characteristics" is needed. These 
characteristics are also required for an analysis of a number of transient 
phenomena that accompany variable-speed operation. The pump characteris-
tics are plotted to show essentially all of the possible combinations of 
speed, head, flow, and torque for a pump, and the characteristic data 
plotted should be obtained from tests of a homologous model of the pump 
since they are not theoretically predictable for a new pump design. A 
typical plot of pump characteristics is illustrated in Fig. 2.8. 

When applying information such as is illustrated in Fig. 2.8 to 
primary reactor coolant pumps, only that portion of the curves for posi-
tive rotation is of concern because a mechanical means is employed on 
these pumps to prevent reverse rotation if power is lost to the motor and 
the pumps act as turbines. Probably the most important information 
obtained from the pump characteristic curves is the required starting 
torque for a pump that is not rotating but is experiencing backflow 
because of the positive head produced by other pumps operated in parallel 
with it. For example, consider the pump described by the characteristic 
curves illustrated in Fig. 2.8. Suppose this pump has an anti-reverse 
rotation device and that power is lost to the motor. At some point in 
time between the time at which power is lost and the time at which the 
rotor comes to rest, the flow through the impeller will reverse its 
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Fig. 2.8. Complete Pump Characteristics of a Mixed-Flow Pump With a 
Specific Speed of 7500 (from Ref. 1). 
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direction. Assuming that 100% of normal head is then being produced by 
the other pumps, the quantity of backflow will stabilize at about 65% of 
normal design forward flow. This is obtained from the chart by following 
the 1007o head curve until it intersects the flow axis (zero speed). At 
this point, the hydraulic torque (broken lines in Fig. 2.8) is about 957» 
of that at normal operation. Such a large torque must be considered when 
the maximum possible motor starting torque is determined. Complete pump 
characteristic curves are also required to accurately predict the coast-
down time for the rotor in the case of a loss of power to the motor. 

2.1-4 Avoidance of Cavitation 

During operation of a centrifugal pump, the average pressure at the 
pump inlet must be high enough to prohibit a significant degree of fluid 
vaporization and the consequent cavitation. The minimum required net 
positive suction head (NPSH) is a measure of the minimum energy per pound 
of flui-i (above the energy of vapor pressure.) required to suppress the 
vaporization-cavitafcion phenomenon. The NPSH made available to the pump 
inlet must therefore be greater than the minimum required NPSH. The min-
imum requirad NPSH is a quantity which varies approximately as the square 
of the flow (NPSH « Q 2 ) for a given pump and constant speed. The NPSH to 
be made available at the pump suet if a is usually based on the requirement 
at design-point flow operatic si*™ significantly larger flows are not 
likely in view of the pipe-frici-icm system head cur'^e. Because of the 
high system pressures in primary toolant pumps used ia pressurized-water 
reactor systems, cavitation is nr - /̂ily not a problem. 

Cavitation of coolant pumps in boiling-water reactor systems is pos-
sible if subcooKng is lost. In a boiling-water reactor, boiling takes 
place in the reactor vessel, and the only subcooling comes from the cold 
feedwater supply. Therefore, subcooling may be lost if the supply of 
feedwater is stopped for any reason. A loss of subcooling causes a reduc-
tion in the NPSH available because the increase in the water temperature 
results in an increase in the vapor pressure of the fluid. To maximize 
the amount of NPSH available at all times, the coolant circulating pumps 
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in boiling-water reactor systems are usually located in the lower parts 
of the containment vessel, thereby increasing the static head and the 
available NPSH. 

Normally, the circumstances surrounding a loss of subcooling in a 
boiling-water reactor system would not exist over an extended period of 
time. Cavitation erosion damage would therefore not be significant since 
such erosion is a relatively gradual process that becomes serious only 
when a pump cavitates for extended periods of time. If severe cavitation 
is allowed to occur (by long operation at insufficient NPSH), the result-
ing damage usually occurs only in the pump impeller and is not a threat 
to the structural integrity of the casing. Generally, the NPSH require-
ments for start-up are not critical because virtually all recirculating 
pumps in boiling-water reactor systems have variable-speed drive systems 
which permit the pumps to be started at slow speeds. 

Although damage from cavitation is not immediate, a reduction in 
pump performance is immediate. Hydraulic efficiency is reduced by the 
presence of cavitation, and the greater the degree of cavitation (the 
greater the lack of NPSH), the greater is the reduction in efficiency. 
The net result is that less flow will be pumped through the steam gener-
ators while severe cavitation occurs. A drastic reduction in pump deliv-
ery might have undesirable consequences because of the disturbance of 
heat and flow balances in the system. A plot of pump capacity versus 
NPSH is illustrated in Fig. 2.9. The minimum value of required NPSH is 
indicated at the "knee" of the curve where the onset of cavitation causes 
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Fig. 2.9. Determination of Minimum Required Net Positive Suction Head. 
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the capacity to fall off drastically. Typically, the point at which the 
onset of cavitation occurs is uefined as the point where the capacity is 
98% of normal. 

There is no simple analytical method that can be used to predict the 
onset of cavitation in pumps with high specific speeds. The minimum NPSH 
requirements for chese pumps should therefore be established during model 
testing and verified during full scale testing of the lead production 
unit. It should be pointed out that the minimum NPSH determined during 
model testing is not directly applicable to the full-scale pump because 
the size and configuration of the suction nozzle and piping affect the 
minimum NPSH required for a given pump. One method of applying the min-
imum NPSH data obtained during model testing to the full-scale pump is to 
use the cavitation coefficient known as Thoma's constant. This constant, 
which is determined experimentally during model testing, is the ratio of 
the NPSH and the total dynamic head. Defined mathematically, Thoma's 
constant 

NPSH Ha + hs " hv " \ a = _ _ = ( 2 # 1 ) 

where 
NPSH = net positive suction head, ft, 

H = total dynamic head, ft, 
H = absolute fluid pressure, ft, 
h s = static head in loop above pump impeller datum line, ft, 
h v = vapor pressure at. prevailing water temperature, ft, and 
h 1 = head loss in suction pipe and impeller, ft. 

Equation 2.1 shows that for a given total dynamic head, a smaller 
cavitation factor will result in a lower value of NPSH. The pump effi-
ciency and the factors which make up the cavitation constant are measured 
for various conditions during model testing. The cavitation factor is 
calculated for the various test conditions, and pump efficiency is then 
plotted as a function of the cavitation factor. This results in a curve 
similar to that illustrated in Fig. 2.9. The cavitation factor at which 
cavitation occurs can then be used to predict minimum NPSH requirements 
for the full-scale pump in its expected installation. 
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The predicted minimum NPSH should be verified during testing of the 
full-scale pump by one of the methods outlined in the Centrifugal Pump 
Test Section of the Hydraulic Institute Standards or the ASME Centrifugal 
Pump Power Test Code. These methods include running the pump at (1) 
constant capacity, speed, and temperature and varying the suction pres-
sure or at (2) constant speed, temperature, and suction pressure and 
varying the capacity. In both of these methods, the minimum required 
NPSH is the point at which the total dynamic head drops significantly. 

In some pump designs, particularly those incorporating a controlled 
leakage shaft seal system, the minimum pressure is set by the pressure 
requirements of the shaft seal system rather than by the pump NPSH require-
ments. For example, such a seal system may require a system pressure of 
300 psi for proper operation. In those instances where a minimum pres-
sure is required for operation of the shaft seal system, the amount of 
NPSH available below this pressure is of secondary importance. 

The minimum NPSH requirements should be analyzed for start-up condi-
tions, abnormal conditions, and normal operating conditions to determine 
the minimum value of available suction pressure or value of required NPSH 
to be listed in the specification for a particular pump. 

2.1.5 Rotating Inertia 

An unusually high rotating inertia (WR2) is an inherent feature of 
primary coolant pumps. This extra inertia is provided by the large fly-
whojl incorporated in the pump motor, and it ,'s provided to extend the 
coast-down time of the pump upon loss of power. This rotating inertia 
is but one of the interrelated system parameters which are optimized to 
minimize the severity of a loss of power. Based on. the assumption that 
power is simultaneously lost to all reactor coolant pumps, typical flow 
coast-down curves for these pumps are illustrated in Fig. 2.10. However, 
the condition of sequential loss of flow may be even more severe in some 
plants than the condition illustrated here. Therefore, determination of 
the optimum rotating inertia should be based on the mode of power loss 
that will cause the most severe condition in a particular plant. 
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Fig. 2.10. Typical Flow Coast-Down Curves for Reactor Coolant Pumps. 

As can be seen in Fig. 2.10, there is a time delay between the 
instant at which the pumps experienced the initial loss of power and the 
instant at which the actual reduction in power generation began. Since 
the flow decreases while the core power remains constant, the flow margin 
is reduced until the instant at which the reduc MI power generation 
begins. There must be enough inertia in the reactoi coolant system to 
keep the flow rate high enough to maintain a flow mai^iu above the mini-
mum allowable value. As illustrated in Fig, '.10, < i . i, ^ ; in r j v. ' 
required for pumps with high rotating inertias, ultiJe ' ! 

gin of AC is required for pumps with low rotp.ti nf i 
The accurate prediction of flow as a funcLii.a ol I lua- duilii) I low 

transients is very important. To check tii<> a. . u ><«,• n«-il i I . i |>ii • 
dictions, an analytical model of the four primar ! >w loops! (A, B, C, 
and D) in the Shippingport, Pennsylvania, pressur' -.ed~wator reacLoi plant 
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was developed and programmed for a digital computer. Actual tests 
simulating sequential loss-of-flow accidents were made, and the computed 
predictions for flow coast-down are compared with actual measurements in 
Figs. 2.11 and 2.12. Details of the equations and testing methods used 
were reported by Fuls.2 

ETR5-14 

2 3 4 3 • 
THE AFTER INITIAL PUMP SHUTDOWN, SEC. 

Fig. 2.11. Computed and Actual Flow Coast-Down for Sequential Loss 
of Flow in Loops BCD-BC-Q With a Two-Second Delay (from Ref. 2). 
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Fig. 2.12. Computed and Actual Flow Coast-Down for Sequential Loss 
of Flow in Loops BCD-BC-0 With a Three-Second Delay (from Ref. 2). 
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2.1.6 Temperature Ranges 

The design and operating temperature ranges of primary coolant pumps 
must be given in the pump specification. A typical operating temperature 
for the reactor coolant is 550°F. For this operating temperature, the 
design temperature for the parts of the pump assembly exposed to the 
reactor coolant is 650°F. The design temperature for the pump components 
above the thermal barrier that are exposed to injection water is 300°F. 
The allowable heating and cooling rates for the pump parts exposed to the 
high-temperature coolant are a maximum of 100°F/hr. The ambient tempera-
ture is usually taken as 120°F. Under normal conditions, the maximum 
inlet temperature of the component cooling water is 100°F. When the pump 
is operated with a reactor coolant temperature of 400°F or above, the tem-
perature rise of the motor must be in accordance with Section MG 1-20.40-
1963 of the NEMA Standards. Stator winding requirements and details are 
discussed in Section 7 of this document. 

2.1.7 Lay Up and Hot Standby 

The pump assembly must be capable of standing idle in a partially 
filled system without requiring any special procedures to prevent an 
diverse condition that could cause malfunction. Free oxygen and moisture 
may be in contact with all pump surfaces normally exposed to reactor cool-
ant or component cooling water. 

The pump assembly must be capable of standing idle with the coolant 
at operating conditions in the pump casing for an indefinite period of 
time without suffering damage. Injection water and cooling water would 
be supplied to the pump during this period. 

2.2 Motor Drive Requirements 

The torque produced by the electric motor, as a function of speed, 
must be great enough to accelerate the pump rotor from zero speed to 
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design speed under all conditions, such as backflow or at 70%, of rated 
voltage, required by the pump specification. The requirements for an 
electric motor designed to drive a reactor coolant pump are discussed in 
detail in Section 7• This discussion covers the 
1. technical evaluation of a selected electric motor; 
2. selection of a single-, multiple-, or variable-speed motor; and 
3. procedures for evaluating the performance of an electric motor. 

2.3 Transient and Emergency Load Conditions 

The primary coolant pump must be designed to sustain any mechanical 
or hydraulic transients that may occur either 3 prescribed or emergency 
conditions. In addition to the normal operating conditions, the changes 
in pressure, temperature, and flow that are expected to occur during all 
significant normal and abnormal transient conditions should be included 
in the pump specification. The number of anticipated transients of each 
type should also be specified. The number of cycles of each transient 
should be based on previous experience with similar plants and the antic-
ipated modes of plant operation. The inclusion of this information will 
inform the pump vendor of all of the conditions under which the pump is 
expected to operate and will enable him to make fatigue analyses in 
accordance with Section III of the ASME Boiler and Pressure Vessel Code. 
A typical design forecast for the transient operation of a reactor cool-
ant pump is as follows. 

Number of Occurrences 
Transient Condition Anticipated 
Plant heat-up 150 
Plant cool-down 150 
Plant loading 11,000 
Plant unloading 11,000 
10% step load increase 1,500 
10% step load decrease 1,500 
Reactor scram from full power 300 
Loss of flow, one pump 60 
Loss of flow, two pumps 60 
Loss of power 60 
Steady-state fluctuation Infinite 
Complete loss of flow accident 5 
Rapid depressurization 60 
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The steady-state fluctuation may be stipulated as an increase and 
decrease in the reactor coolant temperature of a maximum of 6°F in one 
minute. The corresponding reactor coolant pressure variation may be 
stipulated as less than 100 psi. It is usually assumed that an infinite 
number of steady-state fluctuations that do not exceed approximately 
+ 6°F and + 100 psi will occur. 

In addition to the loads imposed by mechanical and hydraulic tran-
sients, controlled-leakage reactor coolant pumps must be designed to 
withstand seismic loads which may be produced by a range of earthquake 
intensities. The stresses in the pumps resulting from these seismic 
loads and from coincident mechanical and operational loadings must be 
evaluated. Therefore, the anticipated loading combinations should be set 
forth in the pump specification. For example, it may be stated that the 
reactor coolant pumps must be designed to withstand seismic loading in 
the horizontal and vertical directions resulting from an o^rating-basis 
earthquake such that the sum of the primary and secondary stresses result-
ing from ncn-seismic loading and the seismic stresses shall be limited to 
0.9 times the yield stress of the pump materials. It may further be 
stated that the pump assemblies must also withstand seismic loading in 
the horizontal and vertical directions resulting from a design-basis 
earthquake. Under these conditions, there must be no catastrophic fail-
ure of the pumps. Yielding is permissible but the pumps must remain 
operable. 

2.3.1 Reactor Scram From Full Power 

Some pressurized-water reactor plants are designed to continue oper-
ating even after the loss of one or more (but not all) reactor coolant 
pumps if the power level of the plant prior to the loss of a pump is such 
that the plant can continue to operate without any detrimental effects. 
If the power level is so high that thera is not enough flow margin after 
the loss of a pump, the reactor will scram. The actual power level that 
can be tolerated after a loss of a pump varies with each plant. Some 
examples roughly typical ci: a reactor coolant system with four pumps are 
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1. if the power level is above 75%, the reactor will scram if one pump 
is lost; 

2. if the power level is between 50 and 75% of full power, the reactor 
will continue to operate with the loss of one pump but will scram 
with the loss of the second pump; 

3. if the power level is between 25 and 50%, the reactor will continue 
to operate with the loss of two pumps but will scram with the loss of 
the third pump; and 

4. if the power level is below 25%, the reactor will continue to oper-
ate with the loss of three pumps but will scram if the fourth pump 
is lost. 

2.3.2 Loss of Pumping Power 

The controlled-leakage pump assembly must be capable of sustaining 
a total loss of electrical power to the plant without detrimental effects. 
During such a total power failure, there would be no means for operating 
the pump assembly or its auxiliary support systems. Typical examples of 
the conditions that should be assumed to exist at the time of power fail-
ure are that 
1. the reactor coolant system is at normal operating temperature and 

pressure; 
2. there is a loss of both injection water and cooling water and that 

either the cooling water or the injection water or both would be 
restarted within one minute after the loss; 

3. the only operation of the pump would be the coast-down upon loss of 
power; and 

4. the leakage was being controlled by the pressure breakdown bushing 
prior to the loss of power, and that within 3 seconds after the loss 
of injection flow, the valve in the drain line between the controlled 
leakage seal and the secondary seal closes, thereby putting full dif-
ferential pressure, across the secondary seal. 
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3.2*3 Loss of Injection and Cooling Water 

The pump assembly must be capable of continuous operation in the 
event of a loss of either injection water flow or component cooling water 
flow, assuming that the supply of the other auxiliary system continues 
uninterrupted. Further, the pump assembly must be capable of operating 
without detrimental effects for a specified interval of time in the event 
of a loss of both the injection water and the component cooling water. 
In the event that both the injection and the cooling water are lost, the 
pump must be shut off after the specified interval of time has lapsed. 
However, when the pump is idle, the sealing system must afford protec-
tion for the unit. The loss of injection fluid must automatically close 
the inlet and outlet valves on the injection system and the seal system 
will be isolated. The face type of mechanical seal will close off the 
escape of primary fluid into the atmosphere. To restart the unit, the 
flow of cooling and injection water must be reestablished and circulated 
until the normal temperature equilibrium is attained. 

If seal injection wafcer is used in the seal system in addition to 
cooling water, the systere should be capable of continuous operation with-
out either injection water or cooling water. Provisions should be 
included to protect the seals and bearings from thermal damage in the 
event that both are lost. One way to accomplish this is to provide an 
emergency limited-capacity cooling system which would operate even when 
there is a complete loss of electrical power to the plant. 

2»3*4 loss of NPSH, Feedwfeter, or Pressure 

Each reactor coolant circulating pump must be capable of operating 
for intervals of at least 30 minutes without mechanical damage if cavita-
tion occurs because of a temporary reduction in NPSH. The speed of the 
pump should be reduced under these circumstances, and if necessary, the 
pumps should be turned off if normal conditions cannot be restored with-
in 30 minutes. 



33°. 

During normal operation, the available NPSH is usually not at a 
minimum. Any abnormal condition, such as a turbine trip or loss of feed-
water to the steam generator, that increases the temperature of the reac-
tor coolant tends to reduce the available NPSH. Therefore, all transient 
and abnormal conditions during which the temperature in the cold leg is 
increased above the normal operating point must be analyzed to assure 
that the available NPSH is above the minimum listed in the specification. 

As discussed in Subsection 2.1.4, cavitation of primary coolant 
pumps in boiling-water reactor systems is possible if subcooling is lost 
as a result of a loss of feedwater. It is not likely that such a circum-
stance would exist for an extended period of time, and damage from cavi-
tation erosion would not be significant unless the pumps were operated 
over extended periods at insufficient NPSH. 

Each pump assembly must be capable of withstanding a continuous 
reverse flow without any detrimental effects. The pump assembly must not 
be damaged by water hammer pressure surges acting on the pump at the noz-
zles. The minimum suction nozzle pressure with which the pump assembly 
is to be capable of operating must be specified. 

2.4 Water Chemistry 

The water chemistry of the reactor coolant during both norr.;ai -tid 
abnormal operating conditions should be given in the pump specification 
to assure that any materials which might be adversely affected by water 
chemistry will not be used in the reactor coolant pumps. Changes in the 
chemistry of the cooling wafer are dependent upon the operating condition 
of the reactor. For example, the watet chemistry during normal plant 
operation is different from that during an extended lay-up or during ar. 
emergency shut-down condition. Although the chemsitry varies to some 
degree, the coolant is principally demineralized water with a number of 
additives included to perform certain functions. 

The normal water chemistry for a typical pressurized-water reactor 
plant is given in Table 2.2. When a reactor core is new, it has excessive 
reactivity and boric acid is injected in the reactor coolant to act as a 
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Table 2.2* fforrnal Water Chemistry for 
Water Reactor Plant 

a Typical Pressurized-

Specii'ic resist5vity prior to additives 
Total solids other than additives 
pH at 576°F 
Hydrogen, normal operation 
Halogens 
Dissolved oxygen, normal operation 

Boric acid, 
plant cold 
plant hot 

Additives (LiOH, KOHv or NH40H) 
Lead (Pb**) 

> 1.0 mf;/cm 
< 2 ppm 

5,5 tQ IQ.5 
15 to 35 cm3(STP)/kg 

< 0.25 ppm 
< 0.25 ppm except dur-

ing cold shut-down 

< 15,000 ppm 
< 12,000 ppin 

< 25 ppm 
0.0 

Based on Baltimore Gas and Electric Calvert Cliffs Prelim-
inary Safety .Analysis Report. 

neutron poison to reduce the effective reactivity. The reactivity of the 
core is reduced as the fuel is depleted, and the boric acid content is 
lowered correspondingly to maintain the desired flux level. Basic addi-
tives, such as potassium hydroxide (KOH), are added to control the pH 
level. The halogen (chloride) content is kept below 0.25 ppm under all 
operating conditions to prevent corrosion attack of the austsnitic stain-
less steel in contact with the reactor coolant. This is of particular 
importance if the stainless steel has been sensitized because the pres-
ence of chlorides can cause intergranular stress corrosion cracking. It 
is also very important that all traces of lead be kept out, particularly 
if there is any Inconel in the reactor coolant system, since even small 
traces of lead in the presence of oxygen can attack the grain boundaries 
of Xnconel and cause cracking. The oxygen content is kept as low as pos-
sible to reduce the possibility of corrosion. 

During refueling or extended lay-up periods, the wat^*- chemistry is 
somewhat different from that during normal operation. The oxygen content 
is quite high because some of the reactor coolant is exposed to the atmos-
phere and will tend to absorb oxygen, the hydrogen content is much lower 
because the system is not pressurized, and the neutron poison is kept at 
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a higher level than during normal operation to prevent the possibility 
of a reactivity accident. Large quantities of neutron poison may also 
be injected into tn.e reactor coolant system during an emergency shut-down. 
The addition of decontamination solutions to the reactor coolant may 
occasionally be required prior to maintenance operations to reduce the 
radioactive contamination level of components in the reactor coolant 
system* 

The normal and abnormal water chemistries for which a particular 
pump assembly is to be designed to operate (main coolant, cooling water, 
and injection water) must be described in the pump specification. A 
description of the transient abnormal water chemistry for decontamination 
solutions, etc., must also be included in the specification when applica-
ble » This information can be presented in the specification in a number 
of ways- Separate tables, similar to Table 2.2, can be included for each 
condition, or one table can be presented and the changes in water chemis-
try anticipated for the various abnormal conditions can be explained in 
footnotes to the table. The information given should include such factors 
as the 
1« specific resistivity prior to pH additives, 
2* hydrogen content, 
3. dissolved oxygen content, 
4. chloride and fluorides, 
5. soluble neutron poison (if used), 
6. carbon dioxide, 
7. total solids, and 
8. corrosion inhibitor. 

2.5 General Service Requirements 

Information related to the general service requirements for the 
controlled-leakage primary reactor coolant pump being procured must be 
given in the pump specification. This information should include the 
design life of the pump, leakage control criteria, the anticipated 
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radiation levels to which the pump will be exposed, corrosion resistance 
requirements, structural requirements, and safety considerations. 

2.5.1 Pump Design Life 

The design life of the controlled-leakage primary reactor coolant 
pump is generally specified as 30 years. This design life is exclusive 
of shaft seals and breakdown bushings and bearings. The design life 
criteria set forth in the pump specification should include the 
1. total number of start-stop cycles, 
2. total number of hours of required operation at a coolant specific 

gravity of 1.0 and the speed at which the pump assembly is to be 
operated, and 

3. number of hours of continuous operation required at a coolant specific 
gravity of 1.0. 

For example, the pump should be capable of operating for a total of 8000 
hours over the design life of the assembly with a reactor coolant specific 
gravity of 1.0. Within this total time of 8000 hours, the pump assembly 
must be capable of continuous operation for periods ranging from 0 to 
2400 hours, with 40-hour periods of operation occurring five times per 
year. 

The minimum design life objective for the controlled leakage seal is 
20,000 hours of operation. The minimum design life objectives for the 
secondary seal and the third seal are also 20,000 hours of operation. 
The minimum design life objective of the pressure breakdown bushing is 
100,000 hours of operation. The design life of the oil-lubricated bear-
ings must be 100,000 hours of operation. The minimum design life of the 
water-lubricated pump bearing is 40,000 hours. 

i 
2.5.2 Leakage Control Criteria 

A shaft-sealed pump must be provided with a controlled-leakage seal 
to limit the leakage of primary coolant along the pump shaft. As a 
design goal, the leakage across the controlled-leakage seal with or 

I 
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without the pump running should not exceed 2 gpm when operated at normal 
system pressure (Ap ~ 2200 psi). The first back-up seal (usually a rub-
bing face type) should pass about 2 gal/hr for a Ap ~ 50 psi and be able 
to take the full pressure drop of 2200 psi if the primary seal should 
fail. The third seal permits the passage of the amount of primary cool-
ant that is allowed to reach the surroundings; that is, 100 cm3/hr for a 
Ap ~ 6 psi. Modifications of this typical sealing arrangement are used, 
but the leakage control requirements are the same. 

2.5.3 Radiation LeveLs 

The radiation levels to which the primary reactor coolant pump will 
be exposed should be given in the pump specification. When in operation, 
the coolant pumps and motors will be subjected to a radiation level of 
approximately 50 r/hr. This is a typical value, and it may be exceeded 
in some plants. 

2.5.4 Corrosion Resistance 

The normal operating water chemistries for which the pump is expected 
to operate satisfactorily must be specified, as discussed in Subsection 
2.4. Water chemistries for secondary cycles, such as for low-pressure 
component cooling, will depend on what is available at a specific plant 
and should also be defined in the pump specification. 

In general, metals highly alloyed with chromium have proved satis-
factory against direct corrosive attack of high-purity water. Electro-
lytic corrosion caused by dissimilar metals immersed in an electrolyte 
must also be guarded against. Materials which singly demonstrate ade-
quate corrosion resistance may be unsuitable in combination because of 
electrolytic action. For example, carbon is a common material used in 
face seals. However, carbon is known to be noble to all nickel and 
chromium alloys, and over long periods of time, electrolytic corrosion 
of the mating surface of the carbon seal would occur. It is therefore 
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important that electrolytic corrosion be considered when evaluating 
material combinations to be used in pumps. 

2.5.5 Structural Requirements 

The pump manufacturer must show proof that the structural design of 
the pump casing, pressure housing, closure flanges, and bolting is in 
accordance with Section III of the ASME Boiler and Pressure Vessel Code. 
The effects of seismic loading on the pump must be superimposed on 
stresses from all other expected sources in the required stress analysis, 
and this also includes the pump support attachments. 

2.5.6 Safety Considerations 

The main safety consideration is the reliability of the pump assem-
bly to contain the primary coolant under any normal or emergency situa-
tion. Assurance of this reliability is possible only through complete 
and adequate design for the overall pump assembly. Such aspects as 
structural integrity and effectiveness of seal assemblies under all con-
ditions are of obvious importance. Other items such as piping arrange-
ments and proper shielding are also important. 

Other safety considerations include such features as the attachments 
provided to lift major subassemblies. These lifting attachments must be 
designed so that failure of any one attachment will not cause excessive 
motion of the subassembly or endanger personnel. 

2.6 Specification References 

The references provided herein are applicable to the design, fabrica-
tion, inspection, testing, and cleaning of all equipment considered to be 
a part of shaft-sealed primary reactor coolant pumps. Conflicts between 
references and information contained in the pump specification must be 
clarified by the purchaser prior to any action by the pump vendor. 
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ASME Boiler and Pressure Vessel Code, Section III, Nuclear Power Plant 
Components, 1971 with Addenda. 

ASME Boiler and Pressure Vessel Code, Section IX, Welding Qualifications, 
1971 and Addenda. 

ASME Boiler and Pressure Vessel Code, Section XI, Inservice Inspection of 
Nuclear Reactor Coolant Systems, 1971 and Addenda. 

ASME PTC 8.2, Performance Test Code for Centrifugal Pumps, 1965 with 
Addenda. 

ANSI B16.5, Steel Pipe Flanges and Flanged Fittings, 1968. 
ANSI B46.1, Surface Texture, 1962. 
ASTM Annual Standards, Parts 1 through 4, Steel: Part 7, Nonferrous 

Metals and Alloys; Part 28, Rubber, Carbon Black, Gaskets; Part 29, 
Electrical Insulating Materials; and Part 31, Metals, Tests; 1971. 

Handbook H-28, Screw Thread Standards for Federal Service. 
NEMA Standards Publication MG 1-1967, Motors and Generators, National 

Electrical Manufacturers Association. 
RDT F5-1T, Cleaning and Cleanliness Requirements for Nuclear Reactor 

Components, 1969. 
RDT F7-2T, Requirements for Identification Marking of Packing and Marking 

of Components for Shipment and Storage, 1969. 
RDT F8-1T, Preloading Threaded Fasteners and Closures, 1969. 
RDT M6-2T, Mechanical Locking Devices, 1969-
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3. HYDRAULIC DESIGN 

The design for a shaft-sealed primary reactor coolant pump is begun 
with the impeller, and the pump stage technology related to impeller 
design is the essence of the discussion of hydraulic design presented 
herein. The impeller is the device that pumps the fluid, and impellers 
for reactor coolant pumps are usually of the mixed-flow type (combined 
axial and centrifugal flow). The specific speed can be between 2000 and 
5500, with the majority of the present applications being in the higher 
portion of this range. Pumping impellers are single suction and single 
stage. Wearing rings that seal between the pump inlet and outlet and 
between the discharge and shaft are associated with the impellers. The 
impeller is secured to the shaft by a locknut with a locking mechanism 
suitable for the prevention of loosening during operation. 

Existing analytical methods by themselves are insufficient to accu-
rately design an impeller configuration. The pump designer also relies 
heavily on proprietary information based on experience and the results 
of experimental testing. However, the available analytical techniques 
and information will permit good approximations and are therefore helpful 
in evaluating impeller configurations. There are a number of fundamental 
design concepts universally used by designers of pumps. The most impor-
tant of these, which are discussed herein, cover the 
1. impeller head, flow, and speed, 
2. impeller design procedures, 
3. graphical techniques for hydraulic stage layout, 
4. cavitation limits, and 
5. use of experimental test results. 
Detailed discussions of these and other less important factors are given 
in Refs. 3, 4, and 5. The discussion of these factors presented herein 
is in sufficient detail to permit a design evaluation. The significance 
of prior art in the development of high-efficiency pump impellers is 
pointed out, and'an example design of a circulating pump stage is also 
presented. When the impeller configuration has been established, the 
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casing for the impeller is designed. The types of casings in general use 
and their design factors are discussed herein. 

After the design for an individual shaft-sealed primary coolant pump 
impeller and casing have been evaluated, it must be recognized that it is 
necessary to operate two or more of these pumps in parallel to assure 
adequate flow of coolant to the reactor core. Therefore, the design of 
these pumps must be such to assure that their parallel operation will be 
stable over the entire range of possible operation. The pump system 
technology related to an evaluation of pumping stability in parallel oper-
ation is also discussed in this section. 

3.1 Impeller Head, Flow, and Speed 

The conditions of service (head, flow, and speed) must be known to 
evaluate the design of a pump impeller. TLe head and flow are the pump-
ing requirements, which are set by the requirements of the system, and 
they are set forth in the pump specification. The rotational speed of 
the pump must be selected to size the impeller. There may be a number of 
factors that affect the selection of speed, but in most cases the speed 
must be a synchronous speed and the resulting value of specific speed 
must be within the range which will yield acceptable efficiency. The 
specific speed is a dimensionless parameter whose value serves as an 
index to the relationship between the head, rotational speed, and flow 
or capacity for a particular pump. The expression used to determine the 
specific speed is as follows. 

H 3/ 4 

where 
N = operating specific speed, dimensionless, 

b 

N = rotational speed, rpm, 
Q = flow or capacity, gpm, and 
H = head, ft. 

A specific speed range chart is illustrated in Fig. 3.1. This chart can 
be used for rapid and accurate calculation of the specific speed when the 
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Fig. 3.1. Specific-Speed Range Chart. 
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flow or pump capacity (Q) , the head (H), and the rotational speed (N) are 
known. 

The rotational speed selected is the highest synchronous speed 
(minus about 3% motor slip) less than N m a x . The more general case of 
arbitrary speed selection is not considered here since most reactor cool-
ant pumps presently built or planned have direct-connected electric motor 
drives. The selection of synchronous speed (and therefore specific speed) 
is based on two main factors: machine size and hydraulic efficiency. As 
the selected speed is increased for a given head and flow, the requirea 
impeller diameter is decreased. This results in a smaller, less expen-
sive machir.e. However, the best efficiency value (efficiency at the 
design point) peaks at a value of specific speed between 2000 and 3000, 
as is shown in Fig. 3.2. Therefore, a value analysis must be performed 
to determine how high a specific speed can be used without having a loss 
in efficiency that will cost more than the additional cost of a larger 
machine with a lower speed. 

For example, if the pumping requirements are for a head of .>00 ft 
and a flow of 5000 gpm and a rotational speed of 1750 is assumed, the 
specific speed 

N = N(Q) 1 / 2
 = 1/50(5000)1/2

 = 1 7 1 ? ^ 
s H 3 / 4 (300)3/4 

From Fig. 3.2, at a flow of 5000 gpm and a specific speed of 1717, the 
chart efficiency is approximately equal to 88%. This is immediately seen 
as not being the optimum speed since the same efficiency can be achieved 
with a smaller unit with a higher speed. When a rotational speed of 
3500 rpm is assumed, the specific speed 

N = 3500*5000££ = 3 4 3 4 . 
S (300)3/4 

From Fig. 3.2, at a flow of 5000 gpm and a specific speed of 3434, the 
chart efficiency is approximately equal to 87«57o. The design speed is 
therefore set at 3500 rpm, which is based on a synchronous speed of 
3600 rpm minus a normal amount of motor slip. 



550 750 1000 2 0 0 0 3 0 0 0 4 0 0 0 5 0 0 0 6 0 0 0 
SPECIFIC SPEED (N S = N - o ' ^ / H 3 ^ ) 

Fig. 3.2. Chart Efficiency Versus Specific Speed as a Function of Pump Capacity. 
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After the rotational speed (and thereby the specific speed) of the 
reactor coolant pump has been selected, the designer will follow one of 
two design approaches to obtain the impeller configuration. Since impel-
lers of equal specific speed are essentially homologous, the needed 
impeller configuration can be scaled up or down from a previous impeller 
design of approximately the same specific speed by using dimensional 
analysis and flow similarity techniques. However, if an existing impel-
ler design for the required specific speed is not available, the designer 
will have to develop the size and shape of :he new impeller by using a 
fundamental approach m which certain experimentally determined design 
constants (dimensionless relations) are vsed to establish direct relation-
ships betwef i the impeller hydraulic design parameters and the desired 
performance characteristics. 

3.2 New Impeller Configuration t'rom Existing Design 

Dimensionless parameters which relate the pertinent physical quan-
tities of a given system can be obtained in a number of ways* The most 
general approach is referred to as Buckingham's Pi Theorem, and its use 

n 

is demonstrated by Stepanoff. However, a less sophisticated but more 
intuitive approach is to work directly with the dimensional parameters 
and a knowledge of their relative effects on the system, as demonstrated 
by Wislicenus.4 The intuitive approach is used in the following formula-
tions since it gives physical significance to the derivations without 
altering the results. 

In this case, the physical system happens to be a pump impeller and 
the immediate considerations are dynamic and kinematic similarity. The 
best way to start is to consider two homologous impellers (not necessar-
ily of the same size) and state the physical relations that exist between 
them for dynamic and kinematic similarity. These are the two requirements 
assumed simultaneously necessary for similar flow conditions at any two 
respective places in the two impellers. 

The specific speed, N = N(Q)1/2/H3/4 , (3.1) s 
is the most frequently used parameter of similar flow for centrifugal 
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pumps• A fixed value of the specific speed describes all operating 
conditions (N, Q, and H) Lhat can be satisfied by similar flow conditions 
in geometrically similar hydrodynamic turbomachines. However, specific 
speed means more than just a parameter of similar flow to pump designers. 
Specific speed is used as a type number when its constituent parts (N, 
Q, and H) are specified at the best efficiency point. This is the defi-
nition usually implied when the term "specific speed" is used. 

Once the specific speed is known, the approximate shape of the impel-
ler in question and the approximate relationships between head, flow, 
power, and efficiency are known, as is illustrated in Fig. 3.2 (page 44). 
This inseparable relationship between the geometry of the impeller and 
specific speed is demonstrated in the example impeller design. 

The use of dimensional analysis and flow similarity also has univer-
sal acceptance in relating cavitation limits of homologous turbomachines. 
Similar to the definition of specific speed, the general definition of 
"suction specific speed" states that similar flow in geometrically simi-
lar impeller inlets requires a fixed value of suction specific speed. 

J i M ^ L (3.2) 
(NPSH)3/4 

where 
S = suction specific speed, dimensionless, s 
N = rotational speed, rpm, 
Q = flow or capacity, gpm, and 

NPSH = net positive suction head, ft. 
In other words, if two geometrically similar machines are operating at 
the same specific speed, they must also possess the same suction specific 
speed. It should be emphasized that the NPSH term used to define suction 
specific speed in Eq. 3.2 is the minimum required NPSH, which in general 
is not the same as the available NPSH. The use of N and S in relating s s 
the cavitation limits (the minimum required NPSH) of prototype and homol-
ogous models is demonstrated in Subsection 3.5. 

To illustrate the use of dimensional analysis and flow similarity 
techniques in the design of a new impeller configuration from an existing 
design, assume that a new configuration for an impeller with a specific 
speed of 3434 (as was determined on page 43) is to be developed from an 
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existing impeller design. The dimensional and operational data on the 
existing impeller design are as follows. 

D 02 
D. 

16.5 in. 
12.5 in. 

(°0g>2 + (Dlg>* 
12 

D = m 

D = 10.4 in. 
1 

1 /2 
= 14.65 in. 

ROTATION 

The flow or capacity Q = 8000 gpm, 
the head H = 165 ft, 
and the rotational speed N = 1750 rpm. 
Therefore, the specific speed of the existing impeller 

N = 1 7 5 0 ( 8 0 0 0 = 3 4 0 0 . 
S (165)3/4 

Since the required specific speed of 3434 is approximately equal to 
the specific speed of the existing impeller (3400), it is assumed that 
the new impeller and the existing impeller have the same specific speed 
at the best efficiency point. If the specific speed is constant, the 
previously stated conditions of dynamic and kinematic similarity exist 
inherently with the constant specific speed. The scaling factor (f) for 
the new impeller can be calculated by using relationships for either 
kinematic or dynamic similarity. Where the subscript "A" refers to the 
existing impeller and the subscript "B" refers to the new impeller, the 
relation for kinematic similarity is as follows. 

D„ = D. B A 
(Q/N) B 
(Q/N) 

1/3 
(3.3) 
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= D, 
5000 
3500 
8000 
1750 

1 /3 

= 0.679D, 

This calculated value of relative impeller size can be checked by using 
the relation for dynamic similarity, which is as follows. 

DB = D A 

= D, 

"(H/N2)B 1/2 

(H/N2)A 

"(1750)2 300 
165 (3500)^ 

(3.4) 

1/2 
0.674D. 

D W/D. ~ 0.675 . B A — 

As expected, both of these scaling relationships give essentially the 
same answer. Therefore, the new impeller (impeller B) will be constructed 
with its fluid passages homologous to those of the existing impeller 
(impeller A) and factored by the scaling ratio. 

It is common practice to lay out the new impeller slightly larger 
than the calculated value of D^/D^. This insures that the pump output 
will not fall short of the specified head and flow. After the initial 
performance test has been conducted on the new pump, it is a simple matter 
to machine the diameter of the impeller discharge to a slightly smaller 
size. Thus, the head and flow can be reduced to the specified quantities 
by an appropriate reduction in the discharge diameter. If this initial 
margin were not incorporated in the impeller and the pump subsequently 
did not meet the specified head and flow requirements, the impeller pat-
tern would have to be altered. This obviously would be more costly and 
troublesome than machining down a slightly oversized impeller. This 
reduction of impeller diameters is covered in more detail in Ref. 3. 

A typical margin for impeller size is 57e. The new impeller (impel-
ler B) is then scaled from impeller A by using the scaling ratio. 

f = 1 . 0 5 ^ / 0 . ) = 1.05(0.679) = 0.713 . (3.5) B A 
The overall nominal dimensions for the new impeller will then be as 
follows. 



49 

D = 11.765 in. D = 10.445 in. 02 m 
D. = 8.913 in. D = 7.415 in. 12 i 

The layout of the impeller fluid passages, which is required to construct 
a casting pattern for the impeller, is obtained directly from the layout 
of the existing design by scaling all dimensions with the scaling factor 
f = 0.713. 

3>3 Development of New Impeller Design 

A fundamental approach taken in the development of a new impeller 
design is that the head and flow of a centrifugal pump are directly 
related to the velocity vector triangles at the inlet and discharge sec-
tions of the impeller. The use of this approach involves essentially a 
one-dimensional fluid mechanics treatment and therefore has definite lim-
itations in quantitative calculations. However, it is of great value to 
the designer as an aid in visualizing what is taking place in the 
impeller. 

The vectorial relationship between the geometry of the impeller 
vanes and the inlet and discharge velocity triangles is illustrated in 
Fig. 3.3. The torque input required by the impeller can be defined from 
these triangles. This definition is obtained from the components of the 
tangential fluid velocity and the knowledge that the externally applied 
torque must equal the time rate of change of the angular momentum (or 
moment of momentum) of the fluid as it passes through the impeller. It 
therefore follows that the torque 

T = fjr(*2c2 c o s a2 " riCi c o s ^ » ( 3 , 6 ) 

where 
r^ = radius of impeller discharge, in., 
C 2 = magnitude of absolute discharge velocity vector, 
a 2 = angle locating absolute discharge velocity vector, 
r = radius of impeller inlet, in., 
C = magnitude of absolute inlet velocity vector, and 
a. I = angle locating absolute inlet velocity vector. 
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(b) 
(a) Entrance velocsity triangle; (6) discharge velocity triangle. 

Fig. 3.3. Vectorial Relationship Between the Inlet and Discharge 
Velocity Triangles and the Impeller Vane Geometry. 

When the volumetric flow rate (Q), weight density ( 7 ) , and angular 
velocity (w) are substituted in Eq. 3.6, the power input to the impeller 

P = Too = ̂ ( r C cos a - r C cos a ) . (3.7) 

However, the peripheral velocity of the impeller at the discharge 
tL = wr , 

2 2 ' 

the tangential component of the discharge velocity 
C = C cos a , u 2 2 2 

the peripheral velocity of the impeller at the inlet 
Ui = wri > 

and the tangential component of the inlet velocity 
C = C cos OL . ul 1 1 

Therefore, the radial force or power 

P = £Z(U C - U C ) . g 2 u 2 1 ul 

(3.8) 

(3.9) 

(3.10) 

(3.11) 

(3.12) 
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When Eq. 3.12 is equated with the power output of the impeller and losses 
are neglected, the following relationship results. 

or the head 

7 Q H = ^ ( U C - U C ) g 2 u2 1 Ul 

U2CU2 " V 
H = . (3.13) 

The expression given by Eq. 3.13 is known as Euler's theoretical head. 
If the fluid enters the impeller without a tangential component (C = 

frequently assumed at the best efficiency point), Eq. 3.13 is reduced to 
the following more compact form. 

U C 
H = . (3.14) 

g 

Centrifugal pumps never attain the head given by Euler's equation 
(Eq. 3.13) since this equation does not account for a host of secondary 
effects, all of which reduce the actual head produced. However, Eq. 3.14 
is invaluable as a comparative parameter, and it also leads to the univer-
sally used head coefficient parameter. The head coefficient is the ratio 
of >:he actual head produced to the maximum ideal head at a given impeller 
peripheral velocity and zero flow (CU2 = since C ^ =• 0, and Q = 0). 
The head coefficient 

i Actual Head 1 /0 t = = > (3.15) 
U 2 2K2 
2 U2 
g 

where K y 2 = dimensionless speed constant. The head coefficient is only 
one of several dimensionless relationships which are used in the design 
of impellers. 

The application of the fundamental approach to the development of a 
new impeller design presented here is an up-to-date procedure recommended 
to pump designers for centrifugal impellers and vaned diffusers or to 
pump users for evaluating existing designs. Similar procedures are given 
in Ref. 3 and other pump texts. In the design procedure presented here, 
the impeller hydraulic design parameters (inlet flow angle, number of 
vanes, width, discharge angle, and outside diameter) are initially 
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selected to meet the specified operating conditions of head, flow, speed, 
etc. Certain experimentally determined design constants or dimensionless 
relationships are used to relate the hydraulic parameters to the desired 
performance characteristics. An iterative process is then used to vary 
the initially selected values of the hydraulic parameters until the cal-
culated values of the head coefficients fall within a range prescribed 
by the recommended design charts. Certain combinations of parameters 
yield more efficient pump components, and optimum combinations of these 
hydraulic parameters should be used to produce competitive designs. The 
use of this procedure permits the design for the impeller and diffuser 
(or volute) to be completely specified with respect to the effects of the 
various hydraulic parameters. 

3.3.1 Initial Selection of Hydraulic Parameters 

The direction of flow at the impeller inlet is selected by the 
designer. He can select counter, axial, or prerotational flow components. 
All three have their merits. This choice is sometimes made as a company 
policy or as a feature of standardization. If the manufacturer's choice 
is some standard number, such as 15° prerotation at the inlet of the 
impeller, the designer is left with no more overall choices. He has the 
choice of inlet and exit geometry of the impeller, but this is rather 
limited. In the range of 1000 < N < 5000, the customary angle of inlet b 
and outlet for a normal stage is 22° + 5°. Beyond this limit, special-
duty stages, such as the suction stage for high NPSH requirements, are 
encountered. 

The selection of the number of impeller vanes (Z), the angle of the 
impeller discharge vane (32), the inlet flow angle (C^), and the area 
ratio (Y) will be strongly affected by the head rise, efficiency, and 
part-load stability conditions required by the pump customer. Therefore, 
detailed analyses of these hydraulic parameters must be made. The r^ad 
rise requirements for primary coolant circulating pumps are not usu' i.ly 
prescribed by the purchaser. However, the head rise should gradually 
increase to shutoff flow. The usual head rise of primary reactor coolant 
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pumps varies between 25 and 1007o, depending on the specific speed of the 
pump. 

Certain design constants or dimensionless relationships that have 
been experimentally determined from successful designs are used to design 
an impeller of a specific speed that is not matched by a previously 
designed impeller. Thsse design constants give direct relationships 
between the total dynamic head (TDH) developed by the impeller and the 
capacity at the design point and several elements of Euler's velocity 
triangles. They are dimensionless velocity ratios, which are independent 
of the size and rotational speed of the impeller, that are correlated on 
the basis of specific speed for different impeller discharge angles. 
Thus, the single most important hydraulic parameter to be selected for 
analysis is the impeller vane discharge angle (P2)» All of the pump 
characteristics depend upon the angle selected, and it is therefore the 
first parameter selected for analysis of the related design constants. 
Normally, optimum efficiency is the desired end result, and when this is 
the case, 20° < f32 < 25°. This range is based on proven successful 
designs. The most typical value used is 22.5° (Ref. 3). 

The design constants for an impeller vane discharge angle of 22.5° 
are illustrated in Figs. 3.4 and 3.5 and defined as follows. These con-
stants and ratios are entirely experimental and do not lend themselves 
to theoretical treatment. The dimensionless speed constant 

U 
K = , (3.16) 
U 2 (2gH)1 

where 
U^ = peripheral velocity of impeller at discharge, ft/sec, 
g = acceleration due to gravity, and 
H = head, ft. 

The discharge capacity constant 
C 

K , (3.17) 
11,2 (2gH)1/2 

where C ^ = meridional component of discharge velocity. The inlet capac-
ity constant 



54 

ETR5-41 

'11 I ' 'I 1 I ' I' "l" 
0.6 0.8 1.0 1.5 2 3 4 5 6 8 10 15 

Specific speed(singjt suction x 1000) 

Fig. 3.4. Impeller Constants and Ratios as a Function of Specific 
Speed for an Impeller Discharge Angle of 22.5°. 

C 
K = m i , , (3.18) 
m i (2gH)1 

where C = the meridional component of inlet velocity. The impeller ml 
width ratio 

b 2 b2 
B r = — T > ( 3" 1 9 ) 

ma m 

where 
b2 = distance between shrouds at impeller discharge, in., 
D = diameter of impeller discharge where flow is equally divided, in., T02 

Dm = mean diameter of impeller discharge, in. 
The impeller diameter ratio ^ - (3-20) 
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SPECIFIC SPEED, Ns = N• Q^ • 

Fig. 3.5. Head Coefficient as a Function of Specific Speed. 
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R (3.21) 
^ 02 

where 
D^ = average diameter of impeller inlet, in., 

D ^ = diameter of impeller discharge where flow is equally divided, in., 
D 0 2 = diameter of impeller discharge at top shroud, in. 

Values of the dimensionless speed constant (K^) for an average 
design with an impeller discharge angle of 22.5° are illustrated in Fig. 
3.4. The value of K ^ is influenced by several design constants. These 
include the 
1. impeller discharge angle (changes in K ^ inversely proportional to 

the discharge angle), 
2. ratio of impeller discharge to eye diameter D2/D1 (changes in K^ are 

inversely proportional to the diameter ratio), 
3. impeller width ratio t>2/D2» 
4. flow inlet angle oij_ (KU2 increases as prerotation becomes higher), 

and 
5. number of impeller vanes Z (K^ is a function of the impeller vane 

loading). 
The profile of the impeller and vanes can be laid out if the diam-

eter of the shaft, diameter of the impeller eye, outside diameter of the 
impeller, meridional velocities at the inlet and discharge, angles of the 
impeller vane inlet and discharge, and the distance between the shrouds 
at the inlet and discharge are known. Such a preliminary layout is illus-
trated in Fig. 3.6. The specific speed (Ns), determined from the given 
flow (Q), head (H), and rotational speed (N), determines the basic shape 
of the impeller. An initial diameter of the impeller can be estimated by 
using the speed constant K ^ . The diameter of the impeller discharge 
Where the flow is equally divided 

1838K (H)1'2 

D = , (3.22) m2 N v 

Where K is based on the value of D : and the diameter of the impeller U2 ma' r 

discharge at the top shroud 
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EKIT VELOCITY TRIANGLE 

Fig. 3.6. Preliminary Layout of Impeller Profile. 
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1838K (H)l/2 

D = = , (3.23) 
OP N v ' 

where K is based on the value of D . However, the values illustrated U2 02 
in Fig. 3.5 (page 55) should be used if a more accurate initial estimate 
is required. 

The ratio of the diameter of the impeller to the diameter of the 
inlet eye (Dfn/Di or D ^ / ^ ) a s a function of specific speed and pump type 
can be determined from Fig. 3.7. The average diameter of the impeller 
inlet eye 

(3.24) 
ma 
D 1 

Similarly, an approximate width of the impeller at the exit (b2) can be 
obtained from the impeller width-to-diameter ratio data illustrated in 
Fig. 3.8. 

b
2 

2 D m2 m2 

The meridional velocity components at the inlet eye and the discharge 
of the impeller can be obtained from the data illustrated in Fig. 3.4 
(page 54). The meridional component of the inlet velocity 

C = K (2gH)l/2 (3.26) mi mi 0 v ' 

and the meridional component of the discharge velocity 

C = K ( 2 g H ) 1 , (3.27) m2 m2 
where 

K = inlet capacity constant and mi 
K ^ = discharge capacity constant. 

The value of the meridional component of inlet velocity upstream of the 
impeller vanes given by Eq. 3.26 is slightly conservative for current 
centrifugal pumps. This value may be exceeded without loss of efficiency 
by 10 to 20%, depending on the size, specific speed, NPSH requirements, 
and economic considerations involved for a particular pump. 
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SPECIFIC SPEED 

Fig. 3.7. Ratio of Impeller Diameter (D2) to Inlet Eye Diameter (Dx) as a Function of 
Specific Speed and Pump Type. 
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Fig. 3.8. Ratio of Impeller Width (b2) to Impeller Diameter (D2) as 
a Function of Specific Speed and Pump Type. 

An initial guide in determining the number of impeller vanes (Z) is 
given by the empirical expression 

Z = Y ' ( 3 * 2 8 ) 

where = angle of impeller discharge vane, Another expression6 

widely used by pump designers is 

v , ,D + M • lPi Z = k| r sin (3.29) D - II ~ \ 2 
where 

k = experimental coefficient whose value varies between 6.5 and 11, 
D = D /D , and ms mi 
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= angle of impeller inlet vane, 
Within the specific speed limits of circulating pumps, the number of 
impeller vanes is usually between four and eight. The higher numbers 
yield higher efficiencies, but when a higher head rise between the design 
point and shutoff is needed, the lower number of vanes is recommended, as 
is illustrated in Fig. 3.9. 

1.4 

1.2 

1.0 

H / H 0 0 . 8 

0.6 

0 . 4 

0.2 

0 
0/02 

(Point 1,2&3 Represent 3 Di f -
ferent Impellers in the Same 
Casing 
Point 2&2" Represent 2 Dif ferent 
Impellers with Const. Area Ratio) 

Fig. 3.9. Variation of Head Rise With Number of Impeller Vanes. 

Reactor coolant pumps are operated in parallel flow circuits, and a 
stable head-capacity curve is an absolute necessity. The experimentally 
determined interrelationship of the impeller discharge angle and the num-
ber of impeller vanes and head-capacity stability is illustrated in Fig. 
3.10. Instability is indicated where the ratio of the shutoff head (Hs) 
to the minimum head (H m p x) is less than one. 

ETR5-25 



62 

ETR5-41 

10 
Number of vanes 

Fig. 3.10. Interrelation of Impeller Discharge Angles Number of 
Impeller Vanes, and Head-Capacity Stability. 

3.3.2 Iterative Process 

Upon completion of the preceding procedures for determination of the 
initial dimensions of the pump impeller and flow velocities, a more 
refined computational method is used to determine the mechanical and vol-
umetric efficiencies. The best procedure for determining these efficien-
cies is to estimate the mechanical efficiency and then read the value of 
hydraulic efficiency from charts based on accurate laboratory measure-
ments. Hydraulic efficiency is defined by the expression 

= _n 
'•h 

where 
% = v w ' ° ' 3 0 ) 

Tj = pump efficiency, 

T^ = volumetric efficiency, and 

TĴ  = mechanical efficiency. 

The theoretical head is the head which a pump could generate if 
there were no losses throughout the stage. Euler's theoretical head 

U C - U C , 
Hfc - 2 U 2

 g
 1 U 1 , (3.13) 

where 
U2 = peripheral velocity of impeller at discharge, ft/sec, 
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C U 2 = tangential component of discharge velocity, 
U = peripheral velocity of impeller at inlet, ft/sec, 

Cu = tangential component of inlet velocity, and 
g = acceleration due to gravity. 

From the gee Metrical relationships illustrated in Fig. 3.6 (page 57), the 
tangential component of discharge velocity 

C = U - A , (3.31) U2 2 ' 

and A = J - . (3.32) 

Substitution of Eqs. 3.31 and 3.32 in Eq. 3.13 and rearrangement yields 
the expression 

U a = f + K + I!f + Y w ] X / 8 * (3"33) 

When the value of H t is determined, Eq. 3.33 can be used to calculate the 
outside diameter of the impeller. 

The value of the dimensionless speed constant can then be redetermined 
by using the equation 

D N 
K = 2 (3.35) 
U 2 1838.4(H)1'2 

and the value calculated from Sq. 3.35 can be checked against the values 
given in Figs. 3.4 (page 54) and 3.5 (page 55). 

The most widely used expression among pump designers for determining 
the value of Euler's theoretical head is 

H t = (1 + p)2- , (3,36) 

where p = the Stodola slip factor.6'7 The value of p can be expressed as 

p = (ft) 1 , (3.37) 
Z ' D 

D 

where ty = a(l + sin p ) . (3.38) 
2 
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The coefficient "a" varies between 0.6 and 1.0 as a function of the 
specific speed. Values of the Stodola slip factor (p) are given in Fig. 
3.11 as a function of the impeller discharge angle (P2), the number of 
impeller vanes (Z), and the impeller diameter ratio (D1/D2) for the value 
a = 0.6. This value is valid for the lower portion of the specific speed 
range used for reactor coolant pumps. 

The expression for the peripheral velocity of the impeller at the 
discharge (U2) given in Eq. 3.33 demonstrates that the value of the out-
side diameter of the impeller (D2) is a function of the inlet as well as 
the exit conditions. If the inlet dimensions are fixed, the value of the 
impeller inlet vane angle (f^) will be uniquely determined. However, 
more than one parameter is involved in determining the exit dimensions. 
These parameters are the impeller discharge vane angle 0 2)> the width of 
the impeller (b2), and the number of vanes (Z). These parameters can be 
varied, and even though an experienced designer will recognize the right 
configuration, the best policy is to determine the optimum combination 
of these parameters by using a digital computer. 

A flow chart of an iterative computer program developed to optimize 
the number of impeller vanes, impeller width at D2, and the exit angle is 
illustrated in Fig. 3.12. The program is such that the values of these 
parameters between the inlet and outlet of the impeller can be varied 
between a minimum and a maximum. All of the hydraulic parameters, veloc-
ity components, slip, and all of the independent variables are calculated 
by the computer, and the results are tabulated in a form that will permit 
the designer to evaluate them efficiently and make his final selection of 
the best exit width, exit angle, and number of vanes. If the inlet 
angles provided turn out to be unsatisfactory during the iterative 
process, the inlet dimensions can be changed and new values will be 
printed out for final evaluation. 

Following the logic of the flow chart illustrated in Fig. 3.12, com-
putation sheets were assembled to facilitate manual calculation. The cal-
culation steps are numbered on these sheets, which are presented on the 
following pages. Steps 1, 2, 3, and 5 [capacity (Q), head (H), rota-
tional speed (N), and net positive suction head (NPSH)] are usually 
determined as part of the customer's requirements. Steps 7 to 10 involve 
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EXAMPLE• 

GIVEN IMPELLER DISCHARGE ANGLE j8 2 = 22* 

MEAN INLET DIAM TO DISCHARGE DIAM RATIO D , / D 2 = . 3 8 

NUMBER OF IMPELLER VANES Z = 7 

SLIP COEFFICIENT OBTAINED FROM DIAGRAM ( ) p = 0 .274 

Fig. 3.11. Values of the Stodola Slip Factor as a 
Function of the Impeller Discharge Angle, Number of 
Impeller Vanes, and Impeller Diameter Ratio for a = 0.6. 
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STAGS HYDRAULIC DESIGN 

SELECT: 
TI , N_ c m 

T 
| INPUT | 

H, Q, N, NPSH 

°SH' DL» V 
D2, B2, b 2 . 2 

ETR5-41 
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2max - 2 

Z m a x " Z 

IF B̂ AND 2 

| SELECT: | 

0 2 m l n - p 2 - 0 2 m a x 

« OVERALL STAGE ITERATION 

02 " 02mln 

FIXED: B2, 2, B2, D£ 

DETERMINE: N 

ITERATION FOR 
OPTIMUM EYE 

tL 

CALCULATE: D 

" K A L C 
I F D 2 " K A L C 
I F D 2 
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IF B2 IF B2 >>B 2m«x 

• E 

2-2+1 ^ 1 > F Z F Z » 
max 

| END \+- PRINT 

Fig. 3.12. Flow Chart of Computer Program for Optimization of 
Impeller Design Parameters. 



67 

COMPUTATION FORM FOR CENTRIFUGAL IMPELLER HYDRAULICS 

STEP 
NO. DESCRIPTION SYMBOL EQUATION 

ITER AT I ON NO. STEP 
NO. DESCRIPTION SYMBOL EQUATION HIM. 1 2 3 

OPERATING CONDITIONS 

1 Capacity Q Given GPM 
2 Head H Given FT 
3 Speed N Given or Select RPM 
4 Specific Speed Ns NQ1^2 H-3/4 or from Fig. 3.1 
5 Net Positive Suction Head NPSH FT 
6 Suction Specific Speed Ss NQ1/2 (NPSK)"3/4 

7 Chart Efficiency n From Fig. 3.2. 

8 Volumetric Efficiency % Estimate, or from Chart 
9 Mechanical Efficiency Estimate, or from Chart 

10 Hydraulic Efficiency % n/(n v nm) 
11 Impeller Flow Q Q/nv GPM 

PRELIMINARY COEFFICIENTS 

12 Inlet capacity Parameter "ml From Fig. 3.4-

13 Discharge Capacity Parameter From Fig. 3 .4 i 
14 Speed (or Head) Parameter «u2 From Fig. 3.4 <?r 3-5 
15 Diameter Ratio Qtw/Pj £rom Fi8- 3 
16 Diameter Ratio RC2 

1 
Dl/Dcz f r o m Fig. 3.4 

17 Width Ratio Br . b2/^2m fr°m Fig. 3.g 
INITIAL VALUES 

18 Inlet Meridional Velocity cml • * 1 (2g«)1/2 FT/SEC 
19 Exit Meridional Velocity Cm2 = *m2 (2gH)1/2 FT/SEC 
20 Impeller O.D., Mean D 2 = ^ (H)1 /2 (1838.4)/N IN 
21 Shaft Dia. at Eye Dsh Given IN 
22 Impeller Eye Dia. "t - D2/R2m IN 
23 Impeller Eye Dia. = (0.409Q/Cmo+Dsh2)1/2 IN 
24 Impeller Eye Dia. Dl Select from (22) and (23) IN 
25 Impeller O.D. at Shroud Dc* = Dj RCZ IN 
26 Impeller Exit Width b2 = D2 Br IN 
27 Avg. Vane Inlet Angle Si Estimate DEG 

28 Vane Exit Angle 32 Estimate DEG 
29 Number of Vanes Z = 3^/3 

30 Number of Vanes Z =6.5(D2+Dc)/(D2-D0)sinl/2(3i+32) 
31 Number of Vanes z Accepted 
32 Vane Thickness s Select IN 

33 Prerotation Angle al Select DEG 
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COMPUTATION FORM FOR CENTRIFUGAL IMPELLER HYDRAULICS 

STEP 
iJO. DESCRIPTION SYMBOL EQUATIONS DIM. ITERATION NO. 

1 2 3 

GEOMETRY FROM LAYOUT 

DIAMETERS AT THE VANE LEADING EDGE: 

3 A Shroud Dia IN 
35 Mean "lb=Dl IN 
36 Hub Die IN 
37 inscribed Circle bi IN 

INLET CALCULATION 

38 Vane Spacing C1 = irDx/Z IN 
39 Vane Tang. Thickness = 0.334s/sin6i 
40 Obstruction Coefficient 01 = tx/Cti-Oi) 

41 Eye Velocity cmo = 0.32lQ4/n(D2-D|h) FT/SEC 
42 Mean Merid. Flow Velocity cml = 4>1 cmo FT/SEC 
43 Mean Tang. Flow Velocity Cul " W tgd ! FT/SEC 
44 Tang. Vel. at Shroud "la = Dla N/229.2 FT/SEC 
45 Tang. Vel. at Inscribed Circle Ul = DX N/229.2 FT/SEC 
46 Tang. Vel. at Hub Ulc = Dlc N/22y.2 FT/SEC 
47 Coefficient Pi - U1 Cml/(U1-Cul) 
48 Inlet Angle; Shroud Pla = tg- 1^/^) ( )° 

49 Inlet Angle; Inscribed Circle Si - Bib'tg-iCPi/Un) ( 
50 Inlet Angle; Hub Sic = tg-1(P1/Uic) ( )° 

51 Pitch Ratio R1 = pl/C,al 
EXIT CONDITIONS 

52 Coefficient <1* = a (l+e§/60) 
53 Diameter Ratio Rm = (Di/D2)2 
54 Stodola Slip Correction P = 20 / zny i -O or Fig. 3.11 
55 Theoretical Head Ht - H/nh 
56 Euler Head Hfcoo = <l+p)Ht 
57 Vane Spacing t2 = TTD2/Z 
58 Vane Tangentional Thickness °2 = s/sin32 
59 Obstruction Coeff. <f>2 = t2/(t2-cr2) 
60 Exit Meridional Velocity °m2 = 0.1022Q(fi2/(b2D2) FT/SEC 
61 Velocity Component cs = Cra2/(2 tgg2) FT/SEC 
62 Exit Tangentional Vel. U2 - Cs+(g Ht^+cl+UiCui)1/2 FT/SEC 
63 Impeller Diameter D2 « U2(229.2)/N IN 
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the most proprietary data of the manufacturer, and I:he success of 

competitive performance is greatly dependent on the assumed component 
efficiencies. Steps 12 to 17 involve empirical values and contribute 
significantly to the achievement of high efficiencies. The initial 
velocities and dimensions calculated in the following steps are the 
basis for an acceptable impeller layout. On the basis of these prelim-
inary values, steps 34 to 37 can be completed and the hydraulic calcula-
tion of the stage can be achieved. Steps 38 to 51 are calculations for 
the impeller inlet, while steps 52 to 63 are calculations for the impel-
ler discharge that result in the final diameter of the impeller (D2). 
This final value is not expected to agree with the initially assumed 
value- Therefore, the calculations must be performed again with the cal-
culated value taken as the assumed initial value for the second computa-
tion. As previously pointed out, this iterative process is best suited 
to digital computer computational methods. 

3.3.3 Numerical Example 

A numerical example impeller design is presented here. The pumping 
requirements given for this impeller are a head (H) of 250 ft and a capac-
ity (Q) of 6475 gpm. A rotational speed of 1750 rpm is assumed. From 
Fig. 3.1 (page 42) or from Eq. 3.1, the specific speed 

N = m 1750(6475)1/2 . 2 2 4 Q . ( 3 a ) 
S H 3/ 4 (250)3/4 

From Fig. 3.2 (page 44), at Q = 6475 gpm and Nc = 2240, the chart effi-s 
ciency is approximately equal to 89%. This is immediately seen as the 
optimum speed since the same efficiency cannot be achieved with a smaller 
unit of a higher speed. If a rotational speed of 3500 rpm is assumed, 
the specific speed 

N - 3 5 0 0 < 6 4 7 5 ) 1 / 2 = 4480 . 
S (250)3/4 

From Fig. 3.2, at Q = 6475 gpm and N = 4480, the chart efficiency is s 
equal to approximately 877o. The design speed is therefore set at 1750 
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rpm. This value is based on a synchronous speed of 1800 rpm minus a 
normal ammount of motor slip. 

With the aid of the design charts, the size of t"he impeller required 
for the conditions of service stipulated for this example design is 
determined. Following the steps outlined in the computational sheets, 
the data for step 4 are 

N = 2240 s 
and for step 7. thn chart efficiency from Fig. 3.2 

TJ = 0.89 . 
In steps 8 and 9, the volumetric and mechanical efficiencies are esti-
mated8 as 

t^ = 0.985 

and r^ = 0.99 . 

In step 10, the hydraulic efficiency 

TL = — L = 0.9127 . (3.30) 
k v w 

In step 11, the impeller flow, which includes the leakage through the 
wearing rings 

Q = = 6575 gpm . 
\ 

Preliminary coefficients for the impeller design constants are 
selected as the basis for determination of approximate impeller dimen-
sions. In steps 12 and 13, from Fig. 3.4 (page 54), 

K = 0.19 mi 
and K = 0.14 . W2 

In step 14, from Fig. 3.4, 
K ••= 1.054. U2 

In step 15, from Fig. 3.7 (page 59), 
R = 1.71 . ma 

In step 16, from Fig. 3.4, 
Rn = 1/0.54 = 1.79 . °2 

In step 17, from Fig. 3.8 (page 60), 
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B = 0.115 . r 
These preliminary coefficients are used to determine the initial design 
dimensions which will be used in the iterative process. In step 18, the 
meridional component of the inlet velocity 

C = K (2gH)l/2 (3.26) mi mi 
= 24.09 ft/sec. 

In step 19, the meridional component of the discharge velocity 

C = K (2gH)l/2 (3.27) m2 m2 
= 17.75 ft/sec. 

In step 20, the mean outside diameter of the impeller 
1838^ (H)1/2 

D = D = (3.22) 2 m2 N 

= 17.50 in. 

The data for step 21 are given. In step 22, the average diameter of the 
impeller inlet eye 

D nip 
^ - 5 - (3.24) 

T02 
D 1 

= 9.51 in. 

In step 25, the outside diameter of the impeller at the top shroud, 
from Eq. 3.21, 

D = D R 0 2 1 0 2 

= 18.35 in. 

In step 26, the width of the impeller at the discharge, from Eq. 3.28, 
b = D Br = 2.010 in. 2 2 r 

The shaft diameter at the inlet eye (step 21) is given as 
D , = 0.5 in. , sh 

which means that the impeller is an overhang type. If a uniform distri-
bution of velocity at the impeller inlet is assumed, step 23 can be used 
to calculate another initial value for the average diameter of the 
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impeller inlet. The resulting value, D 10.57 in., is larger than that 
given by step 22. The final selection of this value will depend a great 
deal upon the available NPSH. The calculated value of the suction spe-
cific speed 

S = = 10227 . (3.2) 
S (NPSH)3/4 

Sin e this value is slightly on the high side, it is advisable to open up 
the diameter of the inpeller inlet eye by using a higher value. The 
final diameter of the inlet eye selected in step 24 is therefore 

D = 12 1/8 in. 

A rule-of-thumb expression (although not rigid) for determining the 
number of impeller vanes (Z) is given for step 29. This expression is 

Z = £2/3 (3.28) 

= 7.3 . 
Another expression6 given in step 30 is 

* r-l D + 11 • 
z = M r ^ r ! s l n 

= 5.5. 

P + P 1 1 (3.29) 

A likely choice for the number of vanes for the impeller considered here 
would be six. However, the final choice will be dictated by efficiency 
and head-capacity requirements. For the present example, the number of 
vanes selected in step 31, Z = 7- In step 32, the impeller vanes should 
be as thin as possible for optimum hydraulic efficiency. However, since 
the impeller is cast, structural soundness and manufacturing limitations 
determine the vane thickness. 

The geometry of the impeller inlet and exit can now be laid out. 
The angle of prerotation (Q^) will have slight influence on the inlet and 
outlet conditions, and it can vary between 0 and 45°. However, later in 
the computation (step 51), the prerotation angle is transformed into 
values of R . The prerotucion R = 1.15 to 1.25 for single-suction pumps 
with end suction. For low NPSH conditions, lower values of Rx are used. 
Exceeding the upper limit of R results in a reduction of efficiency, and 
this has been verified experimentally.3 
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After the inlet and exit dimensions have been calculated, the first 
iteration results in the following major dimensions. 

Step 48: 3 = 13.5° at the shroud r l a 
Step 49: 3 = 23.5° mean vane inlet angle 
Step 50: 0 = 45° at the hub 

= 22° exit angle (assumed) 
Step 63: D = D = 17.46 in. 

2 m2 
Completed computation sheets giving the results for this example impeller 
design are given on the following pages. 

COMPUTATION FORM FOR CENTRIFUGAL IMPELLER HYDRAULICS 

STEP 
NO. DESCRIPTION SYMBOL EQUATION DIM. 

ITERATION NO. 
1 2 3 

OPERATING CONDITIONS 

1 Capacity Q Given GPM 64T* 
2 Head H Given FT 250 

3 Speed N Given or Select RPM TOO 
A Specific Speed Ns NQ1,/2 or from Fig. 3.1 2240 
5 Net Positive Suction Head NPSH FT « i 
6 Suction Specific Speed Ss NQ1/2 (NPSH)"3/4 \ i 

7 Chart Efficiency n From Fig. 3.2 .09 
8 Volumetric Efficiency % Estimate, or from Chart M S 
y Mechanical Efficiency im Estimate, or from Chart 
10 Hydraulic Efficiency % n/(nv nm) 
11 Impeller Flow Q Q/nv GPM 6574. 

PRELIMINARY COEFFICIENTS 

12 Inlet Capacity Parameter From Fig. 3.4 
13 Discharge Capacity Parameter *m2 From Fig. 3.4 •14 
14 Speed (or Head) Parameter *u2 From Fig. 3. 4 <r ?> 5 1054 
15 Diameter Ratio Rma, CI,m/Pj from Fig. 3.7 t.n 

16 Diameter Ratio l 
Dl/0«> from Fig. 3-4 1.79 

17 Width Ratio Br b2/l>2m from Fig. 3.5 .US 
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I N I T I A L V A L U E S 
18 Inlet Meridional Velocity Cm1 - K^ <2gH)l/2 FT/SliC 24.09 
19 Exit Meridional Velocity C M 2 - Km2 (2gH)1/2 FT/SEC r n s 
20 Impeller O.D., Mean D2 - Ku2 (H)1'2 (1838.4)/N IN H 5 o 
21 Shaft Dia. at Eye »sh Given IN .5 

22 Impeller Eye Dia. W ^ 2 / R 2 M IN 9.5I 
23 Impeller Eye Dia. D| - (0.409Q/cmo+Dsh2)1/2 IN I0.5T 
24 Impeller Eye Dia. Dj Select from (22) and (23) IN tiVe 
25 Impeller O.D. at Shroud Dc-i - Di KC-2 IN 1835 
26 Impeller Exit Width b2 = D2 Br IN e.oi 
27 Avg. Vane Inlet Angle S I Estimate DEG 22. 
28 Vane Exit Angle S2 Estimate DEG 22. 
29 Number of Vanes Z - e§/3 l - l 
30 Number of Vanes z - 6.5<D2+Do)/(D2-!>o)ainl/2 ( 0 I + 3 2 ) 5.5 

31 Number of Vanes z Accepted 1. 

32 Vane Thickness S Select IN /IS 

33 Prerotation Angle U1 Select DEG 
GEOMETRY FROM LAYOUT 

DIAMETERS AT THE VANE LEADING EDGE: 

34 Shroud Ola LN 12.1*5 
35 Mean l>lb"Ul IN 
36 Hub Die IN 2,60 
37 Inscribed Circle bi IN 5T.86 

INLET CALCULATION 

38 Vane Spacing C1 - -Di/Z IN 2.<H2 
39 Vane Tang. Thickness °1 - 0.334s/sin3i All 

40 Obstruction Coefficient n • tj/Cti-oj) 
m 1 

41 Eye Velocity CjRO - 0.321Q4/r(D2-D2h) FT/SEC ie.v\ 
42 Mean Merid. Flow Velocity C M L " '>1 Cmo FT/SEC 
43 Mean Tang. Flow Velocity cul " cml FT/SEC s. a 
44 Tang. Vel. at Shroud "la - Dla N/229.2 FT/SEC 9258 
45 Tang. Vel. at Inscribed Circle U L - Dx N/229.2 FT/SEC 50,5C 
46 Tang. Vel. at Hub Ulc - Dlc N/229.2 FT/SEC 21.12 

47 Coefficient pl " "l Cmi/(Li-Cul) UM 

46 Inlet Angle; Shroud dla - tg-^Pi/U^) ( )° 

49 Inlet Angle; Inscribed Circle - aib-tĝ tPjL/Uj) ( )° 

50 Inlet Angle; Hub he - tg-1(P1/Uic) ( 45.0° 
51 Pitch Ratio " P L / C M L 1 — 
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EXIT CONDITIONS 
52 Coefficient 0 SB a (l+3g/60) 
53 Diameter Ratio « (D1/D2)2 .145 
54 Stodola Slip Correction P - 2V/Z(J/1-R£> or Fig. 3.U .7740 
55 Theoretical Head «t 8S I 
56 Euler Head Mc„ » (1+P)«e 
57 Vane Spacing t2 « n02U 7.854 
5« • Vane Tangencional Thickness °2 tr-S/SINS2 .6G73 
59 Obstruction Coeff. eat T2/(T2-02> 1.093 
60 Exit Meridional Velocity °m2 a 0.3.022QT2/<T>2D2) FT/SEC 19.07 
61 Velocity Component Cs ta C„,2/(2 tgS2) Fl/SEC 23.60 
62 Exit Tangencional Vel. U2 m Cs+(g Ht«+cl+0lCul)1/2 FT/SEC l & M 
63 Impeller Diameter I>2 ta U2(229.2)/N IN Y7.4G 

The proper procedure to be followed now involves repetition of the 
computational cycle until the initial and calculated values of the out-
side diameter of the impeller are within the prescribed tolerance. The 
digital computer output data sheets on the following pages give the 
final calculated results for the following combinations. 

2 = 7 
2.0 < b < 2.4 in. 

— 2 — 

18° < p < 24° 

a = 15° 
The necessary impeller diameters (D„) are plotted in Fig. 3.13 as 

functions of the impeller width (b2) and the vane discharge angle 0 2). 
It is clear that the smaller discharge angles and the more narrow impel-
ler widths require the use of a larger impeller diameter. That a lesser 
number of impeller vanes and higher prerotation angles also require the 
use of a larger impeller diameter is illustrated in Fig. 3.14. 



76 

PROGRAM NO 32-t+n-i 
CENTRIFUGAL PUMP STAGE HYO.PARAMETERS 

REACT.jR COOLANT PUMP 

IMPELLER DIMENSIONS 
OF BLADES IMPELLCR WIDTH SPECIFIC SPEED SUC.SPEC.SPEEu 

7. 62= 1.800 NS= 2239.8 SS= 10227.6 
iMpELLtR INLET LOCATION 

m 6 C 
C,*il = 1 6 . 7 3 1 8 . 2 4 1 5 . 8 7 
CU1= 4 .89 
U l = 5 0 . 9 5 
0 1 = 1 2 . 1 2 5 o . 6 6 7 2 . 8 0 0 

ALFA1 T JN -H HT= H/EI-F 
15 .0 LEO 2 5 0 . 0 0 FT 2 7 3 . 9 2 FT 

J t T A 2 { E X I T J = I d • 0 0 0 0 19.0 d c 0 2 0 , 0 0 0 0 2 1 . 0 0 0 0 2 2 . 0 0 0 0 2 3 . Q U O * 
i b . 9 b l 9 1 3 . 7 1 3 5 1 6 . 4 8 9 8 1 8 . 2 6 7 0 1 8 . 1 0 2 4 1 7 . 9 3 3 8 

b E T A - 1 AT A = 1 2 . 0 6 3 * * 1 2 . 0 6 3 4 1 2 . 0 6 3 4 1 2 . 0 6 3 4 1 2 . 0 6 3 * 4 2 . 2 . 0 O 3 4 
b E T A - 1 ii = 2 1 . 6 0 1 6 2 1 . 6 0 1 6 2 1 . 6 0 1 6 2 1 . o 0 1 o 2 1 , 6 0 1 6 2 1 . 6 0 1 6 
b E T A - 1 C = 4 2 . 7 8 3 9 4 2 . 7 8 3 9 4 2 . 7 6 3 ^ 4 2 , 7 8 3 9 4 2 , 7 8 3 9 4 2 . 7 8 3 < > 
K=PREROT.NO. = 1 . 0 8 5 8 1 . 0 6 5 6 l . u 8 5 b 1 . 0 B 5 8 1 e 0 8 5 8 1 . 0 6 5 8 
CMU-RECCM. 1 6 . 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 

. 1 4 3 8 . 1 4 3 8 . 1 4 3 8 • 1 4 3 8 . 1 4 3 8 . 1 4 3 8 
C M l / a . < £ = • 8 3 9 0 • 6 3 m . 8 2 4 4 • 8 1 8 1 . 8 1 2 4 • 6 U 7 1 
K.\i2= . 1 7 1 4 . 1 7 2 9 . 1 7 4 4 . 1 7 5 7 . 1 7 7 0 • 1 7 8 1 
KU2= 1 . 1 4 2 5 1 . 1 2 7 5 1 . 1 1 4 0 1 . 1 0 1 6 1 . 0 9 0 7 1 . 0 6 0 5 
CM2= 2 1 . 7 3 6 9 2 1 . 9 3 ^ 6 2 2 . 1 2 0 1 2 2 . 2 9 0 7 2 2 . 4 4 8 5 2 2 . 5 9 5 0 
CU2 z 7 6 . 0 0 0 5 7 9 . 2 9 6 3 3 0 . 5 1 7 8 8 1 . 6 7 3 6 8 2 . 7 7 0 7 6 3 * 6 1 3 9 

1 4 4 . 9 0 5 0 1 4 3 . U U 6 9 1 4 1 . 2 9 7 2 1 3 9 . 7 4 7 6 1 3 8 . 3 3 7 2 I 3 7 . ( i 4 8 8 
= . 1 5 0 0 . 1 5 3 4 . 1 5 6 6 . 1 5 9 5 • 1 6 2 3 • l o 4 9 

C U 2 * / U i : . 4 2 9 2 . 4 4 0 6 . 4 5 1 3 • 4 6 1 3 . 4 7 0 8 . 4 7 9 6 
P=STOBOLA S L I P .<£542 . 2 5 6 5 .<£627 • 2 6 6 8 , 2 7 1 0 . 2 7 5 1 
RTT-IMF. zi 3 * 3 . 5 6 1 2 ^ 4 4 , 7 1 9 1 ^ 4 5 . 6 7 0 0 3 4 6 , 1 4 9 0 3 4 9 . 2 7 7 9 
t > 2 / D 2 = . 0 9 4 9 . 0 9 6 2 . 0 9 7 4 • 0 9 8 4 , 0 9 9 4 • l u 0 4 
A 2 - P R 0 J E C T E D = 2 9 . 9 6 4 4 3 1 . 3 0 2 0 < > 2 . o l 0 l 3 3 . 9 0 8 3 3 5 , 1 9 6 4 3 6 . 4 7 ^ 
A 2 = E X I 1 AREA= 3 1 . 4 7 5 9 3 3 . 9 7 0 2 3 5 . 2 0 3 5 3 6 , 4 2 7 3 3 7 . 6 1 * 1 4 

UIFFUSER DIMENSIONS 

ihO.OF • V A u t S ~ 3 . 0 0 0 0 
A3=ThR0AT AREA J 6 . 3 7 7 1 3 9 . 9 0 2 9 4 1 . 4 1 3 * t + 2 . 9 2 2 U 4 4 , 4 1 4 1 4 5 . 8 V 4 U 
b 3 = D I F F . D E P T H = 2 . U 7 0 0 2 . 0 7 0 0 2 . 0 7 0 0 2 . 0 7 0 0 2 , 0 7 0 0 2 . 0 7 0 0 
D 3 = I N S C . C I R C L E 2 . 3 1 7 5 2 . 4 0 9 6 2 . 3 0 1 1 2 * 5 9 1 9 2 . 6 8 2 0 2 . 7 7 1 4 
U i = T n R O A T VEL= 5 ^ . 1 5 9 3 52. 0j»£.3 5 0 . 1 4 2 6 4 8 . 4 2 4 5 ' 4 6 . 7 9 7 6 4 5 . 2 6 8 2 
Y=AREA RAT 1 0 = .8202 . 6 2 0 2 . 8 2 0 2 • 6 2 0 2 • 8 2 0 2 . 6 2 0 2 
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IMPELLER D IMENSIONS 

NO. OF ULAOES 
Z = 7 . 

IMPELLER WIDTH 
02= 2.000 

S P E C I F I C SPEED 
NS= 2 2 3 9 . 8 

S U C . S P E C . S P E E D 
SS= 1 0 2 2 7 . 6 

CM1 = 
CU1= 
Ui = 
DL -

A 
1 6 * 7 3 

1 2 . 1 2 5 

ALFA1 

IMPELLER I N L E T LOCATION 
b 

1 8 . 2 4 
4.89 

5 0 . 9 5 
6 . 6 6 7 

TDH=H 

C 
1 5 . 8 7 

2.800 
H T = H / E F F 

1 5 . 0 DEG 2 5 0 . 0 0 FT 2 7 3 . 9 2 FT 

BETA 2 ( e . X I T ) = l e . o o o o 19 0 0 0 0 2 0 . J 0 Q 0 2 1 . 0 0 0 0 2 2 . 0 U 0 0 2 3 . OUC.J 
0 2 = 1 8 . 5 4 0 7 18 3 0 7 6 1 8 . 1 0 2 4 1 7 . 9 1 6 9 1 7 . 7 4 8 4 1 7 . 5 9 4 0 
B E T A - 1 AT A = 1 2 . 0 6 3 4 1 2 0 6 3 4 1 2 . 0 6 3 4 1 2 .1 )634 1 2 . 0 6 3 4 1 2 . 0 6 3 4 
b E T A - 1 B = 2 1 » 6 0 1 6 2 1 6 0 1 6 2 1 . 6 0 1 6 2 1 * 6 0 1 6 2 1 . 6 0 1 6 2 1 . 6 0 1 6 
U E T A - 1 C = 4 2 . 7 8 3 9 4 2 7 8 3 9 4 2 . 7 8 3 9 4 2 . 7 8 3 9 4 2 . 7 8 3 9 4 2 . 7 8 3 9 
h=PRfc.kOT,NO. = 1 . 0 8 5 8 1 0 8 5 8 1 . 0 8 5 8 1 . 0 8 5 6 1 . 0 8 5 8 1 . 0 8 5 8 
CMU-KECOM. = 1 8 . 2 3 6 1 10 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 
KM1 = . 1 4 3 8 1 4 3 8 . 1 4 3 8 • 1 4 3 8 . 1 4 3 8 . 1 4 3 8 
CM1/CM2= . 9 0 8 2 9 0 1 6 « 8 9 5 0 . 3 8 8 9 . 8 8 3 4 . 8 7 8 4 

. 1 5 8 3 1 5 9 5 . 1 6 0 6 . 1 6 1 7 . 1 6 2 8 . 1 6 3 7 
KU 2 = 1 . 1 1 7 1 1 1 0 3 0 1 . 0 9 0 7 1 . 0 7 9 5 1 . 0 6 9 3 1 . 0 6 0 1 
CM2= 2 0 . 0 8 0 4 2 0 2 2 5 6 2 0 . 3 7 6 1 2 0 . 5 1 5 3 2 0 . 6 4 3 5 2 0 . 7 6 2 0 
CU2 = 7 9 . 8 8 0 6 6 l 1 6 1 1 8 2 . 3 4 9 5 8 3 . 4 7 1 2 8 4 . 5 3 3 4 8 5 . 5 4 1 9 
U 2 = 1 4 1 . 6 8 6 6 9 0 5 2 1 3 8 . 3 3 7 0 1 3 6 . 9 1 9 © 1 3 5 . 6 3 2 1 1 3 4 . 4 5 8 1 
C RT2/JI.' = . 1 4 1 7 1 4 4 6 . 1 4 7 3 . 1 4 9 8 . 1 5 2 2 . 1 5 4 4 
C U ^ ' / U 2 = . 4 4 8 9 4 6 0 3 . 4 7 0 8 . 4 8 0 6 . 4 8 9 7 . 4 9 8 3 
K=;STObOLM S L I P . 2 5 6 0 2 6 0 2 • 2 6 ^ 4 • 2 6 8 6 , 2 7 2 7 . 2 7 6 8 
H T - l N F . = 3 4 4 A 0 3 8 3 H b 1 8 3 6 3 ^ 6 . 3 3 7 3 3 4 7 . 4 8 3 0 3 4 8 . 6 2 0 6 3 4 9 . 7 5 0 5 
b 2 / D 2 = . 1 0 7 9 1 0 9 2 . 1 1 0 5 • 1 1 1 6 . 1 1 2 7 . 1 1 3 7 
A<*-PRQOELTEP= 3 2 . 4 9 4 4 3 3 9 4 9 7 3 5 . 4 0 1 1 3 6 .1*427 3 8 . 2 7 4 0 3 9 . 6 9 4 8 
A2=EX1T AREAS 3 4 . 1 9 6 " 35 5 7 5 0 3 6 . 9 5 3 9 3 8 . 3 2 3 5 3 9 . 6 8 3 3 4 1 < 0 3 3 2 

D I F F U S E * U I P E N S I O N S 

L«O.OF. VANLS= 8 . 0 0 0 0 
A3=THKV^AT AKEA 4 1 . 6 9 4 1 4 3 . 3 7 5 0 < • 5 . 0 5 6 1 4 6 . 7 2 6 0 4 8 . 3 8 4 0 5 0 . 0 2 9 8 
b 3 = D I F F . U L P T H = 2 . 3 0 C O 2 • 3 0 0 0 2 . 3 0 0 0 2 . 3 0 0 0 2 . 3 0 0 0 2 . 3 0 0 0 
U i = I = X S C . C I I ; C L t 2 . 2 6 6 0 L . 3 5 7 3 2 . 4 4 8 7 2 . 5 3 9 5 2 . 6 2 9 6 2 . 7 1 9 0 
U3=THK0AT VEL= 4 9 . 8 5 0 6 4 7 . 9 1 8 8 4 6 - 1 3 0 8 4 4 . 4 8 2 2 4 2 . 9 5 7 9 4 1 . 5 4 4 7 
Y=AREA M \ T I 0 = . 8 2 0 2 - 8 2 0 2 . 6 2 0 2 . 8 2 0 2 . 8 2 0 2 . 8 2 0 2 
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l t f P E L L b R U I M E N S I O N S 

N O . OF B L A O t S I M P E L L E D WIDTH S P E C I F I C S P E E D S U C • S P E C • S P E E D 
2 = 7 . B 2 = 2 . 2 0 0 M S = 2 2 3 9 ^ 6 S S = 1 0 2 2 7 . 6 

IM* t L L E R I N L E T L O C A T I O N 
A o C 

1 6 . 7 3 1 8 .2*« 1 5 . 8 7 
C U 1 = 4 . 8 9 
u i = 5 0 . 9 5 
D l = 1 2 . 1 2 5 6 • o 6 7 2 . 8 0 0 

A L F A 1 TOH=H H T = : H / E F F 
1 5 • 0 DEG 2 5 0 . 0 0 F T 2 7 3 . 9 2 F T 

b E T A 2 < E X I T ) = l c . 0 0 0 0 1 9 , 0 0 0 0 2 0 . O O O u 2 1 • 0 0 0 0 2 2 . 0 0 0 0 2 3 . 0 0 0 0 
0 2 = 1 6 . 1 8 3 8 1 7 . 9 6 8 1 1 7 . 7 7 6 9 1 7 • 6 0 8 1 1 7 . 4 5 3 3 1 7 . 3 1 2 4 
b t T A - l AT A = 1 2 . 0 6 3 4 1 2 . 0 6 3 4 1 2 . 0 6 3 4 1 2 • 0 6 3 4 1 2 . 0 6 3 4 1 2 . 0 6 3 4 
B E T A - i b = 2 1 . o 0 1 6 2 1 , b 0 l 6 2 1 . o O l b 2 1 . 6 0 1 6 2 1 . 6 0 1 6 2 1 . 6 0 1 6 
b E T A - 1 C = 4 2 . 7 8 3 9 4 2 . 7 8 3 9 4 2 . 7 8 3 9 4 2 • 7 8 3 9 4 2 . 7 8 3 9 4 2 . 7 o 3 9 
R = P R £ K 0 T . I MO. = 1 . 0 6 5 8 1 . 0 & 5 8 1 . 0 8 5 6 1 • 0 8 5 6 1 . 0 8 5 8 1 . 0 6 5 8 
CMO-RECGM • 1 6 . 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 1 8 • 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 
M-1l = . 1 4 3 8 • 1 4 3 8 • 1 4 3 8 • 1 4 3 6 . 1 4 3 8 . 1 4 3 6 
C M 1 / C M 2 = . 9 7 7 6 . 9 7 1 5 . 9 6 5 1 • 9 5 9 3 . 9 5 4 1 . 9 4 9 3 
KiM2= . 1 4 7 1 • 1 4 6 0 . 1 4 9 0 • 1 4 9 9 . 1 5 0 7 . 1 5 1 5 
KU 2 = 1 . 0 9 5 6 1 . U 6 2 6 1 . U 7 1 2 1 • 0 6 0 9 1 . 0 5 1 6 1 . 0 4 3 1 
C M 2 = 1 6 . 6 5 3 6 1 6 . 7 7 0 9 1 8 . 6 9 4 8 1 9 . 0 0 9 1 1 9 , 1 1 3 9 1 9 . 2 1 0 3 
C U 2 = 6 1 . 5 4 4 8 6 2 . 7 9 2 2 6 3 . 9 4 7 3 8 5 . 0 3 5 5 6 6 . 0 6 4 3 8 7 . 0 3 9 5 
U 2 = 1 3 6 . 9 5 9 3 I 3 7 . 3 1 H 1 3 5 . 8 6 4 6 1 3 4 • 5 5 9 8 1 3 3 . 3 7 6 7 1 3 2 . 2 9 9 8 
C M 2 / U 2 = • 1 3 4 2 . 1 3 6 7 . 1 3 9 1 • 1 4 1 3 . 1 4 3 3 • 1 4 5 2 
C U < d * / l i 2 — . 4 6 6 7 . 4 7 7 9 . 4 3 8 1 • 4 9 7 6 . 5 0 6 4 . 5 1 4 6 
P = S T 0 D 0 L A S L I P . 2 5 7 5 • 2 6 1 7 . 2 6 5 9 • 2 7 0 1 . 2 7 4 3 . 2 7 6 4 
H T - I N F . 3 4 4 . 4 5 4 9 O 4 5 . 6 0 1 0 0 4 6 . 7 5 6 4 3 4 7 • 9 0 3 2 3 4 9 . 0 4 1 1 3 5 0 . 1 7 0 6 
D 2 / D 2 = . 1 2 1 0 • 1 2 2 4 . 1 2 3 7 • 1 2 4 9 . 1 2 6 1 . 1 2 7 1 
A 2 - P * 0 J L C T f c D = 3 4 . 9 8 1 5 3 6 . 5 6 0 8 3 3 . 1 7 6 5 3 9 • 7 6 2 2 4 1 , 3 3 7 3 4 2 « 9 u l 6 
A 2 = E X 1 T A 8 t A = J 6 . 6 9 2 0 3 6 . 4 0 7 0 3 9 . 9 2 2 8 4 i • 4 2 9 3 4 2 . 9 2 5 8 4 4 * 4 1 2 0 

D I F F U S C R OIfv.tiN»SlO!MS 

J M U . O F . v Ai« E S = 6 . 0 0 0 0 
A 3 = T H K 0 A T A R t A 4 4 . 9 6 0 7 4 6 . 6 2 7 8 H 3 . O 7 5 9 5 0 • 5 3 2 7 5 2 . 3 3 7 4 5 4 . 1 4 9 4 
t 3 = D I F F . L»£PTH= 2 . 5 3 0 0 2 . 5 3 0 0 2 . 5 3 0 0 2 • t > 3 0 0 2 . 5 3 0 0 2 * 5 3 0 0 
0 3 = I U S C . C I R C L E 2 . 2 2 2 4 2 . 3 l 3 o 2 . 4 0 4 9 2 . 4 9 5 7 2 . 5 8 5 8 2 . 6 7 5 4 
U J ^ T H R O A T VEL= 4 6 . 2 0 S 2 4 4 . 3 6 5 5 4 2 . 7 0 0 3 4 1 . 1 4 7 5 3 9 . 7 1 3 0 3 8 . 3 o 4 l 
* = A R £ A | < A T I O = . 6 2 0 2 . 6 2 0 2 • 6 2 0 2 • 6 2 0 2 , 8 2 0 2 . 8 2 0 2 
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IMPELLER D I M E N S I O N S 

NO, OF HLADES 
2 = 7 . 

Ci/l-
C U 1 = 
u i = 
D I = 

I M P E L L E R WIDTH 
8 2 = 2 . 4 0 0 

S P L C I F I C SPEED 
NS= 2 2 3 9 . Q 

S U C . S P E f . S P E E U 
S S = 1 0 2 2 7 . 6 

A 
ia.7j 

1 2 . 1 2 6 

I M P E L L E R I N L E T L O C A T I O N 
ii 

18.2/+ 
4 . 8 9 
50.95 

6 . 6 6 7 

C 
1 5 . 8 7 

2 . 8 0 0 

A L F A 1 TuH=M HT=H/FFF 
1 5 . 0 LEO 2 5 0 « 0 0 FT 2 7 3 . 9 2 F T 

bETA 2 ( L X 1 T ) = 1 6 . 0 0 0 0 1 9 . 0 0 0 0 2 0 . U 0 0 0 2 1 . 0 0 0 0 2 2 . 0 0 0 0 2 3 • o o o n 
\j<L- 1 7 . 8 8 0 6 1 7 . 6 8 0 0 1 7 . 5 0 4 5 1 7 . 3 4 6 4 1 7 . 2 0 3 4 1 7 . 0 7 3 4 
b E T A - 1 M A s 1 2 . 0 6 3 4 1 2 . 0 6 3 4 1 2 . 0 6 3 4 1 2 . 0 6 3 4 1 2 . 0 6 3 4 1? , 0 b 3 4 
t S E T A - 1 13 = 2 1 . 6 0 1 6 2 1 • b 0 1 6 2 l . o 0 1 6 2 1 • 6 0 1 b 2 1 . 6 0 1 6 2 1 * 6 0 1 6 
B L T A - 1 C = 4 2 . 7 8 3 9 4 2 . 7 8 3 9 4 2 . 7 8 3 9 4 2 . 7 8 3 9 4 2 . 7 8 3 9 4 2 • 7 d 3 9 
R = P R E R C T . f . O . = 1 . 0 8 5 8 1 . 0 6 3 8 1 . 0 6 5 8 1 • 0 8 5 b i . 0 8 5 8 1 • 0 b 5 8 
C M O - R L C O ^ . 1 6 . 2 3 6 1 1 8 . 2 3 6 1 1 6 > 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 1 8 . 2 3 6 1 
KM1 = . 1 4 3 8 . 1 4 3 3 . 1 4 3 8 • 1 4 3 8 . 1 4 3 8 . 1 4 3 8 
C M 1 / C k 2 = 1 . 0 4 6 7 1 . 0 4 1 1 1 . 0 3 5 0 1 . 0 2 9 5 1 . 0 2 4 5 1 . 0 2 0 0 
KM2= . 1 3 7 4 . 1 3 5 1 . 1 3 8 9 • 1 3 9 7 . 1 4 0 3 . 1 4 1 0 
K U 2 = 1 . 0 7 7 3 1 • Ut>52 1 . 0 5 4 6 1 . 0 4 5 1 1 . 0 3 6 5 1 . 0 2 8 7 
CM2= 1 7 . 4 2 2 4 1 7 . 5 1 7 2 I 7 . b l 9 7 1 7 . 7 1 3 9 1 7 . 7 9 9 9 1 7 . 0 7 8 6 
CU2 = o 3 . 0 l 6 9 8 4 . 2 3 1 4 8 5 . 3 5 4 1 8 6 . 4 1 0 1 8 7 , 4 0 6 9 8 8 . 3 5 0 6 
U £ = 1 3 o . b 4 l 8 1 3 5 . 1 0 ^ 1 1 3 3 . 7 6 7 7 1 3 2 • 5 6 0 0 1 3 1 . 4 6 6 7 1 3 0 . 4 7 3 4 
C M 2 / U 2 = . 1 2 7 5 . 1 2 9 7 . 1 3 1 7 • 1 3 3 b . 1 3 5 4 . 1 3 7 0 
C U 2 » / U 2 . 4 8 2 6 • < * 9 3 6 . 5 0 3 5 • 3 1 2 7 , 5 2 1 2 . 5 2 9 1 
PsSTOLOLA S L I P . 2 5 6 9 . 2 6 3 1 • 2 b 7 3 • 2 7 1 5 . 2 7 5 6 . 2 7 9 7 
h T - I h j F . 3 4 4 . 5 3 3 0 3 4 5 • 9 7 6 6 o 4 7 . 1 3 4 4 3 4 8 • 2 8 1 1 3 4 9 . 4 1 8 3 3 5 0 . 5 4 6 6 
b 2 / D 2 = . 1 3 4 2 . 1 3 5 7 • 1 3 7 1 • 1 3 8 4 . 1 3 9 5 . 1 4 0 6 
A 2 - P a C J E C T L O = 3 7 . 4 5 5 0 3 9 . 1 9 9 1 4 0 . 9 3 9 5 4 2 • 6 6 9 8 4 4 . 3 8 9 3 4 6 . 0 9 7 7 
A2=EXl"T mREA= 3 9 . 5 7 4 6 4 1 . 2 2 6 6 4 2 . 8 7 9 9 4 4 • 5 2 3 9 4 b . 1 5 7 5 4 7 . 7 6 0 6 

OIFFU^EN ULRTENBIONS 

niO.OF . V A N E S -
A ^ = T H K 0 A f AREA 
b 5 = D l F F . D E P T H S 
D 3 = I . M S L . C I R C L E 
U 3 = T n h o A | V E L = 
Y=AR£A R A T I 0 = 

tJ.0000 
4 8 . 2 5 1 5 

2 . 7 6 0 0 
2 . 1 6 5 3 

< • 3 . 0 7 5 9 
. 6 2 0 2 

5 C , 2 6 5 7 
2 . 7 6 0 0 
2 . 2 7 6 5 

4 1 . 5 4 9 8 
.8202 

5 2 . 2 8 1 5 
2 . 7 o 0 0 
? . 3 6 7 8 

3 9 . 7 5 5 5 
.6202 

5 4 . 2 8 5 6 
2 . 7 6 0 0 
2 . 4 5 8 6 

3 8 . 2 8 7 O 
.8202 

5 6 . 2 7 7 7 
2 . 7 6 0 0 
2 . 5 4 8 8 

3 6 . 9 3 2 5 
.R202 

5 8 . 2 5 6 6 
2 . 7 6 0 0 
2.6384 

3 5 . 6 7 7 9 
.8202 



DISCHARGE ANGLE } (DEG) 

Fig. 3.13. Impeller Outside Diameter as a Function of Vane Discharge Angle and Impeller Width (b2). 
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ETR5-41 

NUMBER OF VANES (Z) 

Fig. 3.14. Impeller Diameter as a Function of the Number of Vanes 
and the Prerotation Angle (Q^)* 

Diffuser dimensions are also printed out in the computer data sheets, 
and the design of diffusers and volutes is discussed in Subsection 3.7. 
An experimentally verified design chart for values of the ratio of the 
impeller discharge area (A2) to the diffuser throat area (A3) as a func-
tion of specific speed is illustrated in Fig. 3.15. This area ratio (Y), 
discussed in Refs. 8, 9, and 10, is gaining wide use among pump designerJ. 

At this point in the design procedure, the elements of experience 
and prior art are essential to the production of a successful design. A 
brief discussion of the graphical techniques involved is presented in 
Subsection 3.4. A complete treatment of impeller layout is outside the 
scope of this document. 
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ETR5-41 

1000 2 0 0 0 3 0 0 0 4 0 0 0 5 0 0 0 6 0 0 0 

SPECIFIC SPEED <Ns = N . q V H 3 / 4 ) 

Fig. 3.15. Ratio of Impeller Exit Area (A2) to Diffuser Throat Area 
(A«) as a Function of Specific Speed. 
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3.4 Graphical Techniques 

From the one-dimensional approach to fluid mechanics discussed in 
Subsection 3.3, it would appear that one need only specify the inlet and 
discharge geometry of an impeller. However, this is not the case- The 
specification of vane and shroud shapes is a problem of finding the most 
efficient transition from the inlet to the discharge, and many procedures, 
including computerized ones, are used to attain this goal. A truly ana-
lytical approach to fluid flow around stationary boundaries is often 
beyond reach. If the boundaries (impeller passages) are rotating, a 
truly analytical approach to the resulting complex flow is at best a com-
parative device that leaves the final geometry of the impeller far from 
being specified. The problem is further complicated because in general, 
flow through an impeller is not confined to radial planes, as is indicated 
in the one-dimensional approach. This means that the impeller vanes will 
usually be surfaces with double curvature or twist. 

The final representation of an impeller involves a graphical inter-
section of the impeller with a family of plane, conical, or cylindrical 
surfaces. An impeller contour represented by conical surfaces intersect-
ing radial planes is illustrated in Fig. 3.16. Such a graphical 

ETR5-32 

•0 

Fig. 3.16. Impeller Contour Represented by Conical Surfaces Inter-
secting Radial Planes. 
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representation is not only useful for specifying the final shape of the 
impeller but also for use in the final design where the area transition 
and vane contour transition through the impeller are considered. 

There are other graphical procedures that can be used in designing 
a new impeller. One technique that is highly regarded among the more 
scholarly impeller designers involves a conformal transformation or map-
ping4 in which contour lines of the curved impeller vane are mapped into 
a plane in which the lines can be more readily adjusted to produce a 
smooth transition from the impeller inlet to the discharge* Experimental 
results have shown that what looks good to the experienced eye usually 
produces reasonable results. There are a few rules that are normally 
followed, and these include the 
1. avoidance of abrupt changes in the surface contour of the vanes, 
2. avoidance of reversed curvature (inflection points), and 
3. provision of a smooth and approximately linear flow area transition 

because a centrifugal pump impeller is also in effect a diffuser. 
The finished layout of a highly efficient pump impeller also incor-

porates the all-important elements of prior art, most of which are con-
sidered proprietary information by the various pump manufacturers. How-
ever, the method most widely used by the pump manufacturers is the method 
of error triangles. The principle of this method is described in detail 
in Chapter 6 of Ref. 3. 

3.5 Cavitation Limits 

Of major concern in the design and application of most centrifugal 
pumps is the region in the vicinity of the inlet section of the impeller. 
Since the fluid pressure is the lowest in this region, the inlet section 
of the impeller must be examined from the standpoint of the vaporization 
pressure of the liquid to be pumped. If any significant degree of vapor-
ization occurs, the overall performance of the pump will be correspond-
ingly reduced below acceptable levels. A further consideration is the 
eventual damage of the impeller resulting from the violent collapse of 
vapor pockets as they move into the impeller and higher pressure regions. 
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From a design standpoint, the major criterion related to cavitation 
is one of avoidance. To avoid a cavitation problem in the operation of 
a given centrifugal pump, the pump must be supplied with enough suction 
head to maintain the available NPSH above the minimum required for the 
given operating conditions. The term NPSH is defined as the total hydrau-
lic energy content of the fluid as it enters the impeller (pty + V2/2g)s 
minus the vapor pressure head (pv/7> of the fluid at the pumping temper-
ature. When hydraulic energy is expressed on a unit weight basis 
(ft-lb/lb = ft) and these two hydraulic energy quantities are referred 
to some common reference level (zero absolute pressure), the net positive 
suction head can be defined as 

The minimum required NPSH can be thought of as the amount of hydraulic 
energy (above vapor pressure) required to suppress vaporization at the 
inlet section of the impeller. The minimum required NPSH for a given 
pump varies with flow and is determined experimentally on either a proto-
type or a homologous model of the pump. The NPSH requirements are usually 
included as part of the general performance data for the pump, as illus-
trated in Fig. 3.17. 

NPSH = (Suction Head) - (Head of Vapor Pressure) (3.39) 

ETR5-33 
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Fig. 3.17. General Performance Data for a Centrifugal Pump 
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To determine the correspondence between the NPSH requirements for 
a prototype and those for a homologous model, the following dimensionless 
relationships are used. 
If (N_) = (N ) , , , (3.40) 

(3.41) 
^prototype ^s^model ' 

(S ) = (S ) s prototype s model 
Equations 3.40 and 3.41 can be written more completely as 

N(Q) 1/2 
H 3 / 4 

prototype 
ILCQi 1 /2 
H 3 / 4 

(3.42) 
model 

and MSI 1/2 
(NPSH) 3/4 J pro to type 

N(Q) 1/2 
(NPSH)3/4 

(3.43) 
-•model 

Division of Eq. 3.42 by Eq. 3.43 and raising of the resulting equation to 
the 4/3 power yields the expression necessary to relate the cavitation 
limits of the prototype and the model. For 

(N ) „ „ = (N ) . _ s prototype s model 

NPSH\ 
H J prototype 

NPSH\ 
^ I model 

(3.44) 

As an example of how this modeling law would be used, suppose that 
the minimum required NPSH for a prototype is to be computed at the best 
efficiency point, which is at N = 1200 rpm. At this point, the flow 
Q = 50,000 gpm and the head H = 200 ft. The specific speed of the 
prototype 

N = 1200(50,000)1/2 = 5 Q 4 5 # ( 3 - 4 5 ) 
S (200) 3 / 4 

Assume that the best efficiency point of the homologous model was obtained 
from results of model tests under the conditions N = 3600 rpm, Q = 4200 
gpm, and H = 166 ft. The specific speed of the model 

= 3600(4200)1/2 = 
s (I66)3/4 

5045 (3.46) 

The minimum required NPSH for the model = 66.7 ft. The minimum required 
NPSH for the prototype 
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(NPSH) = (H) prototype prototype 
NPSH\ 

H I 
(3.47) 

model 

= (200)||~ = 80.4 ft . 

Suppose the pumped fluid is water at a temperature of 600°F. The minimum 
required head at the impeller inlet (suction head) would be computed for 
a vapor pressure p^ = 1542.9 psia and a fluid weight density 7 = 42.3 
lb/ft3. The vapor pressure head 

H = v y 
v (3.48) 

= 1542.9(144 in.2/ft2) 
42.3 

= 5252.4 ft. 

From Eq. 3.39, the suction head 
H = NPSH ,+ H = 80.4 + 5252.4 s v 

= 5332.8 ft . 

The required average pressure at the impeller inlet can be calculated 
by uping the expression 

H - * + F s I7 2gfs (3.49) 

Suppose that the inlet diameter of the impeller D^ - 30 in. =2.5 ft. 
The average fluid velocity at the impeller inlet region 

12.5 f t \ 2 

M 2 - ) 
= 22.7 ft/sec . 

From Eq. 3.49, the required average pressure at the impeller inlet 
(suction) is given by the expression 

(3.50) 

Ps = Hs - S ) ' 
v 

5332.8 - i2};1) 64.4 

(3.51) 

42.3 
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= 225,239 lb/ft2 absolute 
=; 1564 psia • 

If the system pressure was 2000 psia, the safety margin would be 
(2000 - 1564)psia « 436 lb/in.2 

This is extremely conservative from the standpoint of what is normally 
thought to be a sufficient safety margin for suction pressure. 

Cavitation of centrifugal pumps in pressurized-water reactor cool-
ant systems is not a major problem because the system pressure is quite 
high (1200 to 2200 psig) and therefore considerably above that required 
to guarantee avoidance of the vaporization-cavitation phenomenon. 

3.6 Pump Testing 

The present state-of-the-art of impeller design has resulted from 
many years of progressive improvement through testing of new and old 
ideas. Experimental test results are combined with similarity relation-
ships to provide a quick and fruitful method for designing new impellers. 
Most pump manufacturers have already developed highly efficient impellers 
for the main portion of the specific speed range (500 to 15,000), and the 
problem of designing a new impeller is reduced to one of scaling the size 
up or down from a previous design of approximately the same specific 
speed. A large percentage of new impellers are designed in this fashion. 
Occasionally, an original design for an impeller is necessary because of 
some special requirement. Even though such a design is not a simple mat-
ter of scaling from a previous design, previous test results are heavily 
relied upon. 

The testing of pumps at actual operating temperature conditions is 
an expensive process that is not required by the user in many cases. 
However, reliable extrapolation of cold or low-speed test data to hot or 
high-speed conditions is essential, but the method of interpretation and 
the magnitude of correction are heavily disputed. The best presently 
known method is outlined in the following paragraphs. 
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A full-scale pump is to be tested with water at a temperature of 
500°F. However, the customer's specification permits a low-temperature 
test at T = 125°F. The pump is to be tested at full speed, and the 
operating conditions are 

Q = flow = 6000 gpm, 
N = rotational speed = 1750 rpm, 

TDH = total dynamic head = 250 ft, 
T2 = high temperature = 500°F, and 
D = outside diameter of impeller = 17.5 in. = 1.458 ft. 2 

The cold test resulted in a pump efficiency r̂  = 84%. To determine the 
efficiency expected at T 2 = 500°F, the equation for conversion is 

^ = 1 - (1 - r^) 

where 
Rex = Reynolds number for low-temperature condition, 
Re2 = Reynolds number for high-temperature condition, and 
x = exponent whose values are illustrated in Fig. 3.18. 

The Reynolds number ratio 

(3.52) 

Rei Ni^(i)/ 6 0 vi R_ = — = . (3.53) 
1162 Vfi<.)/«v. 

The test is of a full-scale pump = a t sPeec* = 

Therefore, from Fig. 3.19, the Reynolds number ratio 

R e Vi 5.70 X 10"6 

The first step illustrated in Fig. 3.20 provides a quick check on the 
calculated Reynolds number ratio. 

RRp = 0.250 . 

The next step is to determine the exponent x with the aid of Fig. 
3.18. The Reynolds number during the low-temperature test 

. . 3.1416(1750)(1.458)* _ 3. 4 2 x 10-s . ( 3. 5 4 ) 
1 6 0 V 60(5.7>(10-s) 
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1) = I" (1-17,) • 
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Fig. 3.20. Pump Efficiency as a Function of Temperature, Reynolds 
Number Ratio, and Exponent x. 
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From Fig. 3.18, the value of the exponent x = 0-01. In Fig. 3.20, go 
down vertically to the x = 0.01 line and then to the left to obtain the 
value R R e

X = 0.986 and all the way to the left to the T̂  = 84% line. 
Moving vertically downward to the rj2 line, the pump efficiency for the 
high-temperature condition 

t\2 = 84.22% . 

Hence, the efficiency gain to be expected from pump tests at a temperature 
of 500°F is only l/470. The same procedure should be followed when dif-
ferent speeds are used during testing or if a geometrically scaled-down 
model is tested. However, this method is valid for interpretation of 
model testing only if there is a small (+10%) deviation in the dimensions. 

3.7 Casing Design 

The pump casing can be loosely defined as that part of the pump 
structure which encases the impeller and includes the suction and dis-
charge nozzles. The casing serves two main purposes: (1) it is the pri-
mary pressure containment and (2) it gives proper direction to the flow 
as the fluid passes through the pump. The suction nozzle, which is 
usually at the bottom, directs fluid to the impeller inlet. The impeller 
discharge is collected, diffused (portions of kinetic energy are con-
verted into pressure energy), and directed to the discharge nozzle by the 
casing. There are some slight variations in the ways in which these 
casing functions are enacted, and these variations are representative of 
the type of casing used. The casings used on reactor coolant pumps are 
of two types: volute and diffuser. Typical diffuser and volute casings 
are illustrated in Fig. 3.21. 

A volute or diffuser collects the flow that is discharged from the 
impeller and changes a substantial portion of the kinetic energy of the 
fluid into pressure energy. The remainder of the diffusion process takes 
place in the casing discharge pipe, which is usually a short conical sec-
tion. Although the volute or diffuser does not produce any head, it has 
a major influence on the performance characteristics of a pump. The 
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Fig. 3.21. Typical Diffuser and Volute Pump Casings. 

volute or diffuser and the impeller act together in determining the flow, 
and it is impractical to consider either part as independent of the other. 

the volute rather than the impeller which determines the location of the 
best efficiency point for low and moderate specific speeds. At higher 
specific speeds in excess of about 3500, the volute areas become less 
influential in the determination of the best efficiency point and the 
impeller inlet conditions become more influential. 

The majority of the single-stage pumps built in the United States 
have a volute type of casing. When compared with a casing having diffu-
sion vanes, the main advantage of the volute casing is its simplicity. 
One advantage to the use of a diffuser casing is that the peak efficiency 
of the pump is usually 1 or 2% higher3 than that of the same pump with a 
volute casing. However, during off-peak conditions, the mismatch between 
the discharge velocity angle and the diffuser vane angle of the Jiffuser 
casing causes the efficiency of the pump to be less than that of the same 
pump with a volute casing. In other words, a volute produces a flatter 
characteristic curve and is therefore a better performer for wide-range 
pump operation. 

Detailed experimental measurements11 have demonstrated that it is 
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3.7.1 Volute Casing Design 

Volute casings are of two types: single volute and multichanne 
volute. Volute casings used on primary reactor coolant pumps are usually 
of the multichannel type because of the associated reduction in radial 
pressure loading on the impeller. The diffusion process and the collec-
tion process are performed simultaneously in a volute casing. As previ-
ously discussed, the volute casing produces a considerably flatter effi-
ciency characteristic curve than the diffuser casing. In contrast to the 
diffuser casing, a particular volute casing can be designed to accommodate 
impellers of somewhat different sizes. These two features make the use 
of volute casings considerably more flexible than that of diffuser 
casings. 

Designing a volute casing is anything but an exact science because 
of the complicated fluid flow patterns in volutes. The simple approach 
of maintaining a constant average velocity through the volute is used in 
the design of most volute casings. The use of this approach dictates the 
condition that the volute flow area increases linearly with angular loca-
tion from the cutwater. This requirement is combined with experimentally 
determined coefficients (based on optimum efficiency) to determine the 
size and geometry of the volute. The experimental volute constants can 
be correlated with specific speed, as is illustrated in Fig. 3.22. 

The optimum average velocity through the volute 

C3 * K^(2gH)l/2 , (3.55) 

where K = experimentally determined volute velocity constant. Consider-
able deviation from the average value of Kg as a function of specific 
speed (illustrated in Fig. 3.22) is possible and usually occurs when the 
diameter of the impeller is reduced or when several impellers are used 
with the same volute. 

The angle of the volute cutwater (tongv-a) av, illustrated in Fig. 
3.23, is selected to correspond to the direction of the absolute velocity 
vector at the impeller discharge. The influence of this angle on effi-
ciency for low and medium specific speed pumps is not great, but for high 
specific speeds, the length and shape of the cutwater become critical to 
pump efficiency. 
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Fig. 3.22. Correlation of Volute Constants With Specific Speed 
(from Ref. 3). 

ETR5-33 

Fig. 3.23. Pumping Diagram of Volute Casint 
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The width of the volute (b ) is usually sized by using the following 
approximate ratios. For small pumps of low specific speed, the volute 
width 

b3 = 2.0b2 , (3.56) 

where b£ ~ width of the impeller. For pumps of medium specific speed, 
b3 = 1.75b2 , (3.57) 

and for pumps of high specific speed (greater than 3000), 
b3 = 1.6b2 . (3.58) 

Hydraulic losses in the volute are less if the high-velocity flow dis-
charging from the impeller meets a body of liquid rather than stationary 
walls. This is why the values of b3 in the preceding ratios are substan-
tially larger than the value of b2« 

The radii defining the outline of the volute in Fig. 3.23 are not 
selected by any special formulation but are merely chosen as a convenient 
way of defining the shape of the volute on the casing layout. To begin 
a volute layout, the diameter of the base circle (D ) of the volute must O 
be fixed. There is a minimum gap 

D3 - D2 
P = — (3.59) 

2 

required between the outside diameter of the impeller and the volute to 
produce quiet and efficient operation. However, an unnecessarily large 
base circle reduces the pump efficiency since extra power is required to 
circulate liquid through the gap between the cutwater and the impeller. 

One can see from Fig 3.22 that for a given head and flow, an increase 
in the speed of the impeller (and thus an increase in the specific speed) 
reduces the diameter of the volute base circle (Dg) and thereby increases 
the required volute flow areas. As previously discussed, an increase in 
speed for a given head and flow reduces the required diameter of the 
impeller. However, the overall physical dimensions of the pump casing 
are determined by the size of the volute areas and the diameter of the 
bnno rirclp of the volute. For a given head and flow, the required 
vuiuLe areas increase as specific speed is increased but the diameters 
of the volute base circle and the impeller decrease. The two will 
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balance each other at a certain specific speed, and a further increase in 
specific speed will not reduce the overall size and weight of the volute. 

3.7.2 Radial Load in Pumps With Volute Casings 

When a pump is operating close to the design capacity, the pressure 
distribution in the volute is approximately uniform around the. periphery 
of the impeller, as is illustrated in Fig. 3.24. However, during off-

Fig. 3.24. Zero Radial Reaction in Single Volute Casing of Pump 
Operated Close to the Design Capacity. 

peak operation, the pressure distribution becomes nonuniform along the 
periphery of the impeller, as is illustrated in Fig. 3.25. When the impel 

BXR5-4Q 

Fig. 3.25. Radial Reaction in Single Volute Casing of Pump During 
Off-Peak Operation. 

ler is viewed as a free body within the volute, it is seen that this non-
uniform pressure distribution in the volute will result in a net radial 
load on the impeller that must also be taker by the bearings* The magni-
tude of this radial load or reaction is illustrated in Fig. 3.26. The 

EIK5-J9 
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Fig. 3.26. Radial Reaction as a Function of Capacity. 

radial reaction (F) decreases from shutoff to design capacity and then 
increases with overcapacity. With overcapacity, the reaction is roughly 
in the opposite direction from that with partial capacity? 

This radial load will cause shaft deflection, which ,">uld result in 
rubbing at the close running concentric clearances. Shaft deflection can 
also lead to fatigue failure of the shaft. Frequently, the magnitude of 
the radial force is great enough (especially in pumps with high heads) to 
require the use of a multichannel volute constructed so that the nonuni-
formities in the pressure distribution produce equal and opposite reac-
tions, as illustrated in Fig. 3.27. 

ETR5-42 

Fig. 3.27. Double Reactions in Double-Volute Casing. 

An empirical equation3 that is frequently used to calculate the 
radial force in single-volute pump casings is as follows. 

(3.60) 
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where 
P = radial force, lb, 
K = radial thrust factor, 
D^ -outside diameter of impeller, in., and 
b = impeller width, in. 

The radial thrust factor 

K = 0.36 1 -
m 

Q J . 
(3.61) 

where 
Q = flow and 
Q^ = design flow. 

The value of K has been experimentally shown12 to be a function of spe-
cific speed, as illustrated in Fig. 3.28. These experimental results 
also verify that the minimum radial thrust occurs at the design flow. 
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Fig. 3.28. The Radial Thrust Factor (K) as a Function of Specific 
Speed (Ns) and Capacity (Q) (from Ref. 12). 

However, Eq. 3.60 is not valid for prediction of the radial force in 
a multichannel volute. The most reliable prediction for a multichannel 
volute is achieved by adroit use of experimental results. Reference 12 
is probably the best single published source of such experimental results. 
These test results cover a number of different types of casings for pumps 
with several different specific speeds that cover essentially the complete 
specific speed range. The test results also verify that certain modeling 
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laws (similar to those used in impeller design) can be used to accurately 
predict: radial thrust for one pump from the test results on another homol-
ogous pump. 

Experimental results12 which show that for a given impeller shape 
and particular flow pattern, the radial force follows the same modeling 
law followed by the head are illustrated in Fig. 3.29. The head 

H ^ N2D^ , (3.62) 
2 

where 
N = rotational speed, rpm, and 
Dp = outside diameter of the impeller, in. 

ETR5-44 

Fig. 3.29. Effect of Speed on Radial Force (from Ref. 12). 

As shown in Fig« 3.29, for a given impeller running at various 
speeds, the radial force P « H at constant Ns and constant D2. If the 
effect of different impeller sizes is taken into account, the radial 
force 

P « D|H at constant Ng . (3.63) 

The area varies as D2, and this combined with Eq. 3.62 results in the 
following modeling law for homologous impeller-volute combinations for 
single-volute casings. 

P « N2D* , (3.64) 
p or — — = constant at N,. = constant . (3.65) 

2 
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From Eq. 3.65, the radial force of one pump can be calculated by using 
experimental data for a homologous pump. 

Equation 3.66 should produce reasonably accurate answers for multichannel 
volutes since the similarity relationships used in its derivation also 
apply to pumps with multichannel volute casings. Actually, the predic-
tion of radial force in a multichannel volute need not be as accurate as 
for a single volute since by its very nature the multichannel volute 
eliminates most radial thrust. In the absence of experimental results or 
a homologous model of a pump with a multichannel volute casing, a good 
idea of the effect of casing design on radial force can be obtained from 
Fig. 3.30. The experimental resu Its12 for three different types of 
casings at three different specific speeds are illustrated in Fig. 3.30. 

3.7.3 Diffuser Casing Design 

A diffuser cascade -sjrrounded by a concentric collector casing per-
forms the same function a volute casing. However, as previously dis-
cussed, a diffuser is not as simple a structure as a volute. The outer 
boundary of a diffuser casing is essentially a body of revolution except 
for the discharge nozzle. A number (usually the smallest prime number 
larger than the number of impeller vanes) of equally spaced diffuser 
vanes are located inside the diffuser casing peripheral to the impeller. 
These vanes are designed to perform the desired degree of diffusion at 
the design operating point of the pump. The diffuser vanes discharge 
into the outer section of the casing which acts as a collector and directs 
the flow to the discharge nozzle. Since the placement of diffuser vanes 
is symmetric with respect to the impeller discharge, there is no problem 
of hydraulic radial thrust associated with the use of a diffuser cascade. 
This characteristic of causing little or no net radial pressure loading 
on the impeller is a major advantage in the use of diffuser casings. 

at Ng = constant (3.66) 
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Fig. 3.30. Effects of Three Different Casing Designs at Three 
Different Specific Speeds on Radial Force (from Ref. 12). 

However, diffuser vanes should not be confused with vanes used in 
multi-vane volutes. The main function of diffuser vanes is to efficiently 
change velocity energy into pressure energy. Volute vanes are not 
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intended to pel-form a diffusion process but rather to act only to reduce 
hydraulic radial thrust. 

The biggest advantage of the diffuser casing over the volute casing 
is that it can be designed into a smaller space, but the manufacturing 
costs are greater, especially if machined diffuser passages are required* 
A pump with a diffuser casing has a higher peak efficiency than its 
counterpart with a volute casing, but its main disadvantage is that its 
efficiency characteristic is much more "peaked" than that of the pump 
with a volute casing. A diffuser casing must be designed for a particu-
lar impeller size and speed, and it does not perform as efficiently with 
an impeller of somewhat different parameters than originally intended. 
However, a volute is considerably more flexible in this respect since it 
can accommodate impellers of various diameters and still perform with 
good efficiency. 

The design criteria used in laying out a diffuser casing are very 
similar (and in some features identical) to that for a volute. The 
details of the design procedure are covered quite adequately in Refs. 3, 

6, and 13; and the importance of the throat area is discussed in Sub-
section 3.8. 

3.8 Stability of Head-Capacity Curves 

The pumping requirements of a high-pressure reactor coolant cycle 
are met by using two or more pumps in parallel, as was discussed in Sub-
section 2.1.2. To insure stable pumping, the head-capacity performance 
curve must be a rising curve, rather than a drooping curve, over the 
entire range of possible operation. The pump impeller plays a large part 
in determining the nature of the head-capacity curve-

When a pump must overcome pipeline resistance in addition to a 
static head, the head against which the pump must work varies with the 
capacity. The pipeline resistance increases with the capacity. In this 
case, the operating conditions for the pump are best determined graphi-
cally by plotting both the pump head-capacity curve and the pipeline 
resistance curve (system head curve) on the same sheet and to the same 
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scale. The operating point is that point where the two curves intersect* 
This procedure is very simple when only one pump and one pipeline of con-
stant diameter are involved. However, when more than one pump is used to 
produce the total head, when the pipeline is comprised of several sections 
of different diameters going through points at different elevations, or 
when the flow from a main pipeline is divided; plotting of the pipeline 
resistance curve becomes more complicated. 

In every case, the operating point is obtained as an intersection of 
the pump head-capacity curve and the pipeline system head characteristic 
curve. The system head curve is constructed by adding the friction 
losses at all capacities to the static head that will prevail. The capac-
ity that will be delivered into the system will correspond to the value 
at the intersection of the system head curve and the head-capacity curve 
of the pump or pumps used in the system. The head-capacity curve of the 
pump or pumps used in parallel is constructed by adding the capacity of 
the individual pumps for various total heads. 

The three main arrangements of pumps in overall coolant flow loops 
of pressurized-water reactor systems were illustrated in Fig. 1.2 (page 
4). In the arrangement of Fig. 1.2(A), each steam generator has its own 
pump and as such, parallel pumping is not considered. Each loop has its 
own system head curve (reactor vessel is excluded), and the effect of the 
operation" of one pump on the other will be very insignificant. However, 
when parallel pumping is applied in each loop, as is illustrated in Fig. 
1.2 (B) and (C), a major consideration is that the system head is mainly 
the result of friction. This means that the head against which the pump 
must work increases approximately with Q2. It can therefore be seen that 
when pumps are added in parallel, the flow contribution of each successive 
pump is less than that of the previous pump. This is illustrated in Fig. 
2.2 (page 13). This interplay between the system head curve ana the 
pumping delivery curves must also be examined when the entire possible 
operating range for each pump is defined. 

If the static component represents a large portion of the system 
head and the friction losses are low, parallel operation is an efficient 
process (page 65 of Ref. 5). If the system head is composed almost 
entirely of friction, as is the case for nuclear reactor systems, 
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operating the pumps in parallel will provide less flow through the system 
than is provided by the sum of the flows of the pumps operated individu-
ally. If the number of pumps operated in parallel were increased to a 
very large number, the flow delivered to the reactor would never exceed 
a finite amount (Qraax). illustrated as point D in Fig. 2.2 (page 13). 

The large sizes and high speeds of the more recent nuclear pumps are 
accompanied by magnified operational difficulties that not only hinder 
parallel pump operation but also the operation of a single unit. Vibra-
tion caused by hydraulic forces, larger axial and radial thrust, damping 
effects on critical speeds, and nonsynchronous responses of the rotor all 
contribute to the problems encountered by the designer and the operator. 
Pump damage frequently occurs during constant flow operation at lowered 
NPSH conditions as well as during variable flow operation because of 
hydraulic instability., The discharge pressure pulsations may have high 
amplitudes and indicate a pronounced limit cycle phenomenon shortly after 
the inception of flow instability. The forces are higher today, and dam-
age therefore occurs more violently. The hydraulic and dynamic mecha-
nisms to be considered in predicting and eliminating instability in cir-
culating pumps with specific speeds ranging from 2000 to 5000 were 
enumerated and discussed in Subsection 2.1.2 (page 15). 

Measurements made during actual test observation can be categorized 
as flow pressure oscillation and thrust variation. Each of the following 
geometric locations can be identified as being responsible for oscillatory 
disturbances in the pump. These geometric locations and factors respon-
sible for induced vibration, cavitation, and instability in centrifugal 
pumps include the 
1. inlet guide vanes; 
2. geometry of impeller inlet eye and shaft size; 
3. geometry of impeller discharge, exit angle, and number of vanes; 
4. wearing ring; 
5. radial gap between impeller and diffuser; 
6. misaligned impeller and diffuser; 
7. geometry of diffuser; and 
8= rotor instability. 
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The effects of these geometric locations and factors on pump stability 
are briefly discussed in the following paragraphs. 

3.8.1 Inlet Flow Guidance 

The influence of the impeller inlet guide vanes on both efficiency 
and head stability is significant. If the design conditions at 100% flow 
require zero-degree prerotation, which means axial inlet flow, a mismatch 
of 10% prerotational or counterrotational flow angle will result in a 
2% loss of efficiency for an impeller of medium specific speed, as is 
illustrated _n Fig. 3.31. As illustrated in Fig. 3.32, an increase in 

Fig. 3.31. Effect of Mismatched Impeller Inlet Guide Vanes on 
Efficiency and Specific Speed. 
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the outside diameter of the impeller results in counterrotation at the 
inlet, while a decrease in the diameter results in prerotation. 

For standardization convenience, mismatched geometry is sometimes 
unavoidable. For example, suppose that the impeller guide vanes are cast 
to suit a medium impeller diameter of 15.5 in. If this diameter is 
reduced to 14.5 in. or increased to 16.5 in., the velocity triangles 
illustrated in Fig. 3.32 indicate that prerotation or counterrotation is 
required for the new impeller diameter. However, the flow conditions are 
set by the standard cast part, resulting in a decrease in efficiency and 
a mismatch in specific speed-

Prerotation of the flow at the impeller inlet has a definite influ-
ence on the pump behavior with respect to cavitation. The effect of the 
inlet flox-7 incidence angle at variable flow conditions and inlet velocity 
triangles on three impellers with the same inlet geometry is illustrated 
in Fig. 3.33. The flow incidence angle at the impeller inlet is shown 
between zero and full flow because of the change in the velocity trian-
gles, and the corresponding inlet velocity triangles are also illustrated. 
It is clearly indicated in Fig. 3.3 3 that designs with high prerotation 
are at a disadvantage during part-load operating conditions. While pre-
rotation results in higher inlet vane angles, which is not advantageous, 
it also gives lower inlet relative flow velocities, which is advantageous 
from the NPSH standpoint. Finding the best possible vane inlet angle for 
a certain application is therefore an optimization procedure. The pre-
rotation R^ = 1.15 to 1.25 for single-suction pumps with end suction. 
Lower values of R.̂  are used for low NPSH conditions. Exceeding the upper 
limit of Rx results in a reduction of efficiency, and this has been 
verified experimentally.3 

Stationary guide vanes close to the inlet eye of an impeller with a 
low specific speed raise the shutoff head and assure a constantly rising 
head-capacity characteristic. Conversely, removing the hydrofoils from 
the impeller inlet of an axial flow pump decreases the shutoff head and 
horsepower considerably without changing the head, capacity, and effi-
ciency at the design point. 
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Fig. 3.33. Effect of Inlet Flow Incidence Angle on Three Impellers 
With the Same Inlet Geometry at Variable Flow Conditions and Inlet Veloc-
ity Triangles. 

3.8.2 Flow Instability 

The terms "separation" and "stall" are defined and the different 
types of these phenomena are discussed with respect to a centrifugal 
impeller in Refs. 14 and 15. As the direction of flow changes in the 
vane passages, separation and then stall occur as the flow incidence 
angle is increased. This is illustrated in Fig. 3.34. However, because 
of the nonuniformity of the flow upstream of the inlet edge coupled with 
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Fig. 3.34. Formation of Stall in an Impeller Resulting From the 
Flow Incidence Angle. 

manufacturing and casting inaccuracies, the flow in one passage will 
stall before that in the other passages. A cyclic rotation of stall for-
mation will begin, and the stall will rotate with the direction of impel-
ler rotation for high flows and in the opposite direction for low flows. 
The stalled areas cause dynamic imbalance as well as oscillation of pres-
sures in the hydraulic channels, thereby introducing the condition of 
instability. 

3.8.3 Geometry of Impeller Discharge 

The number of vanes in the impeller and the exit angle play impor-
tant roles in the stability of a pump stage. The development of second-
ary flows, stall, and incipient cavitation in the impeller and in the dif-
fuser channels are all strong functions of the impeller discharge geom-
etry. One criterion to be considered in the selection of the number of 
impeller vanes is the stability of the head-capacity curve. A stable 
head-capacity curve is an absolute necessity since reattor coolant pumps 
are operated in parallel flow circuits. The difference in the character-
istics of the head developed by three impellers with a different number 
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of vanes in the same pump casing is illustrated in Fig. 3.9 (page 61). 
The interrelation of the impeller discharge angle, number of impeller 
vanes, and the head-capacity stability is illustrated in Fig. 3.10 (page 
6 2 ) . 

Under filing or filing away the trailing side of impeller vanes at 
the discharge is a convenient and widely used method of gaining head when 
performance tests reveal that thi head developed is slightly deficient at 
the design capacity. This alteration increases the average discharge 
angle, thereby increasing the tangential component of discharge velocity 
(Cu )• The gain in the magnitude of the tangential component of discharge 
velocity is illustrated in Fig. 3.35. The magnitude of this component of 
velocity enters into Euler's equation, and its increased value gives a 
proportional increase in the developed head. This change is usually 
accompanied by a slight increase in efficiency. 
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Fig. 3.35. Impeller Discharge Velocity Triangle Before and. After 
Filing of Vanes. 

A significant cyclic force is created in the radial gap between the 
outside diameter of the impeller and the leading edge of the diffuser 
because of the sequential passing of the impeller vanes. This wake effect 
at the trailing edge of each impeller vane interacts with the tip of the 
diffuser vane to create an alternating stress pattern resulting from 
cyclic bending of the vane. The cyclic stresses induced in the vane tip 
are amplified by the presence of unstable incipient cavitation, causing 
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oscillating fluid dynamic forces of high magnitudes. The maximum pressure 
oscillation in the depressed regime of the wake can be as much as 807o of 
the total dynamic head developed by the impeller. 

The different harmonics of the impeller structure must also be 
examined. If the low-order mode (first natural frequency) of the impel-
ler coincides with vane passing frequency at operating speeds, the 
dynamic response of the impeller wall and the diffuser vane c&v be sig-
nificant factors that contribute to failure. 

3.8.4 Shaft Diameter 

The continuously increasing diameter of the shaft in current pump 
designs is of concern to the designer from the standpoint of achievable 
efficiency. The smaller shaft diameter yields an impeller geometry that 
is more favorable to efficient performance, as is illustrated in Fig. 
3.36. The hydraulic configuration of the stage indicated by the broken 
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Fig. 3.36. Favorable Changes in Impeller Geometry Resulting From 
Reduced Shaft Diantv-er. 
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lines in Fig. 3.36 yields 
1. a smaller wearing ring diameter and less leakage flow, giving higher 

efficiency; 
2. smaller clearances at the wearing surfaces, better part-load perform-

ance, and less danger of instability; 
3. reduced secondary flow at the impeller inlet eye at part-load capac-

ity, reducing the vibration resulting from pressure pulsation; 
4. a smaller required impeller outside diameter to produce the same head, 

lowering the disk friction; 
5. possible higher speeds, resulting in a smaller unit size; and 
6. lower cost because of the smaller unit size. 

3.8.5 Wearing Ring Clearance 

There are many existing formulas and diagrams that thu designer can 
use to estimate with reasonable accuracy the losses resulting from the 
effect of the wearing ring clearance. The effect of excess clearance on 
the stability of the head-capacity curve, especially in the unstable 
transition zone xtfhere cavitation is being developed in the hydraulic 
channels, is discussed in Ref. 9- Some test results indicating the 
effect of wearing ring clearance on pump performance and stability is 
illustrated in Fig. 3.37. The top head curve illustrated in Fig. 3.37 
shows stable head rise from the best efficiency point (BEP) to shutoff 
with optimum ring clearances. At five times this clearance (5A), the 
head and efficiency curves showed the expected results at the best effi-
ciency point. The magnitude of the quantity A is given in terms of the 
percentage of impeller diameter. For the specified speed range illus-
trated in Fig. 3.37, 3% can be accepted as unity for pumps with diffuser 
casings. A smaller value is recommended for specific speeds less than 
2000, but it must not be less than 1%. 

Pumps with volute casings require a large gap. At 40% flow, which 
might be the inception of cavitation, the head is only slightly lower 
than that with optimum clearance. At a somewhat lower flow where the com-
bination of a large flow incidence angle at the leading edge of the 
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Fig. 3.37. Effect of Wearing Ring Clearance on Pump Performance 
and Stability. 

impeller vane and large leakage flows occur, even visually observed 
vibration can be expected. After the unstable region toward shutoff is 
passed, stability is restored but with lower and declining head 
characteristics. 

3.8.6 Radial Gap Between Impeller and Diffuser 

Failures resulting from pressure pulsation caused by inadequate 
clearance between the impeller and the diffuser are not unusual. These 
failures are usually in the form of broken shafts and impellers, and 
they are usually eliminated by using a larger diffuser or volute. The 
effects of reducing the diameter of the impeller within a diffuser of 
constant diameter are illustrated in Fig. 3.38. The percentage of effi-
ciency loss as a function of the radial gap between the impeller ai:d dif 
fuser indicates that the losses grow exponentially with an increasing 
gap. The best efficiency point (BEP) also decreases to a lower flow 
than the similarity laws would indicate for the same diameter change. 
When the radial gap is increased, the stability limit is moved to the 
right (in Fig. 3.38), limiting the useful operating range of the pump. 
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| Fig. 3.38. Effects of Reducing the Diameter of the Impeller Within 
a Diffuser Casing With a Fixed Diameter. 

The shaded area shown in Fig. 3.38 can also be labeled as the transition 
zone. Safe operation of the pump can be expected only to the right of 
this zone. 

3.8.7 Misaligned Impeller and Diffuser 

The relative position of the impeller to the diffuser is critical 
and can be responsible for high-amplitude vibrations. Vibration occurs 
in the transition regions either at a lowered cavitation number or when 
the capacity of the pump is throttled to lower flows and reaches the sta-
ble limit line, indicating the inception of cavitation coupled with other 
flow disturbances. Shifting of the impeller axially away from the suc-
tion end by a critical amount will cause axial vibration. Pressure fluc-
tuation is also observed at high frequencies which are multiples of vane 
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passing frequencies. Shifting of the impeller toward the suction side 
reduces and sometimes eliminates the high-frequency oscillations. 

The pump manufacturer and user must distinguish between two types of 
geometric mismatch. The first type is a discrepancy which results during 
manufacturing and assembly, and the second is in the design criteria. 
The designer must understand what the proper impeller-to-diffuser geome-
try is as well as the importance of the relative positioning. 

3.8.8 Diffuser Geometry 

The ratio of the impeller discharge area to the diffuser inlet area 
is the strongest controlling factor in the design of centrifugal pumps for 
stable operation. This ratio is referred to as the "area ratio",9>10 and 
it is designated by the letter "Y". The effect of varying the area ratio 
for the same impeller with a constant radial gap is illustrated in Fig. 
3.39. The ratio is incrementally changed from i' = 0.85 to Y = 1.25 
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during the search for the most stable and most efficient configuration 
that will give rise to the lowest noise level. At Y = 1.00, the head 
characteristic is stable at all flows, continuously descending toward 
high flows. This area ratio also gives the highest efficiency value. 
At Y = 1.25, consistent instability is experienced at the zero-slope 
head point and the noise level can be higher throughout the entire capac-
ity range, especially at the end near shutoff flow. Pressure pulsation 
accompanied by sudden variation of axial thrust can also be expected. 
Some of the more common types of resulting failure include cavitation 
erosion damage, failure of the impeller side wall at the outside diam-
eter of the wheel, and thrust bearing damage. 

A summary of experimental data for shrouded centrifugal pump stages 
for the range 1000 < N < 3000 is illustrated in Fig. 3.40. The relation-s 
ship between the impeller discharge area and the diffuser inlet area is 
shown in a non-dimensional form. The data illustrated in Fig. 3.40 
together with that illustrated in Fig. 3.13 (page 80) yield sufficient 
information to prevent basic diffuser flow instability in a pump stage. 

3.8.9 Rotor Instability 

Circulating pumps usually have hydrodynamic cylindrical bearings 
for rotor support that are known to be lightly loaded. As the operating 
speeds of the pump are increased, it becomes more necessary to determine 
whether the rotor-bearing combination is dynamically stable or unstable. 
It is highly desirable that the speed at which instability sets in be 
determined. This speed is called the "threshold speed", and it must be 
well over the operating speed for safe operation of the pump. The bear-
ing fluid film loses its ability to damp out translating motion of the 
rotor at speeds above the threshold speed, and the well known self-
excited instability called "oil whip" or "fractional frequency whirl" 
will occur. 
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4. BEARING DESIGN 

Design procedures and formulations relative to the types of bearings 
used in reactor coolant circulating pumps are discussed in this section. 
Each bearing type is given extensive coverage in terms of design charts 
and example designs illustrating the use of these charts. Where applica-
ble, the fluid film bearing characteristics are presented as a function 
of the Sommerfeld number, which is the dimensionless characteristic num-
ber most frequently used for hydrodynamic fluid film bearings. Pertinent 
bearing characteristics, such as load capacity, friction loss, flow 
requirements, operating temperature, and stability criteria, are pre-
sented. Although most of the design information is based on laminar 
theory for the fluid film flow, a subsection is devoted to turbulent 
theory since turbulence can occur in some applications. 

A typical bearing system for reactor coolant circulating pumps con-
sists of three journal bearings and one double-acting thrust bearing. 
The journal bearing system generally consists of two oil-lubricated bear-
ings incorporated in the motor structure and a single water-lubricated 
journal bearing lo cated at the impeller end of the shaft. The two types 
of water-lubricated journal bearing commonly used are the plain cylindri-
cal bearing and the sectored bearing segmented by three or four axial 
grooves. The two oil-lubricated motor journal bearings are generally of 
the tilting or pivoted pad type to improve the stability characteristics 
of the vertically oriented motor. The oil supply is usually recirculated 
and externally cooled. The double-acting or double-sided thrust bearing 
is a pivoted-pad, oil-lubricated, and fully equalized (Kingsbury) type of 
bearing located in the motor portion of the pump. These types of bearings 
and their design characteristics covered herein are summarized in the 
diagram illustrated in Fig. 4.1. 

With reference to Fig. 4ol, it should be noted that three-sector 
axial grooved and three-pad tilting or pivoted pad journal bearings are 
generally used in primary reactor coolant pumps. Design charts for four-
sector axial grooved and five-pad tilting pad journal bearings are pre-
sented herein for the benefit of design evaluators. 



120 

JOURNAL BEARINGS 

ETR5-58 

3 6 0 * FULL 

DESIGN 
CHARACTERISTICS 

—i——II 
Laminar Film! JTurbulent Film 

I 
Full Film Ruptured Film 

Ruptursd Film 

AXIAL GROOVED 

Laminar Film 

— 3 and 4 Sectors 

Full Film 

Ruptured Film 

DESIGN 
CHARACTERISTICS 

W w 

TILTING PAD 

Cv 
LOAD 8 FRICTION 
CHARACTERISTICS 

Full Film 

FLUID-FILM SPRING d OAMPING COEFFICIENTS 

THRUST BEARING 
* 

TILTING FAD 

I 
DESIGN 

CHARACTERISTICS 
* 

Laminar Film \ 
Hydrodynamic 

Hydroitfftic 
L i f t - O f f 

Fig. 4.1. Types of Bearings and Design Characteristics Covered. 



121 

Hydrostatic journal bearings have been used- in a very limited number 
of applications. However, the use of this type of bearing in reactor 
coolant pumps is not recommended any time that a hydrodynamic type of 
bearing can be successfully used. The simpler and less expensive types 
(360° full and axially grooved) of bearings are adequate for the load 
capacity and stiffness requirements in most applications. 

4.1 Design Considerations 

Both the environment and configuration of the pump impose operating 
conditions that can markedly affect bearing performance. The resulting 
considerations which must be accounted for in the bearing design include 
cavitation, stability, turbulence, and loads. 

The bearings used in pumps in pressurized-water reactor systems are 
in a pressurized environment and the opportunities for cavitation are 
remote. However, this may not be true for pumps used in boiling-water 
reactor systems. The design procedures presented in the following sub-
sections account for both cavitating and non-cavitating conditions. 
Unloaded journal bearings are susceptible to fractional frequency whirl. 
At some operating conditions, vertically oriented pumps will permit 
unloading-of the journal bearings. Therefore, a bearing stability anal-
ysis is required. The combination of shafts with large diameters and 
water of low viscosity may subject water-lubricated bearings to turbu-
lence, resulting in an increased load capacity and power loss. 

Before a bearing design can be performed, a reasonably accurate 
estimation of the loads must be made. The thrust bearing operates in an 
oil bath that is circulated and cooled so that its operation is under 
fairly ideal conditions. Thrust loads result from hydraulically gener-
ated pressures (in either direction, depending upon the operating point) 
and dead weight. Typical residual thrust loads are in the vicinity of 
100,000 to 120,000 lb. The only extraordinary factor relative to thrust 
bearing design is the heavy loads imposed at zero speed (when there is no 
hydrodynamic capacity). Resort must therefore be made to hydrostatic 
lift. 
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The journal bearings are not usually heavily loaded at the design 
operating point, but considerable deviation can be expected at off-design 
conditions. The sources of beaming loads considered usually include both 
static and cyclic loading: (1) rotor or dynamic imbalance at running 
frequency, (2) magnetic imbalance at twice running frequency, (3) shaft 
deflection, (4) hydraulic loading in both the radial and axial directions, 
and (5) the rotor weight. These loading sources are illustrated schemat-
ically in Fig. 4.2. 

The hydraulic loads are the main concern of steady-state design. 
Dynamic loads are considered in the rotor dynamics investigation to 
determine their effects on bearings that have been designed on the basis 
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of steady-state conditions. If the net axial load on the rotor is 
assumed to act along the center line of the shaft, the axial and radial 
loads can be treated separately in determining a static load at each 
bearing. The residual load on the thrust bearing is then simply the 
vectorial combination of rotor weight and hydraulic pressure axial load-
ing. Determination of the radial bearing loads involves the solution of 
a statically indeterminant force system since a shaft with three radial 
bearings will reduce to a problem with six unknowns (two component radial 
force reactions at each of three bearings) and only four linearly inde-
pendent equations (two force equations and two moment equations). There-
fore, the effect of shaft deflection must be considered to determine the 
radial bearing loads. In essence, determination of the radial bearing 
loads requires prior specification of the shaft configuration so that the 
elastic properties (section moduli) of the shaft can be used in the solu-
tion of the statically indeterminant problem. 

4.2 General Procedure for Journal Bearing Design 

The sequential steps involved in the design of journal bearings are 
illustrated in Fig. 4.3. The steps include the definition of bearing 
requirements, selection of the bearing type, tentative selection of param-
eters, determination of flow regime, stability check, and generation of 
steady-state performance characteristics. These steps are discussed 
briefly in the following paragraphs. 

The bearing requirements must be defined before the design can be 
begun. These requirements include (1) normal and emergency load condi-
tions; (2) environmental conditions, such as the lubricant, operating 
temperature, and ambient pressure (these conditions determine viscosity); 
(3) power limitations; (4) journal speed; and (5) geometrical constraints, 
such as length and diameter. 

The type of journal bearing to be used in a particular application 
must be selected. This selection is made from the three commonly used 
types: (1) 360° plain journal bearings, (2) axially grooved journal bear-
ings, and (3) pivoted pad journal bearings. Pivoted pad journal bearings 
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Fig. 4.3. Flow Chart for Journal Bearing Design. 

are generally used for the pump motor journals. Excellent operating 
history and freedom from self-excited instabilities make these bearings 
very popular, especially for vertical shafts. Uncertainty about pivot 
fretting appears to be the only inhibition relative to the use of these 
bearings at the impeller (water) end of the shaft. 

The simplicity and high load carrying capacity of the 360° plain 
journal bearing have resulted in wide use of this water-lubricated bear-
ing at the impeller end of the shaft. This type of bearing has performed 
well in most instances although unloaded plain bearings have definite 
whirl tendencies. This is especially true if the bearing does not cavi-
tate; a situation characteristic of high ambient pressures. Therefore, 
for circulating pumps used in pressurized-water reactor systems where 
ambient pressures can be very high, it is essential that the plain bear-
ing be analyzed for stability. 
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A plain journal bearing partitioned into sectors by axial grooves 
is another type of water-lubricated bearing in popular use. The load 
carrying capacity of the sectored bearing is less than that of the 360° 
plain bearing, but its stability characteristics are better than those 
of the plain bearing. The gooves also provide convenient flushing pas-
sages for accumulated debris or sludge. 

The parameters to be tentatively selected for the journal bearing 
design are the radial clearance (C) of the bearing and the ratio of the 
axial length of the bearing (L) to the diameter of the journal (D). 
Initially, set 2C ~ 0.001 in./l in. diameter. The L/D ratio is based on 
a suitable load unit. 

Determination of the flow regime involves the peripheral speed of 
the journal (U), the radial clearance (C), the kinematic viscosity (v), 
and the radius of the journal (R). If 

the flow is taken as laminar and the appropriate design charts for laminar 
fluid film flow are applicable. If 

UC ^ ,, ICl1/2 
V > 4 1-MR1 ' (4-2) 

the flow is non-laminar and the bearing performance will depend on the 
degree of fluid film turbulence. This is gauged by the value of the 
Reynolds number (UC/v). 

The threshold of instability is determined from the specified bear-
ing type and flow regime and it is based on a lumped-mass approach. The 
steady-state performance is generated by determining the load versus 
eccentricity, attitude angle versus load, friction power dissipation 
versus load, and the steady-state operating temperature. The design is 
then evaluated on the basis of the original requirements to see if opti-
mum performance will be achieved. 



126 

4.3 Steady-State Analysis of 360° Plain Journal Bearing 

The steady-state analysis of the 360° plain journal bearing 
presented herein is based largely on the publications of Raimondi and 

"I ^ 1 *7 * 

Boyd. ' The information contained in these publications is very com-
plete and pertinent to the design of plain journal bearings used in cir-
culating pumps. The 360° plain journal bearing with nomenclature perti-
nent to the analysis is illustrated in Fig. 4.4. 
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The terms illustrated in Fig. 4.4 are defined as follows. 
Q = flow of lubricant drawn into clearance space by journal, in./sec, 
Q = flow of lubricant out both sides of bearing, in.3/sec, 
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N = rotational speed, rps, 
¥ = load , lb, 
e = journal displacement or eccentricity, in.., 
h„ = minimum film thickness, in., n ' * 

^min = minimum pressure developed in lubricant film, psig, 
px«ax = max-*-mum pressure developed in lubricant film, psig, 

. = position of minimum film pressure, Pmin 
6V - position of maximum film pressure, 
0po = position at which film pressure becomes less than ambient pres-

sure , °, 
$ = position of minimum film thickness or attitude angle, 
(X = leading angle extending from beginning of bearing arc to the 

line of action of the load, and 
{3 = angular length of bearing arc, 
The analysis is based on a computerized numerical solution of the 

Reynolds lubrication equation. The usual assumption in lubrication anal-
ysis is that viscosity remains constant as the lubricant passes through 
the load area. Although viscosity varies with both temperature and pres-
sure, accounting f:>r these effects unduly complicates analysis. The 
variation with pressure is usually insignificant, and the assumption of 
invariance with temperature is minimized by using the mean value of tem-
perature to determine viscosity rather than the inlet or outlet tempera-

» v 

ture. The temperature rise, as computed by Raimondi and Boyd,1G»17 is 
based on the assumption that all heat generated by friction is effective 
in raising the temperature of the lubricant as it flows through the bear-
ing and that none of the lubricant leaving the trailing edge is carried 
over to the leading edge by the journal. 

Pumps in pressurized-water reactor systems are generally operatrd 
with high ambient pressures in the bearing cavities. Although the pres-
sure in the divergent regions of the film clearance may go below ambient, 
these regions are still at a net positive pressure and film rupture may 
not occur. For heavily loaded bearings and for pumps us6d in boiling-
water reactor systems, the net pressures may go below atmospheric, result-
ing in film rupture and cavitation. It should therefore be determined 
whether cavitation will or will not occur, and the design procedures 
should be adjusted accordingly. 
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4.3.1 Performance Characteristics When Viscosity is Specified 

The procedural steps to be followed in determining steady-state 
bearing performance characteristics when the viscosity is specified for 
both non-cavitating and cavitating conditions are outlined herein and 
numerical examples are presented. All performance parameters are plotted 
as a function of the universal bearing characteristic or Sommerfeld num-
ber (S) in the charts presented herein. The variables given for this 
type of analysis are the 
1. absolute viscosity (u), lb-sec/in.2, 
2. ambient pressure (pQ)j psia, 
3. ambient temperature (T0), °F, 
4. load (W), lb, 
5. journal speed (N), rps, 
6. journal diameter (D) or radius(R), in., 
7. bearing length (L), in., 
8. radial clearance (C), in., and 
9. vapor pressure, psia. 

(a) Procedures for Non-Cavitating Bearings. The. steps outlined 
herein are followed when the minimum film pressure is greater than the 
vapor pressure. 

1. The Sommerfeld number is computed by using the equation 

S IR\2 uN 
\cl P ' (4.3) 

where 

R = journal radius, in., 

C = machined radial clearance, in., 

y = absolute viscosity of lubricant, lb*sec/in. 

N = journal speed, rps, and 

P = average bearing unit loading, psi. 

2 

The average bearing unit loading 
W (4.4) 
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L - bearing length, in. 
For a vertically oriented unloaded shaft (P =0), the Sommerfeld number 
goes to infinity. There is no problem with those design charts in which 
parameters asymptotically approach a limiting value as the Sommerfeld 
number gets large. However, special procedures may be required for the 
zero-load case for other design charts. These are explained in the appro-
priate sections of the procedures. 

2. The maximum and minimum film pressures are determined by using 
data shown in Fig. 4.5, in which the ratio of the average bearing unit 
load (P) to the maximum pressure occurring in the film (pmax) is plotted 
as a function of the Sommerfeld number (S). In non-cavitating bearings, 
the maximum and minimum film pressures will have identical numerical val-
ues and will occur at diametrically opposite positions around the circum-
ference of the bearing. Note that as the value of S approaches infinity, 
the maximum pressure asymptotically approaches a limiting value. The 
maximum film pressure is computed by using the equation 

max. 
pmin = m^n^mura pressure, psi, and 

P q = ambient pressure, psi. 

If the computed value of pmj[n is greater than the specified vapor pres-
sure, the bearing will not cavitate and the procedural sequence is con-
tinued. If cavitation does occur, it will be necessary to follow the 
steps outlined in Subsection 4.3.1(c). 

3. The minimum film thickness (hn) is determined by using data given 
in Fig. 4.6. The appropriate Sommerfeld number and L/D ratio are used to 
establish the proper value of the minimum film thickness parameter hn/C 
given in Fig. 4.6. This value is then used in Equation 4.7 to determine 

pmax (P/p ) + po ' (4.5) 

(4.6) 
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Fig. 4.5. Maximum Pressure Variable (p/pmax) as a Function of the Sommerfeld Number (S) for Non-
Cavitating 360° Plain Journal Bearings. 
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Fig. 4.6. Minimum Film Thickness as a Function of the Sommerfeld Number (S) for Non-Cavitating 
360° Plain Journal Bearings. 
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the minimum film thickness. 
h 

h = ~(C) , (4.7) n L 
where 

h = minimum film thickness, in., and n 
C « radial clearance, in. 

As the Sommerfeld number approaches infinity, the journal becomes concen-
tric and h ~ C. n — 

4. The coefficient of friction variable is obtained from Fig. 4.7, 
and the coefficient of friction is determined from the equation 

' • W i s • 
whe re 

f = coefficient of friction, 
f(R/C) = coefficient of friction variable, 

C = radial clearance, in., and 
R = radius of journal, in. 

When the coefficient of friction has been determined, the viscous fric-
tion power loss is determined from the expression 

H = (9.52 X 10"4)WRNf . (4.9) 

When the journal is in the concentric position, use of the coeffi-
cient of friction variable is inconvenient because the load is in the 
denominator and the variable goes to infinity. However, a finite value 
of friction does exist when the journal is in the concentric position. 
For concentric operation, the friction power loss can be computed by 
using the Petroff equation. 

3 2 
H = (0.0362 X 10-)u^JL } (4.10) 

where 
H = friction power loss, hp, 
p = absolute viscosity, lb*sec/in.2, 
L = length of bearing, in., 
D == diameter of journal, in., 
N = rotational speed, rps, and 
C - radial clearance, in. 
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Fig. 4.7. Coefficient of Friction Variable as a Function of the 
Sommerfeld Number (S) for Non-Cavitating 360° Plain Journal Bearings. 
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5. The lubricant flow (classical supply) is determined from data 
illustrated in Fig. 4.8. The classical lubricant flow is given by the 
equation 

Q = (i!E)rcnl • ( 4 a i ) 

where 
Q = classical flow, in.3/sec, and 

-jQ = flow variable, l/rev. RCNL 
The flow computed from Eq. 4.11 is the amount of lubricant which is 
drawn into the leading edge by the pumping action of the journal. The 
net side leakage is zero if the journal is operated in a flooded environ-
ment because the amount of fluid coming out of the loaded side is pre-
cisely counterbalanced by the amount of fluid entering the unloaded side. 
This results from the anti-symmetric characteristic of the pressure dis-
tribution. The asymptotic behavior of the curves at high Sommerfeld num-
bers facilitates interpretation for infinite values of the Sommerfeld 
number. 

6. The lubricant temperature rise variable is plotted as a function 
of the Sommerfeld number in Fig. 4.9, and the temperature rise is given 
by the following expression. 

U 7C ATI 
AT = 

P 

where 
AT = temperature rise of lubricant, °F, 
J = mechanical equivalent of heat = 9336 in.-lb/Btu, 
7 = unit weight of lubricant, Btu/lb-°F, 
Cp = specific heat of lubricant, Btu/lb*°F , 
P = bearing unit load, psi, and 

J7CpAT 
^ — = fluid temperature rise variable. 

The temperature rise given by Eq. 4.12 is based on the assumption that 
all of the heat is absorbed in the fluid and that none of the lubricant 
leaving the trailing edge is carried over to the leading edge by the 
journal. This is somewhat non-conservative in that the temperature rise 
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s 
Fig. 4.8. Classical Lubricant Flow Variable as a Function of the Sommerfeld Number (S) for 

Non-Cavitating 360° Plain Journal Bearings. 
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Number (S) for Non-Cavitating 360° Plain Journal Bearings. 

the Sommerfeld 



137 

may be higher because of hot carry-over fluid. However, the neglect of 
heat conduction probably offsets the neglect of carry-over. In most 
circulating pumps, the bearing cavities are flooded with large amounts of 
excess flow that contribute to a lower temperature rise and aid the accu-
racy of the procedure used to determine temperature rise-

7. The positions of the maximum and minimum film pressures are 
determined by using the data illustrated in Fig. 4.10. The position of 
the maximum film pressure measured from the load line is illustrated in 
Fig. 4.10. The minimum film pressure will occur diametrically opposite 
the maximum film pressure. As the Sommerfeld number approaches infinity, 
which corresponds to concentric operation, the position of maximum pres-
sure will approach zero since for this case there will be no pressure 
generation in the fluid film. 

9 . = 180 - 0p , (4.13) ^mm max 
where 

6 - position of minimum film pressure, and pmin 
6?Pmax = position of maximum film pressure, 

8. There are two cases for which performance can be optimized. 
These are load (W) and power loss (H). Optimization for load capacity is 
most important for primary reactor coolant circulating pumps. For both 
optimization cases, the minimum film thickness parameter (hn/C) has the 
following values. 

For maximum W, hn/C = 0.60 . (4.14) 

For minimum H, hn/C = 0.50 . (4.15) 

When the design is optimized, the given conditions are modified so that 
the value of 1%/C is given in lieu of the value of C. This is done by 
initially entering Fig. 4.6 and, for the given l^/C and L/D, computing 
the radial clearance from the resulting value of the Sommerfeld number. 

C = (§) 1 / 2R . (4.16) 

The analysis procedure is then followed as outlined except that Step 2 
(computation of the minimum film thickness) is bypassed. 
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(b) Numerical Example for Non-Cavitating Bearing. A numerica1 
example is presented here to illustrate the use of the steps outlined in 
Subsection 4.3.1(a). The given variables for this example problem are 
1. absolute viscosity, = 0.77 X 10'"6 (SAE 10 at 200°F) , 
2. bearing ambient pressure, pQ = 250 psia, 
3. applied load, W = 22,500 lb, 
4. journal speed, N = 1200 rpm = 20 rps, 
5. journal radius, R = 6 in. (D = 12 in.), 
6. bearing length, L = 12 in., 
7- mean radial clearance, C = 0.006 in., and 
8. lubricant vapor pressure = 25 psia. 

1. The Sommerfeld number (S) is computed by using Eqs. 4.3 and 4.4. 
R^2 uNDL 

W 
l 2 /r\ "77 v m - 6 = I—JLJ (0-77 X 10 ) (20) (12) (12) 

10.006; 22,500 

= 0.0986 . 

2. The maximum and minimum film pressures are determined from data 
illustrated in Fig. 4.5 (page 130). For L/D =1.0 and S = 0.0986, the 
maximum pressure variable P/p ~ 0.73 . Therefore, r *max 

P/p = W Z D L = o . 7 3 (4.17) max p 

j 22,500 ... and p = A ' . = 214 psxa. rmax 0.73(12)(12) r 

The maximum film pressure 
p + p = 214 + 250 = 464 psia , (4.5) max o 

and the minimum film pressure 
-P + p = (-214 + 250) = 36 psia . (4.6) ^max ro v r x ' 

Since the calculated value of the minimum film pressure is higher than 
the given vapor pressure (25 psia), the procedures outlined in Subsection 
4.3.1(a) will be followed and the various bearing performance parameters 
will be obtained from the charts developed for non-cavitating (no film 
rupture) bearings. 
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3. The minimum film thickness is computed by using the data plotted 
in Fig. 4.6 (page 131). For L/D = 1.0 and S = 0.0986, the minimum film 
thickness patameLer ^n/C = 0.46. From Eq. 4.7, the minimum film thickness 

h 
hn = " °'46(0.006) 

= 0.0028 in. 
4. The coefficient of friction variable is obtained from Fig. 4.7 

(p,!;.;o 133). For L/D = 1.0 and S = 0 = 0986, f(R/C) = 2.6. The friction 
force 

F = fW = jf(!)]f(W) (4.18) 

„ 2.6(01|06)(22>500) 

= 58.5 lb . 
The torque resulting from friction 

T = FR = 58.5(6) = 351 in.-lb , (4.19) 

and the power consumption of the bearing 

« " 63TUOO " - 6" 6 8 * <4"20> 

5. The lubricant flow variable (classical supply) is obtained from 
Fig. 4.8 (page 135). For L/D = 1.0 and S = 0.0986, the flow variable 
Q/RCNL = 4.23. From Eq. 4.11, the lubricant flow 

Q = (ioE:)RCNL 
= 4.23(6)(0.006)(20)(12) 
= 36-5 in.3/sec . 

6. The lubricant temperature rise variable is obtained from Fig. 
4.9 (page 136). For L/D = 1.0 and S = 0.0986, the film temperature rise 
variable JyC^AT/P = 8.0. Where the unit weight of the lubricant y = 
0.03 lb/in.3, the specific heat of the lubricant Cp = 0.40 Btu/lb.°F, 
and the mechanical equivalent of heat J = 9336 in.-lb/Btu; the tempera-
ture rise from Eq. 4.12 

AT = 
JyCpAT P = 22,500/12/12) 

JyC ' 9336(0.03)(0.40) 

= 11.2°F. 
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7. The position of the maximum film pressure is determined from 
data shown in Fig. 4.10 (page 138). For L/D = 1.0 and S = 0.0986, 
0p " 50°. From Eq. 4.13, the position of the minimum film pressure Fmax 

0D . = 180 - eD = 130° . Pmm Prnax 

(c) Procedures for Cavitating Bearings. The steps outlined herein 
are followed "when the minimum film pressure is less than the vapor 
pressure. 

1. The maximum film pressure ratio is redetermined by using Fig. 
4.11. The maximum film pressure is given by the expression 

p 
p = Tan s + P • (4.5) (P/pmax) 

2. The position of the maximum film pressure (^pmax) i-s obtained 
from Fig. 4.12. 

3. The minimum film thickness parameter (hn/C) is obtained from 
Fig. 4.13, and the minimum film thickness is computed by using Eq. 4.7. 

h 
h = -f(C) . (4.7) n 0 

4. The position of the minimum film thickness (<t>) measured from the 
load line is obtained from Fig. 4.14. 

5. The coefficient of friction variable is obtained from Fig. 4.15, 
and the coefficient of friction is determined from Eq. 4.8. 

f 

In the limiting case where the Sommerfeld number approaches infinity, the 
Petroff equation, Eq. 4.10 in Subsection 4.3.1(a), can be used to deter-
mine the value of friction. It is noted that the coefficient of friction 
variable computed by Raimondi and Boyd16*17 is based on the assumption 
that there is a full fluid film in the ruptured region. The values of 
friction drag are therefore conservative. 

When the coefficient of friction has been determined, the viscous 
friction power loss is determined by using Eq. 4.9. 

H = (9.52 X 10~4)WRNf . (4.9) 



Fig. 4.11. Maximum Film Pressure Ratio (P/pmax) a s a Function of the Sommerfeld Number (S) for 
Cavitating 360° Plain Journal Bearings. 
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Fig. 4.12. Position of Maximum Film Pressure (0pmax) as a Function of the Sommerfeld Number (S) 
for Cavitating 360° Plain Journal Bearings. 
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Fig. 4.13. Minimum Film Thickness Parameter (hn/C) as a Function of the Sommerfeld Number (S) for 
Cavitating 360° Plain Journal Bearings. 
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Fig. 4.14. Position of Minimum Film Thickness («J>) Measured From Load Line as a Function of the 
Sontmerfeld Number (S) for Cavitating 360° Plain Journal Bearings. 
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1000 

R 

Fig. 4.15. Coefficient of Friction Variable, (R/C)f, as a Function of 
the Sommerfeld Number (S) for Cavitating 360° Plain Journal Bearings. 
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6. The classical lubricant flow variable (Q/RLNC) is obtained from 
Fig. 4.16, and the classical lubricant supply flow is determined from 
Eq. 4.11. 

Q • lidk)RCNL • ( 4 a i> 
The flow given by Eq. 4.11 is the minimum lubricant supply necessary to 
maintain a full fluid film in the non-cavitating regions of the bearing. 

7. The side leakage flow variable (Qs/Q) is obtained from Fig. 
4.17. The side leakage (Qs) is some fraction of the classical lubricant 
supply, and it is determined from the expression 

Q s 

Qs=-q-(Q), (4.21) 
where 

Q = flow of lubricant out both sides of bearing, in.3/sec, s 
Q = classical flow of lubricant drawn into clearance space, in.3/sec, 

Q /Q = side leakage flow variable, s 
8. The fluid temperature rise variable (JyCpAT/P) is obtained from 

Fig. 4.18, and the temperature rise (AT) is determined from Eq. 4.12. 

[J?GPAT1 P 
'P 

9. The position at which the film pressure becomes less than the 
ambient pressure or angle of film termination (0D ) is obtained from Fig. 
4.19. This is the point of the beginning of cavitation. 

10. The angle of film initiation variable (a/£) measured from the 
load line is obtained from Fig. 4.20, and the angle of film initiation 
is determined from the expression 

(X = |<P) , (4.22) 

where 
Ot - angle of film initiation measured from load line, 
(3 = angular extent of bearing = 360°, and 

Q!/|3 = angle of film initiation variable. 

AT = I r j j ^ r • < 4 - 1 2 > 



Fig. 4.16. Classical Lubricant Flow Variable (Q/RLNC) as a Function of the Sommerfeld Number (S) 
for Cavitating 360° Plain Journal Bearings. 
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Fig. 4.17. Side Leakage Flow Variable (Qs/Q) as a Function of the Sommerfeld Number (S) for 
Cavitating 360° Plain Journal Bearings. 
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s 
Fig. 4.18, Fluid Temperature Rise Variable (JyCpAT/P) With Complete 

Carry-Over as a Function of the Somnwrfeld Number (S) for Cavitating 360° 
Plain Journal Bearings. 
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Fig. 4.19. Angle of Film Termination (£pQ) Measured From Load Line as a Function of the Sommerfeld 
Number (S) for Cavitating 360° Plain Journal Bearings. 
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Fig. 4.20. Angl 
Sommerfeld Number (S) 

e of Film Initiation Variable (Qj/0) Measured From Load Line as a Function of the 
for Cavitating 360° Plain Journal Bearings. 
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11. When the optimum conditions are designed for, the minimum film 
thickness parameter (hn/C) has the following values. 

For maximum load (W) capacity, h /C = 0.53 . (4.23) n 
For minimum power loss (H), hn/C =0.30 . (4.24) 

When the design is optimized, the given conditions are modified so that 
the value o f hn /C is given in lieu of the value of C. This is done by 
initially entering Fig. 4.13 (page 144) and, for the given hn/C and L/D, 
computing the radial clearance from the resulting value of the Sommerfeld 
number by using Eq. 4.16. 

|l/2 
c " Istl R • (4"16) 

The analysis procedure is then followed as outlined except that Step 3 
(computation of the minimum film thickness) is bypassed. 

(d) Numerical Example for Cavitating Bearings. A numerical example 
is presented here to illustrate the use of the steps outlined in Subsec-
tion 4.3.1(c). The variables given for this example are 
1. absolute viscosity, ji = 0.77 X 10"6 (SAE 10 oil at 200°F), 
2. bearing ambient pressure, pQ = 50 psia, 
3. applied load, W = 22,500 lb, 
4. journal radius, R = 6 in. (D = 12 in.), 
5. bearing length, L = 12 in., 
6. mean radial clearance, C = 0.006 in., and 
7. lubricant vapor pressure = 25 psia. 

The Sommerfeld number is computed by using Eqs. 4.3 and 4.4. 

S - (ir - 0.0986 . 

The maximum film pressure variable is determined from Fig. 4.5 (page 130) 
For L/D = 1.0 and S = 0.0986, P/p •= 0-73. Therefore, r max 

P/p = ^ = 0.73 (4,17) rmax p rmax 
^ 22,500 01/ a n d pmax = 0.73(12)(12) = 2 1 4 p S i a ' 

The maximum film pressure 
p + p = 214 + 50 = 264 sia, (4.5) *max vo • ' 
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and the minimum film pressure 
-P + p = (-214 + 50) = -164 psia . (4.6) 1 max 1o r 

Since the calculated value of the minimum film pressure is lower than the 
given vapor pressure (25 psia), the procedures outlined in Subsection 
4.3.1(c) will be followed and the various bearing performance parameters 
will be obtained from the charts developed for cavitating (film rupture) 
bearings. 

1. The maximum film pressure ratio (P/Pmax) redetermined for 
film rupture conditions by using Fig. 4.11 (page 142). For L/D = 1.0 
and S = 0.0986, P/p = 0.39. Therefore, 1 rmax ' 

22,500 / A 1 
Pmax = 0.39(12)(12) = 4 0 1 p S 1 3' 

The maximum film pressure 
p + p = 401 + 50 = 451 psia , rmax ro r 

and the minimum film pressure = the lubricant vapor pressure = 25 psia. 
2. The position of the maximum film pressure is obtained from Fig. 

4.12 (page 143). For L/D = 1.0 and S = 0.0986, 0O = 18.7°. Fmax 
3. The minimum film thickness parameter (hn/C) is obtained from 

Fig. 4.13 (page 144). For L/D = 1.0 and S = 0.0986, hn/C 0.355. From 
Eq. 4.7, the minimum film thickness 

hn h = -r(C) = 0.355(0.006) n v* 
= 0.0021 in. 

4. The position of the minimum film thickness (<t>) measured from the 
load line is obtained from Fig. 4.14 (page 145). For L/D =1.0 and S = 
0.0986, 0 = 47.5°. 

5. The coefficient of friction variable is obtained from Fig. 4.15 
(page 146). For L/D = 1.0 and S =» 0.0986, f(R/C) =2.8. The friction 
force 

F = fW = [f(|)]|(W) (4.18) 

= (2.8)^|^(22,500) 

= 63 lb . 
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The torque resulting from friction 
T = FR = 63(6) ~ 380 in.-lb , 

and the power consumption of the bearing 
Tu)_ = 380(20) 27T = 

H 550 550(12) 7 , 2 h p ' 
6. The lubricant flow variable (classical supply) is obtained from 

Fig* 4.16 (page 148). For L/D = 1.0 and S = 0.0986, Q/RCNL = 4.40. From 
Eq. 4.11, the lubricant flow 

Q - (^jjRCNL = 4.40(6) (0.006)(20) (12) 
= 38.0 in.3/sec . 

7. The side leakage flow variable is obtained from Fig. 4.17 (page 
149). For L/D = 1.0 and S = 0.0986, Q /Q = 0.715. From Eq. 4.21, the s 
side leakage flow 

% 
% = = ° ' 7 1 5 ( 3 8 > 

» 27.2 in.3/sec . 
8. The fluid temperature rise variable is obtained from Fig. 4.18 

(page 150). For L/D = 1.0 and S = 0.0986, JyCpSS£/? = 9.0. From Eq. 4.12, 
the temperature rise 

/J7C 
- I - H j t S (4'12) 

= (9 0> 22,500/12 (12) 
^9336(0.03)(0.40) 

= 12.6°F . 
9. The angle of film termination is obtained from Fig. 4.19 (page 

151). For L/D = 1.9 and S = 0.0986, 
6 = 68.5° . ° 

10. The angle of film initiation variable measured from the load 
line is obtained from Fig. 4.20 (page 152). For L/D =1.0 and S = 
0.0986, a/£ = 0.36. The angle of film initiation 

a=|(f3) (4.22) 

= 0.36(3 = 0.36(360) 
= 133°. 
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4.3.? Performance Characteristics When Inlet Temperature 
and Lubricant are Specified 

In most cases, the lubricant as well as the temperature of the 
lubricant entering the bearing are known. However, the viscosity of the 
lubricant is temperature dependent and is not usually known until the 
temperature rise has been calculated. The general procedure is to assume 
an initial value of viscosity and follow the procedures outlined previ-
ously, iterating until the average temperature is consistent with the 
viscosity of the lubricant. This procedure is outlined here. For this 
procedure, the given variables are the 
1. ambient pressure (pQ)j psig, 
2. ambient temperature (TQ), °F, 
3. load (W), lb, 
4. journal speed (N), rps, 
5. journal radius (R), in., 
6. bearing length (L), in., 
7. radial clearance (C), in., 
8. inlet temperature of the lubricant (T^, °F, and 
9. the lubricant to be used = SAE 20 oil. 
The value of the viscosity of the lubricant (JI, lb-sec/in.2) at the inlet 
temperature is assumed. 

1. The Sommerfeld number is calculated by using Eqs. 4.3 and 4.4. 

s = (If f (,.3) 

P - & ( 4 . 4 ) 

2. The lubricant temperature rise variable is obtained from Fig. 
4.9 (page 136), and the temperature rise is determined by using Eq. 4.12. 

IJyC AT\ 
a t - | " T - ) j ^ • < 4 - 1 2 ) 

3. The average film temperature is computed from the expression 

T a = T l + f . (4.25) 
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4. The assumed viscosity versus the average film temperature (T ) 
3 

determined from Eq. 4.25 is plotted on a temperature-viscosity chart for 
the given lubricant. For example, if the lubricant was an SAE 20 oil 
with an inlet temperature of 110°F, the assumed viscosity ji = 6 X 10~6 
lb-sec/in.2 The average film temperature computed would be Ta = 128°F. 

/ 

The assumed viscosityHLs plotted against the temperature to obtain point 
A on Fig. 4.21. Since the .{Joint falls above rather than on the line for V 
SAE 20 oil, the assumed value of viscosity was too high. Repeating the 
calculation with the value u = 3 X 10~6 lb*sec/in.2 produces point B on 
Fig. 4.21. The intercept between a line connecting points A and B and 
the line for SAE 20 oil determines the value of the operating viscosity, 
ji - 4.4 X 10~6 lb*sec/in., and the average temperature, = 126°F. 
These values satisfy^the given conditions of the problem. 

5. Based on the determined value of viscosity, the Sommerfeld number 
is recalculated by using Eqs. 4.3 and 4.4. 

f 
6. The maximum film pressure variable is obtained from Fig. 4.5 

/ 

(page 130), and ,the maximum film pressure is determined from the 
equation p P = "7777 \ + P • (4.5) m a x <P/Pmax> ° 
The minimum film pressure is determined from the expression 

p . = -p + P • (4.6) m m max o 

If the minimum film pressure i6 greater than atmospheric pressure, 
there will be no cavitation and the bearing performance characteristics 
are determined as outlined in Sybsection 4.3.1(a). If the minimum film 
pressure is less than atmospheric pressure, cavitation will result and 
the bearing performance characteristics are determined as outlined in 
Subsection 4>3.1(c). 

4.3.3 Bearing Stability 

It is important to establish whether the 360° plain journal bearing 
will operate in a stable regime. Hydrodynamic bearings are subject to 
a phenomenon commonly called fractional frequency vhirl or oil whirl 

\ 
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Fig. 4.21. Viscosity-Temperature Chart for Typical SAE Numbered Oils. 
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wherein the journal orbits within the clearance of the bearing at some 
fraction of the rotating speed. Whirl is especially prevalent with 
unloaded bearings or where vertical rotors are used. It is therefore an 
important consideration for the bearings used in vertically oriented 
circulating pumps. 

Stability of the rotor is dependent upon the entire rotor bearing 
system plus support foundations. The accurate definition of the thresh-
old of instability requires that a complete rotor dynamics analysis be 
performed, and computer programs have been developed for critical speed 
and synchronous response analyses in which accurate account is taken of 
bearing supports, rotor flexibility, and gyroscopic moments. Rotor 
dynamics is not readily amenable to the production of simplified design 
charts because of the many variations in rotor configurations. However, 
it is possible to get a good idea of whether bearing whirl stability will 
be a problem by assuming that a portion of the rotor mass acts in the 
center of the bearing and analyzing the system as a bearing with a point 
mass. Desigi charts can then be made for this simplified system, as has 
been done by Lund.18 Such a stability curve for the 360° plain journal 
bearing is illustrated in Fig. 4.22. 

In Fig. 4.22, a dimensionless critical rotor mass factor is plotted 
as a function of the Sommerfeld number (S). The curve represents the 
threshold of instability and separates the regions of stability and 
instability. The procedure for determining the threshold speed involves 
calculation of the rotor mass and computation of the dimensionless criti-
cal rotor mass factor. Entering ttui curve with these values determines 
the corresponding value of the critical Sommerfeld number. The speed 
computed by using this Sommerfeld number is the threshold number, and 
any higher operating speed indicates that the design is unstable. 

The rotor mass per bearing (M) can be computed by using the follow-
ing equation. 

To illustrate tho computation of the dimensionless critical rotor mass 
factor and the use of Fig. 4.22, assume that the bearing under consider-
ation is a 360° plain journal bearing with laminar-flow film and that 

M Distance from bearing to CG of rotor 
Rotor span between bearings J(Total rotor mass) . 

(4 26) 
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Fig. 4.22. Critical Rotor Mass Factor at Onset of Instability as a 
Function of the Sommerfeld Number (S) for 360° Plain Journal Bearings. 

the given variables are 
1. journal diameter, D = 12 in., 
2. journal radius, R = 6 in., 
3. bearing length, L = 12 in., 
4. radial clearance, C = 0.012 in., 
5. absolute viscosity of lubricant, u = 1 X 10~6 lb*sec/in.2, 
6. bearing load, W = 20,000 lb, and 
7. rotor mass per bearing, M = 10 lb*sec2/in. 
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The dimensionless critical rotor mass factor is computed as follows. 

(CMW)1^2 = [0.012(10) (20,000) l 1 ^ ( 4 2 7 ) 

H § ) 2 ( i x i o ' 6 ) i 2 ( i 2 ) ( d y 

= 1.36 . 
The value of the Sommerfeld number corresponding to a dimensionless crit-
ical mass factor of 1.36 for L/D = 1.0 is obtained from Fig. 4.22. This 
value is found to be 0.29. The rotor speed corresponding to the critical 
speed is then calculated. 

.2 
» « i t • S i ) 

I1 = 0« 29(20,000)10.01212 
10~s(12)(12) 6 

= 161 rps = 9667 rpm . 

4.4 Steady-State Analysis of Axially Grooved Journal Bearings 

The performance information for the steady-state analysis of axially 
grooved journal bearings was obtained througih the use of a computer pro-
gram, the theory of which is described in Refs. 19 and 20. This method 
of obtaining performance data was necessary because of the lack of avail-
able information in the published literature related to the incompressible 
fluid flow in axially grooved journal bearings. Two configurations of 
this type of bearing were investigated. These are a bearing comprised of 
three equally spaced sectors and a bearing comprised of four equally 
spaced sectors. Conditions were also examined for two directions of dis-
placement. These directions are displacement directly into the center of 
one sector or pad center line [Fig 4.23(a) for three-sector bearing and 
Fig. 4.23(c) for four-sector bearing] and displacement directly into the 
center line of the groove between the sectors [Fig. 4.23(b) for three-
sector bearing and Fig. 4.23(d) for four-sector bearing],. The displace-
ment direction giving the more conservative answer is used for design 
computations. 



162 

ETR5-58 

,w 

(a) (b) 

w 

(c) (ti) 

Fig. 4.23. Schematic Diagrams of Three-Sector, (a) and (b), and 
Four-Sector, (c) and (d), Axially Grooved Journal Bearings. 

The usual assumptions associated with the development of a Reynolds 
lubrication equation were used in the computerized analysis. Friction 
for the non*»cavitating condition is based upon a full fluid film through-
out the entire bearing area. Friction computed for the cavitating condi-
tion is based on the assumption that zsro viscous drag is developed in 
the cavitated region. Temperature rise charts were not developed, but 
the temperature rise is computed by ferula. As for the 360° plain jour-
nal bearing, it was assumed for the axially grooved journal bearing that 
all the heat generated by viscous friction raises the temperature of the 
lubricant as it flows through the beating and that none of the lubricant 
leaving the trailf.ng edge is carried over to the leading edge by the 

Pumps in presturized-water reactor systems are generally operated 
with high ambient pressures in the bearing cavities. Although the pres-
sure in the divergent regions of the film clearance may go below ambient, 
these regions are still at a net positive pressure and film rupture may 
not occur. However, for pumps used in some boiling-water reactor systems 

journal 
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and for heavily loaded bearings, the net pressures may go below 
atmospheric, resulting in film rupture and cavitacion. It should there-
fore be determined whether cavitation will or will not occur, and the 
design procedures should be adjusted accordingly. 

4.4.1 Performance Characteristics 

The procedures used to determine the performance of sectored bear-
ings are analogous to those outlined for the 360° plain journal bearings. 
As for the plain journal bearing, the performance characteristics for the 
axially grooved journal bearings are plotted as functions of the bearing 
characteristic or Sommerfeld number. Since only three-sector bearings 
are generally used in reactor coolant circulating pumps, only those plots 
for three-sector bearings are presented in this section. Plots for four-
sector bearings are presented in Appendix A. 

(a) Analysis Procedure. In most cases, the lubricant and the tem-
perature of the lubricant entering the bearing are known. Since viscosity 
is temperature dependent, the operating viscosity may not be known until 
the temperature rise has been calculated. However, the viscosity is 
needed to calculate the temperature rise, and an iteration procedure is 
used to determine the operating temperature and viscosity. This proce-
dure is as described for the 360° plain journal bearing in Subsection 
4.3.2. The general procedure is to use the inlet temperature and assume 
an initial value for the viscosity (p) of the lubricant. The Sommerfeld 
number (S) is calculated by using Eqs. 4.3 and 4.4. The lubricant tem-
perature rise is calculated by using the equation 

Hi 
A T = 2 - Qs, „ - <4"29> 

Q \RCNLJ 
where 

AT = temperature rise, °F, 
f(R/C) = coefficient of friction variable, 

y = unit weight of lubricant, Btu/lb*°F, 
Q„ = flow of lubricant out both sides of bearing, in.3/sec, 
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ROiL = fl°W v a r i a b l e' 
P = bearing unit load, psi, 

J = mechanical equivalent of heat = 9336 in.-lb/Btu, and 

Cp = specific heat of lubricant, Btu/lb*°F. 

The side leakage (Qc) is some fraction of the classical lubricant supply, 
and it is determined by using Eq. 4.21. The average lubricant film tem-
perature is then calculated by using Eq. 4.25. 

Ta = + y > <4'25> 

where 

T = average film temperature, °F, <i 
T = inlet temperature, °F, and 
AT = temperature rise, °F. 
Therefore, an average film temperature (T ) can be computed for each o 

assumed value of average viscosity. As the assumed value of viscosity is 
increased, the resulting computed value of Ta is also increased. By 
assuming different values for the average viscosity and computing the cor-
responding valves of the average film temperature, a curve of Ta as a 
function of u can be constructed on the same graph on which the tempera-
ture-viscosity curve for the specified lubricant is plotted. The temper-
ature and viscosity given at the intersection of these two curves denote 
the operating values. Thus, the operating viscosity is known, and the 
design procedure outlined in the preceding examples is followed. 

(b) Numerical Example for Non-Cavitating Bearing. A numerics1 
example is presented here to illustrate the av>alvsis procedure for an 
axially grooved journal bearing without film rupture (cavitation). The 
variables given for this example are 
1. bearing type = 3 equally spaced sectors, 
2. absolute viscosity, ]i = 0.77 X 10"6 lb-sec/in.2 (SAE 10 oil at 20C°F), 
3. bearing ambient pressure, pQ = 1000 psia, 
4. applied load, W = 22,500 lb, 
5. journal speed, N = 1200 rpm = 20 rps, 
6. journal diameter, D = 12 in. (R = j in.), 
7. bearing length, L = 12 in., 
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8. mean radial clearance, C = 0.006 in., and 
9. lubricant vapor pressure = 25 psia. 

1. The Sommcrfcld number (S) is computed by using Eqs. 4.3 and 4.4. 

I RlapNDL = I 6 \2(0.77 X 10"°)(20)(12)(12) 
I c J W 1 0 . 0 0 6 1 2 2 , 5 0 0 

= 0.0986 . 
2. The dimensionless fluid film pressure (Pmin) is obtained from 

Fig. 4.24. For L/D = 1.0 and S = 0.0986, p = -0.530 for displacement 
into the pad center line. The minimum fluid film pressure is computed 
by using the equation 

Pjnin - + P0 (4-30) 

-0.530 
(0.006)2 6(0.77 X 10"

6) (20) (27r) (6) (12) + 1000 

= 384.6 psia . 
Since the minimum pressure is higher than the vapor pressure (25 psia), 
the various bearing performance parameters will be obtained from the 
charts developed for non-cavitating (no film rupture) bearings. 

3. To compute the minimum film thickness (hn), the eccentricity 
characteristics of the bearing are obtained from Fig. 4.25. For L/D = 
1.0 and S = 0.0986, the eccentricity characteristic for groove center 
line displacement € =0.64 and the characteristic for pad center line 
displacement e = 0,78. The minimum film thickness is given by the 
equation 

hn = C(1 - e) (4.31) 

= 0.006(2 - 0.78) 
= 0.0013 in. 

4. The angle between the load line and the displacement is deter-
mined. For the conditions of Step 3 and no cavitation, 

<t> = 90° . 
The friction characteristics are obtained from Fig. 4.26. For 

L/D = 1.0 and S = 0.0986 and displacement into the groove center line, 
the coefficient of friction variable f(R/C) = 2.85. For displacement 
into the pad center line, f(R/C) =3.5. The friction force(F) is 
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Fig. 4.25. Eccentricity Characteristics (e) as a Function of the Sommerfeld Number (S) for Non-
Cavitating Three-Sector Axially Grooved Journal Bearings. 
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Fig. 4.26. Coefficient of Friction Variable, f(R/C), as a Function of the 

Sommerfeld Number (S) for Non-Cavitating Three-Sector Axially Grooved Journal Bearings. 
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computed by using Eq. 4.18. 

F = fW = jf(f)]f(W) (4.18) 
„ 3.5(0^06)22j500 

= 78.75 lb . 
From Eq. 4.19, the friction torque 

T = FR = 78.75(6) = 472.5 in.-lb . 

From Eq. 4.20, the friction power consumption of the bearing 
Ta)_ = 472.5(20) (27T) = 

H 550 550(12) h p ' 
6. The lubricant flow variable (Q^/VRCNL) is obtained from Fig. 

4.27, and the flow of the lubricant drawn into the clearance space by the 
journal is determined from the expression 

Qi 
Qi = TTRCNL 7TRCNL . (4.32) 

7. The side leakage flow variable (Qs/7rRCNL) is obtained from Fig. 
4.28. For a non-cavitating sectored bearing with displacement either 
into the pad center line or groove center line, the net side flow is 
zero. However, the net side flow exchanged is calculated by using the 
data in Fig. 4.28 and the equation 

Q, 
Qs • 7TRCNL 7TRCNL . (4.33) 

8. As previously stated, temperature rise charts were not developed, 
but the temperature rise (AT) of the lubricant can be obtained by using 
the equation 

IjyC AT 
AT = ! F 

J7C ' ' P 
where 

AT = temperature rise of lubricant, °F, 
J = mechanical equivalent of heat = 9336 in.-lb/Btu, 
7 = unit weight of lubricant, lb/in.3 

Cp = specific heat of lubricant, Btu/lb'°F, and 
P = bearing unit load, psi. 

(4.12) 
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(c) Numerical Example for Cavitating Bearing. This numerical 
example is presented to illustrate the analysis procedure for an axially 
grooved journal bearing with cavitation (film rupture). The given vari-
ables for this example are the same as those given for the numerical 
example presented in Subsection 4.4.1(b) except that the bearing ambient 
pressure (pQ) for this example is equal to atmospheric pressure. 

1. The Sommerfeld number (S) is computed by using Eqs. 4.3 and 4.4. 

s = (S)2HS2i . 0.0986 . 

2. The minimum fluid film pressure (p . ) is obtained from Fig. 
4.24 (page 166). For L/D = 1.0 and S = 0.0986, p m i n = -0.530 fcr dis-
placement into the pad center line. The minimum fluid film pressure is 
computed by using Eq. 4.30. 

pmin 
-0.530 6(0.77 X 10"6) (20) (2tt) (6)(12) + 14.7 

(0.006)2 

- -600.70 psia . 
Therefore, a portion of the film is ruptured or cavitated, and the var-
ious bearing performance parameters will be obtained from the charts 
developed for cavitating (f;'.lm rupture) bearings. 

3. To compute the minimum film thickness (b^), the eccentricity 
characteristics of the bearing are obtained from Fig. 4.29. For L/D = 
1.0 and S = 0-0986, the eccentricity characteristic for displacement into 
the groove center line e = 0.720 and the characteristic for displacement 
into the pad center line € « 0.775. The minimum film thickness is deter-
mined from Eq. 4.31 as 

h n « C(1 - e) = 0.006(1 - 0.775) 

* G..0014 in. 
4. The position of the minimum film thickness or attitude angle (<t>) 

measured from the load line is obtained from Fig. 4.30. For L/D =1.0 
and S = 0.0986, the attitude angle for displacement into the groove 
center line <t> = 44° and the angle for displacement into the pad center 
line 4> =31°. 

5. The coefficient of friction triable is obtained from Fig. 4.31. 
For L/D =1.0 and S = 0.0986, the coefficient of friction variable f(R/C) 
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= 2.25 for displacement into the pad center line. The friction force (F) 
is computed by using Eq. 4.18. 

~ C F - fW - [f(£ R(W) (4.18) 

= 2 . 2 5 ( ^ 6 ) 22,500 
6 

= 50.6 "lb . 
From Eq. 4.19, the friction torque 

T = FR = 50.6(6) = 303.8 in.-lb , 
and from Eq. 4.20. the friction power consumption of the bearing 

u - J^L _ 303.8(20) (27T) _ . ( , 
H " 550 " 550(12) ~ 5 , 0 h p ' 

6. The lubricant flow variable (Q^/TTRCNL) is obtained from Fig. 
4.32, and the flow of lubricant drawn into the clearance space by the 
journal is determined from the equation 

Qi 
Qt - 7TRCNL 7TRCNL . (4.32) 

7. The side leakage flow variable (Q /TTRCNL) is obtained from Fig. o 
4.33. For L/D = 1 . 0 and S = 0.0986, the side leakage flow variable Q a/ 

b 

T/'RCNL = 0.53 for displacement into the groove center line and Q /7TRCNL = o 
0.68 for displacement into the pad center line. The side flow, from Eq. 
4.33, 

Q = (0.68)TT6(0.006) (20) (12) = 18.5 in.3/sec . s 
8. Temperature rise charts were not developed for the axially 

grooved journal bearings, but the temperature rise (AT) of the lubricant 
can be obtained by using Eq. 4.12. 

4.4.2 Bearing Stability 

As discussed in Subsection 4.3.3 for the 360° plain journal bearing, 
a reasonable treatment of the complex problem of bearing whirl instability 
can be accomplished by assuming that the rotor mass is represented by 
concentrated masses, each of which is located at the center of one of the 
journal bearings. The computational procedure to be used for the axially 
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grooved journal bearings is the same as that outlined for the 360° plain 
journal bearing in Subsection 4.3.3, and the critical mass curve to be 
used for three-sector axially grooved journal bearings is shown in Fig. 
4.34. 

Fig. 4.34. Critical Rotor Mass Factor at Onset of Instability as a 
Function of the Sommerfeld Number (S) for Three-Sector Axially Grooved 
Journal Bearings. 
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4.5 Steady-State Analysis of Pivoted Pad Journal Bearings 

The most frequent use of tilting or pivoted pad journal bearings in 
reactor coolant pumps is in supporting the shaft of the electric motor. 
The main advantage in the use of this type of journal bearing over other 
types is its high affinity for stable operation even with no applied 
load. This type of bearing could also be used at the pump end of the 
rotor, but one pivoted pad journal bearing is used at each end of the 
motor in normal reactor coolant pump configurations. These bearings, 
along with the Kingsbury thrust bearing, are oil rubricated and are con-
nected to a common oil circulating system, which includes provisions for 
cooling the oil. The configuration of a typical pivoted pad journal bear-
ing is illustrated in Fig. 4.35, and the nomenclature illustrated is 
defined as follows. 

e = eccentricity with respect to pad ground clearance, in. 
e' = eccentricity with respect to assembled clearance, in. 
h^ = leading edge film thickness, in. 
hp = pivot film thickness, in. 
ht = trailing edge film thickness, in. 
n = number of pads 
0 = center of shaft journal 
Of = center of bearing or pad 
P = unit load, psi 
R = journal radius, in. 

R + C = bearing pad radius, in. 
R + C* = bearing pivot circle radius, in. 

W = bearing load, lb 
Wn = component of single-pad load normal to eccentricity, lb 
Wp = component of single-pad load along eccentricity, lb 

OL = bearing pad arc length, ° 
€ = pad eccentricity = e/C 
ef = bearing eccentricity ratio = e'/C1 
| = angle from line of centers to pad leading edge, ° 
<P = angle to pivot from pad leading edge, ° 
oo = angular velocity, radians/sec 
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As can readily be seen from Fig. 4.35, there are considerably more 
variables involved in the design of this type of journal bearing than 
there are for either the 360° plain journal bearing or the axially 
grooved journal bearing. As a result of this complexity, the available 
design information for pivoted pad journal bearings is considerably less 
general than tlie corresponding available information for other types of 



182 

journal bearings. Thus, a larger number of design parameters must be 
specified before design charts can be used. 

The design curves presented here are based on the work of Eiwell and. 
Findlay.21 These curves were obtained by using numerical techniques and 
a digital computer to effect a steady-state solution of the Reynolds 
equation for incompressible lubrication. The design curves are based on 
the assumption of no cavitation in the bearing; that is, a full film 
within the bearing clearance. One initial specification made herein is 
that the pivot position be centrally locatcd. This produces the sane 
bearing performance characteristics for either direction of rotation. 

Most pivoted pad journal bearings are designed so that the ratio of 
the assembled pivot circle clearance (measured at the pivot) to the 
machined (ground) clearance (radius of shoe minus radius of shaft) is 
less than one. This guarantees a certain amount of pre-load on each 
pivoted pad even if the bearing is under no external load. With cen-
trally pivoted pads, it is essential that the amount of pre-load be suf-
ficient (C'/C < 1 , small enough) to insure that none of the pads will 
become completely unloaded when the bearing loads are applied. If a pad 
becomes excessively unloaded, reverse pitch can occur and the leading 
edge will contact the shaft. Further operation will aggravate this sit-
uation and cause the pad to plow farther into the shaft. This phenomenon 
is normally referred to as "shoe backup". 

4.5.1 Load and Friction Characteristics 

A numerical example is presented here to illustrate the use of the 
design charts in determining the dimensionless load and friction charac-
teristics for pivoted pad journal bearings. Performance curves for three-
pad pivoted pad journal bearingsj which are generally used in primary 
reactor coolant pumps, are presented in this subsection, and performance 
curves for five-pad pivoted pad journal bearings are presented in Appen-
dix B. The three-pad bearings have 110° pads, and the five-pad bearings 
have 60° pads. The performance curves cover length-to-diameter ratios of 
0.5, 0.7, and 1.0 and assembled-clearance-to-ground-clearance ratios of 
0.6, 0.8, and 1.0. 
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The given data for this numerical e"ample are 
1. bearing type = 3-pad pivoted pad journal bearing, 
2. viscosity of lubricant, ji = 2 X 10~6 lb • sec/in.2, 
3. applied load, W = 1500 lb, 
4. journal speed, N = 1200 rpm = 20 rps, 
5. journal diameter, D = 12 in., 
6. bearing length, L = 6 in., 
7. pivot location, <J>/o: = 0.5, 
8. ground clearance, C = 0.0075 in., and 
9. assembled clearance, C1 = 0.006 in. 

1. The reciprocal of the Sommerfeld number is calculated by using 
the equation 

i ir»2 VJ (4.34) S \RJ pNLD 

0.0075|2 1500 
6 ' (2 X 10~G)(20)(6)(12) 

=0.814 . 
2. For a bearing L/D = 0.5, the displacement of the shaft by the 

applied load is determined by obtaining the value of the bearing eccen-
tricity ratio (e1) from Fig. 4.36. For 1/S = 0.814 and load on the pivot, 
e' = 0.47. The eccentricity with respect to the assembled clearance 

e * = C5 €' (4.35) 
= 0.006(0.47) = 0.0028 in. 

For 1/S = 0.814 and load between the pivots, e1 = 0.85. From Eq. 4.35, 
the eccentricity with respect to the assembled clearance 

e1 = 0.006(0.85) = 0.0051 in. 

3. The dimensionless friction torque factor (T) plotted in the per-
formance curves presented herein as a function of 1/S is defined by the 
equation 

t • e i i y t f > (4-36) 

where 
F = friction force, lb, 
R = radius of journal, in., 
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Fig. 4.36. Bearing Eccentricity Ratio (ef) for Load On and Between 
Pivots as a Function of the Reciprocal of the Sommerfeld Number (1/S) for 
Three-Pad Pivoted Pad Journal Bearings With L/D =0.5. 
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li = viscosity of lubricant, lb-sec/in.2, 
N = journal speed, rps, 
D = diameter of journal, in., 
L = length of bearing, in., and 
C = ground radial clearance, in. 

For a journal bearing with a L/D - 0.5, the value of T is obtained from 
Fig. 4.37. For 1/S = 0.814 and load on pjvct at €* = 0.47, T = 1.4. For 
load between pivots at e1 = 0.85, T = 1.7. The larger of these two values 
is used to obtain a conservative value. From the definition of T given 
in Eq. 4.36 the friction torque 

FR = 67niNDLc(|)2T (4.37) 

= 6tt(2 X 10-6)(20)(12)(6)(0.0075)(Q 06075)21.7 

= 443 in.-lb . 
The total power requirement for the bearing 

H = 5 W 1 2 ) = 4 2 2 h p ' 

Performance curves for three-pad pivoted pad journal bearings with 
L/D ratios of 0.7 and 1.0 are illustrated in Figs. 4.38 through 4.41. 
The performance curves for five-pad bearings are presented in Appendix B. 

4.5.2 Film Thickness 

In determining the operating characteristics of a 360° plain journal 
bearing or an axially grooved journal bearing, knowledge of the bearing 
radial clearance and operating eccentricity is adequate to permit calcu-
lation of the minimum film thickness (hn). A comparable calculation for 
the pivoted pad journal bearing is not this simple since the bearing ele-
ments (pads) have the degree of freedom to move about the pivots. 

However, a fairly simple set of computations that will allow ade-
quate treatment of film thickness considerations can be made in conjunc-
tion with the performance curves presented in Subsection 4.5.1. The 
items of interest are the film thickness at the respective pivot loca-
tions. The calculation procedure is presented in the form of a numerical 
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Fig. 4.40. Bearing Eccentricity Ratio (ef) for Load On and Between 
Pivots as a Function of the Reciprocal of the Sommerfeld Number (1/S) for 
Three-Pad Pivoted Pad Journal Bearing With L/D = 1.0. 
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Fig. 4.41. Dimensionless Friction Torque Factor (T) for Load On and 
Between Pivots as a Function of the Reciprocal of the Sommerfeld Number 
(1/S) for Three-Pad Pivoting Pad Journal Bearing With L/D = 1.0. 
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example in which the equations for the pivot film thicknesses (hp̂ ,̂ h^ , 
and hp3) for a three-pad bearing with centrally located pivots are 
presented. 

For the case of a load between pivots 1 and 2 (as illustrated in 
Fig. 4.35), the bearing load and shaft eccentricity are very nearly in 
the same direction. Therefore, the film thickness at the pivot 

hp = C' - e1 cos p , (4.38) 

where (3 = angle between load direction and pivot, For pivots 1 and 2, 
£ = 60°; and for pivot 3, p = 180°. Therefore, 

hP! = h P 2 = C ' ' °-5e' 
and h = C1 + ef . 

P3 
For the case of the load directly on pivot 3 , 6 = 120° for pivots 1 and 
2 and p = 0° for pivot 3. Therefore, 

V = h
P £ - c ' + ° - 5 e ' 

and h = C' - e1 . P3 

4.5.3 Bearing Stability 

A reasonable treatment of the complex problem of bearing whirl insta-
bility can be accomplished by assuming that the rotor mass is represented 
by concentrated masses, each located at the center of one of the journal 
bearings. The computational procedure to be used is similar to that out-
lined in Subsection 4.3.3 for 360° plain journal bearings. Stability 
information applicable to tilting or pivoted pad journal bearings has 
been developed by Lund,18 and the critical mass curves to be used for 
these bearings are illustrated in Figs. 4.42 and 4.43. 



192 

1000 
ETR5-114 

100 

10 

^ I 

0.1 

= 111 i i 111MI 1 1 1 II 1 II 

L / D = 0.5 
C'/C = 1 

I II I I I It 

E \ 

\ 

i 
\ CRITICAL 
\ MASS 
\ 

\ 

\ 

CcdCxx * -
w A 
/ f CwCyy _ 

/ / w 

\ \ 
X \ 

X . s 
^ ^ C KXX 

v v \ X 
\ X 

— 

— 

CK y y ^ 

N V \ \ 
x x N \ 

\ M \ X ' 

\ \ \ % 

ii 11 1 1 1 1 1 1 II I I I I llII 
\ \ = 1 % _ 
1 \ 1 I I I 1 IT 

0.1 

CO 
co < 

< o 

01 o 

0.001 

0.0001 

0.01 10 
0 100 

Fig. 4.42. Critical Rotor Mass Factor at Onset of Instability as a 
Function of the Sowmerfeld Number (S) for Load on Pad of Pivoted Pad 
Journal Bearing With L/D = 0.5. 



193 

ETR5-101 

s 
Fig. 4.43. Critical Rotor Mass Factor at Onset of Instability as a 

Function of the Sommerfeld Number (S) for Load Between Pads of Pivoted Pad 
Journal Bearing With L/D - 0.5. 



l w 

4.6 Journal Bearings With Turbulent Fluid Film Flow 

The phenomenon of turbulent fluid film flow in journal bearings is 
considerably more complex than laminar fluid film flow. Consequently, 
the analytical treatment presently used for turbulent flow in bearings is 
somewhat less exact than that used for laminar flow in bearings. The valid-
ity of a linear differential equation similar to the equation used to 
define laminar fluid film flow (Reynolds equation) in bearings is assumed 
in most current approaches to the problem of turbulent film flow in bear-
ings. The linear differential equation used for turbulent flow differs 
from that used for laminar flow only in the inclusion of coefficients in 
the pressure terms of the equation, where the coefficients are functions 
of the local Reynolds number (UC/v).22 This approach was used to compute 
performance curves which show the influence of turbulence, as measured by 
the Reynolds number, on the load, attitude angle, and friction for a 360° 
plain journal bearing with L/D = 1.0. These curves are shown in Figs. 
4.44, 4.45, and 4.46. The experimental results obtained by Orcutt and 
Arwas22 show good correlation with these computed performance curves. 
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Fig. 4.44. Dimensionless Load Versus Eccentricity Ratio as a Func-
tion of the Reynolds Number for a 360° Plain Journal Bearing With L/D =1.0. 
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In determining an approximate load capacity for a journal bearing 
with turbulent fluid film flow, an assumption frequently made is that the 
ratio of load capacity for turbulent flow to the load capacity for lami-
nar flow is a simple power function of the Reynolds number formulated as 
fo Hows • 

W 
T - A Re n ' ( 4- 3 9 ) 
XJ 

where 
W^ =• load capacity of bearing in turbulent flow regime, lb, 
W^ - load capacity computed for bearing with laminar flow, lb, 
A = proportionality constant relating Reynolds number and load 

capacity for turbulent and laminar flows, 
Re = Reynolds number, and 
n = exponent of Reynolds number. 

The proportionality constant (A) and the exponent of the Reynolds number 
(n) are both determined experimentally for a particular type of bearing, 
such as a journal bearing. The use of this approach is demonstrated in 
Subsection 4.6.1. 

This simplified approach combined with available analytical and/or 
experimental results for a given bearing can be used to obtain a reason-
able approximation of load capacity for a similar bearing for which no 
data are available. If it is assumed that A and n are constant, then 
Wrp/Ŵ  is also constant for a specified Reynolds number. That is, if A, 
n, and Rg are constant for a specified type of geometry, then W ^ / W L = 
constant. A similar approach can also be used to approximate friction. 
These approximate methods are demonstrated in Subsections 4.6.2 and 
4.6.3. 

4.6.1 Analysis of 360° Plain Journal Bearing With L/D = 1.0 

For this example problem, the given variables are for a 360° plain 
journal bearing with 
1. length, L = 12 in., 
2. diameter, D = 12 in., 
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3. radial clearance, C = 0.006 in., 
4. speed, N = 1200 rpm = 20 rps, 
5. viscosity, p = 0.83 X 10"T lb-sec/in.2 (water at 120°F), 
6. kinematic viscosity, V = 1.06 X 10~3 in.2/sec, and 
7- applied load, W = 2500 lb. 

1. The Reynolds number is computed by using the equation 

(4-40) 

where 
U = peripheral speed of the journals 
C = radial clearance, and 
V = kinematic viscosity. 

For this case, 

1200(§)(f]0.006 
R = n = 4268 . e 0.00106 

From Fig. 4.44 (page 194), it can be. seen that there is considerable tur-
bulence in the fluid film flow of this bearing as evidenced by ths 
increased load capacity (l/S) over that for laminar flow. Non-I^inar 
flow would also be indicated by the use of the criteria expressed _n Eq. 
4.2. 

2. The dimensionless load (1/S) or the reciprocal of the Sotnmerfeld 
number is computed by using Eq. 4.34. 

1 |C>2 W (4.34) S IRI UNLD 

0 . 0 0 6 \ 2 |0.006\ 2500 
I 6 I (0.83 X 10~7) (20) (12) (12) 

= 10.46 . 

3. The bearing characteristics are determined by using the appro-
priate performance curves. From Fig. 4.44, for R„ = 4268 and 1/S = 10.45, 
the eccentricity ratio e = 0.46. From Fig. 4.45, for e = 0.46 and Re « 
4268, the attitude angle $ = 64°. From Fig. 4.46, for € = 0.46 and Re = 
4268, the coefficient of friction variable f(R/C) =7.0. 

4. The minimum film thickness is computed. For the 360° plain 
journal bearing, 
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h = Ce = 0.006(0.46) - 0.0028 in. n 
5. The friction characteristics of the bearing are computed. The 

friction force (F) is computed by using Eq. 4.18» 

F = fW = [£(§)] §(W) 

, 7 . O ( M , 2 5 0 0 

= 17.5 lb 
The friction torque 

T = FR 
• m cw 

= 7.0(0.006)(2500) 
= 105 in.-lb . 

The friction power consumption of the bearing 

• - " - H « ) 
= 13,200 in.-lb/sec 
= 2.0 hp . 

4.6.2 Load Capacity of 360° Plain Journal Bearing With L/D £ 1.0 

For this example problem, the given variables are for a 360° plain 
journal bearing with 
1. length, L = 6 in., 
2. diameter, D = 12 in., 
3. radial clearance, C = 0.006 in., 
4. speed, N = 1200 rpm = 20 rps, 
5. viscosity, p = 0.83 X 10"7 lb-sec/in.2 (water at 120°F), 
6. kinematic viscosity, V = 1.06 X 10"3 in.2/sec, and 
7. eccentricity, e = 0.46 . 
For this case the bearing L/D = 0.5, and the eccentricity is designated 
so that the load capacity of the bearing with laminar flow (W^) can be 
computed. To approximate the load capacity of this bearing, the first 
step is computation of the Reynolds number, and as in the first step of 
the example problem presented in Subsection 4.6.1, 
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R = 4268 . e 
Use of the previously discussed approximate method to determine the 
bearing load yields 

(WT/WL) = constant . (4.41) 

All of the parameters for the bearing in the preceding example (Subsec-
tion 4.6.1) are the same as those of this example except for the L/D 
ratio. By using the data of the preceding example, the constant of Eq. 
4.41 is determined. At an eccentricity of 0.46, 

The value of WT for L/D = 0.5 is obtained, from Fig. 4.13 (page 144). 

- (!)2ESp = 2 8 4. 6 lb . 

Therefore, 

W L 

W T = Wl(1.68) = 284.6(1.68) = 478 lb . 

4.6.3 Load Capacity of Axially Grooved Journal Bearing 

For this example problem, the given variables are for an axially 
grooved journal bearing with 
1. number of sectors = 3, 
2. length, L = 12 in., 
3. diameter, D = 12 in., 
4. radial clearance, C = 0.006 in., 
5. speed, N = 1200 rpm = 20 rps, 
6. viscosity, u = 0.83 X 10"7 lb-sec/in.2 (water at 120°F), 
7. kinematic viscosity, V = 1.06 X 10~3 in.2/sec, and 
8. eccentricity, € = 0.46. 
The same approach as was used in the preceding example (Subsection 4.6.2) 
is used here to approximate the load capacity of the bearing. 

(WX/WL) = 1.68 . 
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From Fig. 4.29 (page 173), for displacement into the pad center line and 
an eccentricity of 0.46 

L lei S 

/ 6 \z (0.83 X IP"7)(20)(12)(12) 
10.006/ 0.41 

= 583 lb . 
Therefore, 

WT = 1.68(583) = 979 lb . 

4-7 Analysis of Pivoted-Pad Thrust Bearings 

Configurations of typical thrust bearings are schematically illus-
trated in Fig. 4.47. These include fixed- and pivoted-pad bearings for 
which the illustrated nomenclature is defined as follows. 

B = length of pad in direction of motion, in., 
h^ = inlet film thickness, in., 
h = outlet or minimum film thickness, in., o ' 1 

Q = flow of lubricant drawn into film at inlet, in.3/sec, 
Q = flow of lubricant out both sides of pad, in.3/sec, s 
r^ = inside radius of pads, in., 
rQ = outside radius of pads, in., 
U = velocity of sliding surface, in./sec, 

W = load per pad, lb, and 
x = distance from inlet edge of pad to pivot, in. 
The simplest form of fixed-pad bearing, illustrated in Fig. 4.47(a), 

provides only for straight-line motion and consists of a flat surface, 
sliding over the pads. In common with other types of hydrodynamic bear-
ings, the operation of the fixed-pad bearing is dependent upon the lubri-
cant being drawn into a wedge-shaped space, thereby producing pressure 
which counteracts the load and prevents contact between the sliding parts. 
Since this wedge action only takes place when the sliding surface moves 
in the direction in which the lubricant film converges, the simplest form 
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Fig. 4.47. Configurations of Typical Thrust Bearings. 

of bearing can only carry load for this direction of operation. If 
reversibility is desired, a combination of two or more pads whose surfaces 
slope in opposite directions is required. Fixed pads are sometimes used 
in multiple for straight-line slider bearings, as illustrated in Fig. 
4.47(c), and the arrangement of a series of these pads in an annular con-
figuration yields the fixed-pad thrust bearing illustrated in Fig. 
4.47(e). 
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The use of pivoted-pad configurations, illustrated in Fig. 4.47(b), 
(d), and (f), results in a more versatile thrust bearing with a greater 
load carrying capacity over a wida range of conditions. The pivoting 
capability of the pads permits formation of the most optimum inclination 
that will maximize the load carrying capacity of the thrust bearing under 
any given set of operating conditions. This configuration also facili-
tates the design for hydrostatic lift-off and subsequent hydrodynamic 
operation. Thus, the thrust bearings incorporated in the motor portion 
of reactor coolant pumps are of the Kingsbury type: pivoted pad and 
fully equalized. They operate in an oil bath that is recirculated and 
externally cooled. Opposed bearings are used to permit thrust load in 
either axial direction, and hydrostatic lift-off is frequently employed 
for start-up. If the reactor coolant pump is built so that rotation is 
possible only in the normal direction (which is usually the case), the 
thrust bearing pads are not centrally pivoted and can be designed in 
accordance with the data presented herein. However, in any bi-rotational 
machine in which pivoted-pad thrust bearings are used, the pads must be 
centrally pivoted. Flat centrally pivoted thrust pads will not produce 
a finite load capacity and the pads must therefore be crowned (non-flat). 
Crowned pads are not covered herein, but the influence of pad profile on 
the load capacity of centrally pivoted pads is discussed in Ref. 23. 

The design characteristics that must be calculated for the thrust 
bearing are of two categories: hydrodynamic and hydrostatic. The hydro-
dynamic load capacity of the thrust bearing must support all of the thrust 
loading conditions that are possible over the wide range of pump opera-
tion. Axial thrust load is contributed to by (1) hydraulic pressure in 
either direction, depending upon the operating point; (2) dead weight 
(always down); and (3) hydrostatic end thrust, dependent upon the oper-
ating pressure of the system. Thrust load cancellation is attempted in 
design. A typical residual thrust load is 100,000 lb? and thrust bear-
ings are usually lined with babbitt metal. 

The analysis procedure and accompanying design charts for the hydro-
dynamic characteristics of thrust bearings presented herein are taken from 
the work of Raimondi and Boyd.24 The calculations are carried through 
for a single pivoted pad of the bearing, and the properties for the 
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complete bearing are found by combining these calculations in a prescribed 
manner. The performance characteristics for bearing operation during 
hydrostatic lift-off presented herein are taken from the work of Rippel.25 
In both the hydrodynamic analysis and the hydrostatic analysis, the indi-
vidual bearing pads are treated as being rectangular, whereas their 
actual shape is that of an angular segment. However, this assumption does 
not lead to significant error in either analysis. 

4.7.1 Hydrodynamic Analysis of Individual Thrust Pad 

If the pivoted pad of the simplest form of pivoted-pad bearing 
illustrated in Fig. 4.47(b) is assumed to be in equilibrium under a given 
set of operating conditions, any change in these conditions (such as a 
change in load, speed, or viscosity) will alter the pressure distribution, 
thereby momentarily shifting the center of pressure and creating s, moment 
which causes the pad to change its inclination until a new position of 
equilibrium is established. If the position of the pivot, as defined by 
the distance x, is fixed by choosing x/B, the ratio of the inlet film 
thickness (hj[) to the outlet film thickness (hQ) is also fixed and is 
independent of load, speed, and viscosity. Thus, the inclination of the 
pad will be automatically altered to maintain a constant value of hj[/hG. 

Since the film shape considered here is continuously convergent from 
inlet to outlet, there is no cause for the formation of negative pres-
sures similar to those that occur in journal bearings under certain cir-
cumstances and require special methods of analysis. Pads with various 
ratios of length perpendicular to motion (L) to length parallel to motion 
(B) are treated directly, and side-flow factors such as were used for 
journal bearings are not required in the analysis of thrust pads. 

The analysis procedure presented here is based on the assumption 
that the viscosity of the lubricant remains constant as it passes through 
the film. Although it is known that viscosity varies with both tempera-
ture and pressure, the error made by assuming that it remains constant is 
usually small, especially if the temperature rise is not large. The vis-
cosity of the lubricant is expressed herein in English units* 
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(a) Procedure. As was found to be the case for journal bearings, 
the equations required to solve pivoted-pad thrust bearing problems are 
cumbersome to work with and calculations are most easily made by using 
bearing performance charts. Plotting the various performance factors as 
functions of the bearing characteristic number (similar to the Sommerfeld 
number for journal bearings) is the simplest method for fixed-pad thrust 
bearings. However, the equations upon which the analysis of pivoted-pad 
bearings is based include a relation that accounts for moments about the 
pivot, and this prevents the selection of a convenient bearing character-
istic number. If the position of the pivot (x/B) is prescribed or known 
in advance, the various bearing performance characteristics can be deter-
mined from a series of performance variables that become fixed once the 
pivot position is established. 

The letter "K" (in honor of the pivoted-pad bearing pioneer Albert 
Kingsbury) represents the group of variables JIU/PB and will be referred 
to as the bearing performance number (dimensionless). Thus, the bearing 
performance number (K) is determined from the equation 

K = ̂  , (4.44) 

where 
p = absolute viscosity of lubricant, lb*sec/in.2, 
U = velocity of sliding surface, in./sec, 
P = load per unit area, psi, and 
B = length of pad in the direction of motion, in. 

The load per unit area (P) is calculated by using the equation 
W P P = — - (4 = 45) P 

R ~~ BL ' 
where 

Wp = load per pad, lb, and 
L - length of pad perpendicular to the direction of motion, in. 
The inclination of the pivoted pad surface can be determined by 

using Fig. 4.48, in which the dimensionless slope variable, m/(K)1''2, is 
plotted as a function of the pivot position factor for various L/B ratios. 
The inclination of the pad is determined by using the equation 
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m m 
(K) 1/2 (K) (4.46) 

where 
m = inclination of pad surface, in./in., 

m/(K)1/2 = dimensionless slope variable, and 
K = performance number. 

The minimum film thickness, which is the same as the outlet film 
thickness (hQ), can also be determined by using data illustrated in Fig. 
4.48. The minimum film thickness variable, hg/BOO1/2, is obtained from 
Fig. 4.48 for a particular pivot position factor and L/B ratio, and this 
value is used in Eq. 4.47 to determine the minimum film thickness. 

tu 1 
B(K)1/2 , h = o Lb(K) 1/2 (4.47) 

where 
h = minimum film thickness, in., o ' 
B = length of pad in the direction of motion, in., 
K = bearing performance number, and 

h /B(K)1^2 = minimum film thickness variable. 
It should be noted here that for those design cases in which the viscosity 
of the lubricant or the lubricant itself is not specified and the minimum 
film thickness is specified, Eq. 4.47 can be used to determine the square 
root of the bearing performance number. 

00 1/2 = 
hc/B 

(4.48) 

B(K) 1/2 

The coefficient of friction variable, f/OO1/2, is plotted as a 
function of the pivot position factor for various pad proportions (L/B) 
in Fig. 4.49. The coefficient of friction is determined by using the 
equation 

f = 
(K) 1/2 

(K) l/2 (4.49) 

where 
f = coefficient of friction, dimensionless, 
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K = bearing performance number, and 
f/CK)1/2 = coefficient of friction variable. 

The power loss variable, lC^H/PBLUCK)1/2, is also plotted in Fig. 
4.49 as a function of the pivot position factor for various pad propor-
tions (L/B). The power loss or power consumed in friction per pad is 
determined from the equation 

104H H = 
PBLU(K) 1/ 2 

10'4PBLU(K)1/2 , (4.50) 

where 
H = power consumed in friction per pad, hp, 
P = load per unit area, psi, 
B = length of pad in direction of motion, in., 
L = length of pad perpendicular to the direction of motion, in., 
U = velocity of sliding surface, in./sec, and 

104H 7-j- = power loss variable. 
PBLU(K) ' 

The lubricant flow which is drawn in at the inlet edge of the pad 
is determined by using data illustrated in Fig. 4.50, in which the flow 
variable, Q/BLU(K) l , is plotted as a function of the pivot position 
factor for various pad proportions (L/B). The lubricant flow drawn in 
at the inlet edge of the pad is calculated by using the equation 

BLU(K)1/2 , (4.51) Q = BLU(K) 1/2 

where 
Q = flow of lubricant drawn into film at inlet edge of pad, 

in.3/sec., 
B = length of pad in direction of motion, in., 
L = length of pad perpendicular to direction of motion, in., 
U = velocity of sliding surface, in./sec, 
K = bearing performance number, and 

BLU(K) L / 2 
= flow variable. 

The total amount of the lubricant flow drawn in at the inlet edge 
of the pad that escapes laterally from both sides of the pad before 
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reaching the outlet edge can be determined. The dimensionlass flow ratio 
(Q /Q) is also plotted as a function of the pivot position factor for 
various pad proportions (L/B) in Fig. 4.50, and the value obtained for a 
particular case is used in Eq. 4.52 to determine the side flow of the 
lubricant. 

Q< 
Qs - (4.52) \ Q / ' 

whe re 
= flow of lubricant out both sides of pad, in.3/sec, 

Q/Q = dimensionless flow ratio, and 
Q = flow of lubricant drawn into film at inlet edge of pad, in.3/sec. 

It should be noted that the dimensionless flow ratio variable does not 
contain the bearing performance number (K). Thus, the side flow is 
dependent only upon the pivot position and the inlet lubricant flow. 

If it is assumed that all of the heat generated by fluid friction is 
absorbed by the lubricant as it travels the length of the pad, the result-
ing increase in the temperature of the lubricant can be determined. The 
film temperature rise variable (AT/P) plotted in Fig. 4.51 as a function 
of the pivot position factor for various pad proportions (L/B) can be 
used in Eq. 4c53 to determine the increase in the temperature of the 
lubricant. 

AT = (^)P , (4.53) 

where 
AT = film temperature rise of lubricant, °F, 

AT/P = film temperature rise variable, °F/psi, and 
P = load per unit area, psi. 

It should be pointed out that the curves shown in Fig. 4.51 are based on 
a lubricant with a specific heat of 0.40 and a specific gravity of 0.83. 
The temperature rise for a lubricant with a different specific heal: and 
specific gravity can be determined by multiplying the temperature rise 
computed by using variables obtained from Fig. 4.51 by 

0.332 
Specific gravity(specific heat) 

It should also be noted that the temperature rise variable does not 
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Fig. 4.51. Film Temperature Rise Variable as a Function of the Pivot 
Position Factor for Pivoted Pad Thrust Bearing Pads of Various Proportions 
(L/B). 

contain the bearing performance number (K), and the temperature rise is 
therefore dependent only upon the pivot position and the unit load (P). 

While the preceding design charts and equations are based on the 
assumption that the viscosity of the lubricant remains constant instead 
of varying with temperature as the lubricant flows from the inlet to the 
outlet edge of the pad, a reasonable approximation of the actual condi-
tions can be made by picking a mean value of viscosity that can be con-
sidered constant. One method of doing this is to use the average of the 
viscosity at the inlet edge and at the outlet edge of the pad. Another 
method is to use the viscosity corresponding to the average temperature. 
Since the latter is more conservative, it is the method presented here. 
The average film temperature is given by the equation 

AT 
Ta = Ti + 2 ' ( 4 , 5 4 ) 
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whe re 
T = average film temperature, °F, cl 
T = temperature at pad inlet, °F, and 
AT = temperature rise, °F. 
If the viscosity is specified for a particular design problem, a 

viscosity-temperature chart for typical SAE numbered oils (similar to 
that illustrated in Fig. 4.21 on page 158) can be used to determine the 
temperature for the specified viscosity of the desired SAE oil used as 
the lubricant. If this value of temperature is taken as the average film 
temperature and the temperature rise is obtained by using Fig. 4.51 and 
Eq. 4.53, the inlet and outlet film temperatures can be determined. 

If the viscosity of the lubricant is not given for a specific prob-
lem, but the use of an SAE oil of a particular number to be supplied at 
a particular inlet temperature was specified, a temperature balance would 
have to be made before the problem could be solved. An initial viscosity 
is assumed, the temperature rise is computed, and the average film tem-
perature is calculated by using Eq. 4.54. The assumed viscosity is then 
plotted as the ordinate and the average film temperature is plotted as 
the abscissa on a typical viscosity-temperature chart, as discussed in 
Subsection 4.3.2 and illustrated in Fig. 4.21 (page 158). Another value 
of viscosity is assumed, the corresponding average film temperature is 
calculated, and these values are also plotted on the chart. The inter-
cept between a line connecting the design points on these two curves and 
the lines representing the specified SAE oil determines the value of the 
operating viscosity and the average temperature. Operating conditions 
with other SAE oils are readily obtained by extending the line between 
the two computed points to intercept the lines representing other SAE 
numbered oils. 

There are three conditions for which bearing performance can be 
optimized. These are maximum load per pad (Wp), minimum friction power 
loss (H), and maximum outlet or minimum film thickness (hQ). To optimize 
the bearing design, the pivot position cannot be chosen arbitrarily but 
must be selected from Fig. 4.52 for the desired condition of optimization. 
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(b) Numerical Example. Two general classes of problems are 
possible and they differ only in the manner in which data relative to the 
lubricant are given. In one case it is the viscosity which is either 
given or to be found, and this type of problem is primarily of academic 
interest. The type of problem usually encountered in actual practice is 
one in which the type of lubricant or its inlet temperature is given. 
The numerical example presented here is of the latter type. For this 
example, the variables given for a pivoted pad of a thrust bearing are 
1. load per pad, Wp = 36,000 lb, 
2. velocity of sliding surface, U = 1200 in./sec, 
3. length of pad in direction of motion, B = 3 in., 
4. length of pad perpendicular to direction of motion, L = 3 in., 
j. pivot position factor, x/B = 0.55, 
6. temperature at pad inlet, Tx = 110°F, and 
7. lubricant = SAE 10 oil. 

From inspection of the given variables, the pad proportion ratio 
L/B = 1. From Eq. 4.45, the load per unit area 

W
P P = ̂  (4.45) 

36,000 _ , = = 400 psi . 

The viscosity of SAE 10 oil at the average film temperature must be 
determined. The film temperature rise variable (AT/P) is obtained from 
Fig. 4.51 (page 211). For L/B = 1 and x/B = 0.55, AT/P = 0.22. From 
Eq. 4.53, the increase in the temperature of the lubricant 

AT = 0.22P = 0.22(400) = 88.0°F . 
From Eq. 4.54, the average film temperature 

Ta = T i + i ~ ( 4' 5 4 ) 

oo 
= 110 + Y = 154.0°F . 

The viscosity of SAE 10 oil at this temperature is then determined from 
a typical viscosity-temperature chart for SAE numbered oils (similar to 
that illustrated in Fig. 4.21 on page 158) as u = 1.65 X 10"s lb-sec/in.2 
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The bearing performance number can now be computed by using Eq» 
4.44. 

K = HH = <1-65 X 10"6)1200 = - 6 -6 K PB 400(3) ^ X iU ' 

and (K)l/2 = 1.29 X 10"3 . 

The minimum film thickness variable, hQ/B(K)1/2, is obtained from 
Fig. 4.48 (page 205). For L/B = 1 and x/B = 0.55, h0/B(K)l/2 = 0.240. 
From Eq. 4.47, the minimum film thickness 

hQ = 0.240B(K) 1/2 

= 0.240(3)(1.29 X 10"3) = 0.00093 in. 
The coefficient of friction variable is obtained from Fig. 4.49 

(page 207). For L/B = 1 and x/B = 0.55, f/001/2 = 3.5. From Eq. 4.49, 
the coefficient of friction 

f = 3.5001/2 = 3.5(1.29 X 10"3) = 0.0045 . 

The friction power loss variable is also obtained from Fig. 4.49. 
For L/B = 1 and x/B = 0.55, M^H/PBLUGO1/2 =5.4. From Eq. 4.50, the 
friction power loss 

H = (5.4)10"4PBLU(K)1/2 

= 5.4(10"4)(400)(3)(3)(1200)(1.29 X 10"3) 
= 3.00 hp . 

The pad slope variable is obtained from Fig. 4.48 (page 205). For 
L/B = 1 and x/B = 0.55, m/OO1/2 = 0.12. From Eq. 4.46, the inclination 
of the pad 

m = O.IZOO1/2 = 0.12(1.29 X 10~3) 
= 0.000154 in./in. 

The lubricant flow variable is obtained from Fig. 4.50 (page 209). 
For L/D = 1 and x/B = 0.55, Q/BLlKK)1/2 = 0.164. From Eq. 4.51, the 
flow of lubricant drawn in at the inlet edge of the pad 

Q = 0.164BLU001/2 

= 0.164(3)(3)(1200)(1.29 X 10-3) 
= 2.27 in.3/sec . 
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The flow ratio is also obtained from Fig. 4.50. For L/B = 1 and 
x/B = 0.55, Qs/Q = 0.195. From Eq. 4.52, the flow of lubricant out both 
sides of the pad 

Q = 0.195Q = 0.195(2.27) s 
= 0.442 in.3/sec . 

If it had been stipulated in the preceding problem that the design 
was to be optimized for a particular condition, the pivot position could 
not have been arbitrarily selected as x/B = 0.55 but would have been 
obtained from Fig. 4.52 (page 213). For example, if the preceding design 
had been optimized for the maximum minimum film thickness, the optimum 
x/B =0.6 from Fig. 4.52, and this value would have been used in the 
solution of the preceding example problem. 

4.7.2 Hydrodynamic Analysis of Single-Acting 
Pivoted-Pad Thrust Bearing 

By arranging a number of pivoted pads in an annular configuration, 
a pivoted pad thrust bearing similar to that illustrated in Fig. 4.47(f) 
is obtained. From the symmetry of construction, it can be seen that all 
pads will perform exactly alike and the performance of the thrust bearing 
as a unit can be determined from an analysis of any individual pad, as 
described in Subsection 4.7.1. Although the preceding equations are 
based on the assumption of a rectangular shape for the individual pads, 
these equations can be used for sector-shaped pads where the speed, slope, 
and pad length B are measured at the average radius of the thrust bearing 
pads. Equations 4.55 through 4.59 are necessary to relate the individual 
pads to the complete pivoted pad thrust bearing. The load per pad 

W = ^ , (4.55) p n 
where 

Wp = load per pad, lb, 
W = total load on bearing, lb, and 
n = number of pads in bearing. 
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The length of the pad perpendicular to the direction of motion 
L = ro - r ± , (4.56) 

where 
r = outside radius of pads, in., and o 
r̂ , = inside radius of pads, in. 

The length of the pad in the direction of motion 
ir(r. + r )k 

B = 1
 n ° , (4.57) 

where 
k = proportion of the circumference of the thrust bearing occupied by-

pads, and 
n = number of pads. 

The proportion of the circumference occupied by pads 
n(rD - r ) 

k - 7T(L/B)(ri + rQ) ' <4-58> 

The velocity of the sliding surface 
U = 7T(ri + rQ)N , (4.59) 

where 
U = velocity of sliding surface, in./sec, and 
N = speed of runner, rps. 
To illustrate the hydrodynamic analysis of a single-acting pivoted 

pad thrust bearing, consider the case in which the bearing design is to 
be optimized for the condition of minimum power loss (H) and the given 
variables are 
1. total load on bearing, W = 12,000 lb, 
2. inside radius of pads, r^ = 2 in., 
3. outside radius of pads, rQ = 4 in., 
4. speed, N = 1800 rpm = 30 rps, 
5. number of pads, n = 6, 
6. pad proportion ratio, L/B = 1, 
7. minimum film thickness, hQ = 0.001 in., and 
8. inlet temperature of lubricant, T = 100°F. 
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From Eq. 4.555 the load per pad 
W = li^oo . 2 0 0 0 lb . 

From Eq. 4.56, the length of the pad perpendicular to the direction of 
motion 

L = 4 - 2 = 2 in. , 
and since L/B = 1, 

L = 2 in. = B . 
From Eq. 4.45, the load per unit area 

_ WP 2000 , n n . 
P " BL = 2(2) = 5 0 0 P S 1 ' 

From Eq. 4.59, the velocity of the sliding surface 
U = 7r(2 + 4)30 = 7T180 in./sec . 

The problem can now be treated on the basis of an individual pad, as 
discussed in Subsection 4.7.1. Since this design is to be optimized for 
minimum power loss, the optimum pivot proportion factor is obtained from 
Fig. 4.52 (page 213). For a minimum H condition and pad proportion ratio 
B/L = 1, x/B = 0.622. 

Since for this problem the minimum film thickness (h0) was given, 
the square root of the bearing performance number can be obtained by 
using Eq. 4.48. 

, V B 

B(K)1/2 

where the minimum film thickness variable, h /B(K)1^2, is obtained from 
Fig. 4.48 (page 205) for L/B = 1 and x/B = 0.622. For this case 

(K)1/2 = 1.91 X 10~3 . 

At this point in the design, the absolute viscosity of the lubricant can 
be determined by using Eq. 4,44. 

= PBK = 500(2)(1.91 X 10~3)2 
U U 77-180 

= 6.45 X 10"s lb-sec/in.2 
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The film temperature rise variable (AT/P) is obtained from Fig. 
4.51 (page 211) for L/B = 1 and x/B = 0.622. From Eq. 4.53, the increase 
in the temperature of the lubricant 

AT = 47.5°F . 
Since the inlet temperature of the lubricant was given as 100°F, Eq. 
4*54 is used to determine the average film temperature. 

AT 
T = T a l 2 

= 100 + ̂ y ^ = 123.8°F . 

The proper lubricant for each pad of the thrust bearing is found by 
entering a typical viscosity-temperature chart for SAE-numbered oils 
(similar to that illustrated in Fig. 4.21 on page 158) with the values 
U = 6.45 X 10"6 lb•sec/in.2 and Ta = 123.8°F. The oil whose viscosity-
temperature curve passes nearest to the point with the specified coordi-
nates is SAE 30 oil. If greater accuracy is required, the proper viscos-
ity could be obtained by blending SAE 20 and 30 oils. 

Continuing with the solution, the coefficient of friction variable, 
f/(K)l/2, is obtained from Fig. 4.49 (page 207) for L/B = 1 and x/B = 
0.622. From Eq. 4.49, the coefficient of friction 

f « 0.00458 . 

The friction power loss variable is also obtained from Fig. 4.49 for L/B 
= 1 and x/B = 0.622, and from Eq. 4.50, the friction power loss per pad 

H = 0.786 hp . 
The total friction power loss for the complete bearing 

Ht = nHpad (4.60) 

= 6(0.786) = 4.72 hp . 

The pad slope variable, m/(K)1^2, is obtained from Fig. 4.48 (page 
205) for L/B = 1 and x/B = 0.622, and from Eq. 4.46, the inclination of 
the pad 

m = 0.936 X lO"3 in./in. 

The lubricant flow variable, Q/BLUOO1/2, is obtained from Fig. 4.50 
(page 209) for L/B = 1 and x/B = 0.622, and from Eq. 4.51, the flow of 
lubricant drawn in at the inlet edge of a pad 
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Q = 1.26 in.3/sec . 
The flow ratio (Qs/Q) is also obtained from Fig. 4.50 for L/B = 1 and 
x/B = 0.622, and from Eq. 4.52, the flow of lubricant out both sides of 
a pad 

Q = 0.529 in.3/sec . s 
The flow for the complete bearing may cr may not have any clear meaning, 
depending upon the construction of the bearing. For example, if all of 
the inlet spaces are supplied in parallel from the same source and if the 
flow from the outlet spaces is carried away without being drawn into the 
adjacent inlets, the total flow through the bearing 

Qt = nQpad (4.61) 

= 6(1.26) = 7.56 in.3/sec . 

If the bearing is not designed so that flow is controlled, there will be 
considerable recirculation between the pads and little meaning can be 
attached to the concept of flow for the complete bearing. The tempera-
tures throughout the bearing can also be upset, thereby introducing con-
siderable error into the calculations. 

4.7.3 Hydrodynamic Analysis of Double-Acting Pivoted Fad Thrust Beari/qg 

The preceding design procedures and examples are related to the per-
formance of individual pads in single-acting pivoted pad thrust bearings. 
Since double acting (opposed) thrust bearings are used in the motor por-
tion of a reactor coolant pump to permit thrust load in either axial 
directions the overall performance of this type of thrust bearing must be 
determined as a composite of two opposed sets of pivoted pads, as illus-
trated in Fig. 4.53, and the externally applied load. The computed load 
characteristics can then be plotted in a diagram in which the applied 
load equals the difference between the load on the upper set of thrust 
bearings and the load on the lower set of thrust bearings. 

If it is assumed that the upper and lower thrust bearings are identi-
cal, both sets of bearings must experience the same pre-load. Therefore, 
with zero applied load, the total axial clearance will be equally divided 
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Fig. 4.53. Typical Pair of Opposed Thrust Pads. 

betvsen the two thrust bearing clearances. The locus of the upper thrust 
bearing load with axial position of the rotor is a reversed mirror image 
of that for the lower thrust bearing. 

For example, consider a double-acting Kingsbury type of thrust bear-
ing whose upper and lower thrust portions are defined by the variables 
given for the example problem in Subsection 4.7.2. In addition, assume 
that the total axial clearance is 0.005 in. If it is assumed that no 
misalignment exists, each pivoted pad of the upper thrust set behaves in 
the same manner and each pivoted pad of the lower thrust set behaves in 
the same manner. Therefore, two single opposing pads can be analyzed to 
determine load-displacement characteristics. 

The pivoted pad slope variable is obtained from Fig. 4.48 (page 205). 
For L/B = 1 and x/B = 0.622, m(K)1/2 = 0.5. The minimum film thickness 
variable is also obtained from Fig. 4.48. For L/B = 1 and x/B = 0.662, 
ho/BOO1/2 = 0.26. These two quantities are combined to eliminate the 
bearing performance number (K) from the computations as follows. 

m h = 0.26B(IC)l/2 = 0.26B,n o I u • j (4.62) 

where m = slope of pad surface = (h^ - hQ)/B, dimensionless 

h = o 
0.26B(hi " hc 
0.5 \ B = 0.52(h. - h ) 1 o 

and 0.5 2h. = h + 0.52h = 1.52h x o o o 

hi • M i ( h o > • 2- 9 2 3 ho • (4.63) 
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The pivot clearance (hp) can be expressed as follows. 

x hp = h. - mx = h. - (h. - hQ)- (4.64) 

- M 1 - I I *>*(!)• 
However, since it was shown in Eq. 4.63 that h^ = 2.923hQ, 

hp = 2.923h0(l - f ) ^ ho{|) (4.65) 

= 2.923h (1 - 0.622) + h (0.622) o o 
= 1.727h0 . 

It was found from Fig. 4.48 that for L/B = 1 and X/B = 0.622, the minimum 
film thickness variable t^/BOO1/2 = 0.26. From Eq. 4.47, the minimum 
film thickness 

• (4.66) h = 0.26B001/2 = 0.26B 
n 

Substitution of the values given and computed for the example problem in 
Subsection 4.7.2 in Eq. 4.66 yields 

h , Q.26(2)E(6-45 x Jl± 
o (W)1'2 

0.1088 (W) 1/2 

Therefore, W = °-01j;8 . (4.67) 
he 2 

Since, from Eq. 4.65, 
»o 

h = 1.727h , p o 7 

H = ( ° - 1 8 ? 8 ) 2 = . ( 4 . 6 8 ) 
V hp S 

Equation 4.68 is used to calculate the load characteristics for the 
upper and lower thrust sets where the total axial clearance 

h + h' = 0.005 in. , P P 
the minimum film thickness 
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h = h_/l.727 and h' = hVl.727 , o P o p 
the bearing load 

W = 0.0352/(hp)2 and Wf = 0.0352/(h£)2 , 

and the averaged load on the bearing 
w = w - W' . 

h h w p o w 
(in.) (in.) (lb) 
0.0005 0 .000289 141,192 
0.0010 0 .000579 35,298 
0.0020 0 .001158 8,825 
0.0025 0 .001448 5,648 
0.0030 0 .001737 3,922 
0.0040 0 .002316 2,206 
0.0045 0 .002606 1.743 

h h i — 

P o W W 
(in.) (in.) (lb) (lb) 
0.0045 0 .002606 1,743 139,449 
0.0040 0 .002316 2,206 33,092 
0.0030 0 .001737 3,922 4,903 
0.0025 0 .001448 5,648 0 
0.0020 0 .001158 8,825 -4,903 
0.0010 0 .000579 35,298 -33,092 
0.0005 0 .000289 141,192 -139,449 

The resulting load characteristics were superimposed to produce the dia-
gram illustrated in Fig. 4.54. 

4.7.4 Hydrostatic Analysis of Individual Thrust Pad 

Since the operation of thrust bearing pads is essentially hydrody-
namic, the load capacity of the bearing depends on the presence of rela-
tive sliding velocity. However, when a pump is str.rted from zero rota-
tional speed, the thrust bearing does not immediately generate a fluid 
film upon which the thrust load can be supported. Therefore, externally 
pressurized lubrication or hydrostacic lift-off may be used to provide 
the initial full-film lubrication with no metal-to-metal contact during 
pump start-up. This involves the provision of oil inlet holes and 
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recesses in the bearing pads and an external source of pressurized 
lubricant. The lubricant flows from the recess in each pad across the 
sill to the pad exit, where it is discharged. Thft outflow of oil from 
the bearing must be continually replenished to maintain the film 
clearance. 

The needed technology for the design of this hydrostatic feature is 
well established and is taken from the work of Rippel.25 Although the 
pads in thrust bearings are annular segments, their hydrostatic charac-
teristics are accurately given by using the performance data for rectan-
gular pads developed by Raimondi and Boyd.24 This assertion was verified 
by investigating a 40° segment and using the actual annular segment geom-
etry. The results were almost identical to the equivalent rectangular 
characteristics developed by Rippel25 where the pad width is taken as the 
radial dimension (rc - r^) of the segment and the pad length is taken as 
the arc length of the segment along its circumferential center line. 

To determine the load-carrying capacity and flow requirements for 
any given hydrostatic bearing pad, certain pad coefficients must be 
determined. The selection of pad and recess geometries is up to the 
designer. Thus, the major design problem is one of determining particu-
lar bearing coefficients for particular geometries. The load-carrying 
capacity of a bearing pad, regardless of its shape or size, can be 
expressed as 

WP = a f V r » (4'69) 

where 
Wp = load on baaring pad, lb, 
a^ = load coefficient, dimensionless, 
Ap = total projected area of bearing pad, in.2, and 
Pr = bearing recess pressure, psi. 

The load coefficient (a£) relates the load-carrying capacity (W) of the 
* 

pad to the recess pressure (pr)- Numerically, it will vary from zero 
for extremely small recesses to unity for bearings with large recesses 
with respect to pad dimensions. In a sense, the load coefficient is a 
measure of how efficiently the bearing uses the recess pressure to sup-
port the applied load. Values of the load coefficient as a function of 
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the recess-to-pad-dimension ratio (Aj./Â ) for a 40° segment pad of 
various proportions (ri/rQ) are shown in Fig. 4.55. 

The amount of lubricant flow across a pad and through the bearing 
clearance is given by the equation 

/ W 
J9. 

where 

Q =
 M A . 

h 3 
(4.70) » 

Q = volume flow of lubricant, -in.3/sec, 
q^ = flow coefficient, dimensionless, 
W = load on bearing pad, lb, 
Ap = total projected area of bearing pad, in.2, 
hQ = uniform minimum film thickness, in., and 
p. = absolute viscosity of lubricant, lb'sec/in.2 

The flow coefficient (q^) relates the flow through the bearing to the 
load and film thickness. It will vary numerically from greater than 
unity for pads with relatively small recesses to a value approaching 
infinity for bearings with extremely large recesses. Values of the flow 
coefficient are also shown in Fig. 4.55. 

In a hydrostatic system of two or more bearings, a compensatory ele-
ment is required. This element is a restrietor in the lubricant line to 
the bearing that permits more than one bearing to operate hydrostatically 
from a single pump. Three common types of compensatory elements for 
hydrostatic bearings are the capillary tube, sharp-edged orifice, and 
pressure-compensated flow-control valve. The influence of these compen-
sating elements, the supply pressure (ps), and the recess pressure (pr) 
on the load-carrying capacity of hydrostatic bearing pads is discussed 
in detail in Ref. 25. In double-acting (opposed) thrust bearings, it is 
recommended25 that when the applied load is zero, the clearance and 
recess pressure should be adjusted until the ratio of recess pressure to 
supply pressure (pr/ps) for each pad is approximately 0.5. 

To demonstrate the basic hydrostatic analysis procedure, consider a 
40° segment pad with 5° grooves, equally proportioned sills, or 

V ^ R = «r
/ap ' 
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where 
A„ = radial recess dimension, in., r * 
A R = radial pad dimension in.t 
Q!r = included angle of recess, and 
G!p = included angle of pad, 

and an effective, recess area Ar/Ap ~ 0.25. The variables given for this 
bearing are 
1. number of pads, n = 8, 
2. load per pad, Wp = 10,000 lb, 
3. inside radius of pad, ri = 9 in., 
4. outside radius of pad, rQ = 14 in., 
5. uniform minimum film thickness desired at start-up, hQ = 0.003 in., 
6. absolute viscosity = 10 X 10"6 lb«sec/in.2 

From the given conditions, the pad proportion ratio r^/rQ = 0.643, 
and for the effective pad recess area of ~ 0.25 and QL =40°, 

For these values, the load and flow coefficients are obtained from Fig. 
4.55. The load coefficient a^ = 0.53 and the flow coefficient q^ = 1.9. 
For this bearing, the compensatory element is an orifice and the value of 
the design pressure ratio across the orifice is established as 

The recess,pressure required to support the load is computed by using 
Eq. 4.69. 

A r / A R = a r / a p = 0.5 . 

p r/p s = 0.5 . 

w 
(4.71) 

where the area of the bearing pad 
OC 

A = - ^ 7r(r 2 - r.2) . p 360 o i 360 
Therefore, the recess pressure 

P 10,000 •-= 470 psi . r 
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Since the value of the design pressure ratio was established as 0.5, the 

required supply pressure 

= J_r_ = 470 
P s 0.5 0.5 = 940 psi . 

The required hydrostatic flow per bearing pad 

Q = q, 
W 
A P 

(4.70) 

= i 9(10,000\ (0.003)3 

( 4 2 ' 6 ' (10 X K T 6 ) 

= 0.401 in.3/sec . 

The total hydrostatic flow for the bearing 
Q b = nQ = 8(0.401) = 3 . 2 1 in.3/sec 

= 0.833 gpm . 

The required pump would therefore have to supply approximately 1 gpm at 
a pressure 1000 psi above the ambient pressure of the bearing. 
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5. PUMP SEALING SYSTEMS 

The ultimate objective of the sealing system in primary reactor 
coolant pumps is to contain radioactive circulation fluid. The sizes 
and operating conditions of contemporary reactor coolant circulating 
pumps, as well as those envisioned for future use, have necessitated the 
development of seals which are much further advanced than those used in 
conventional applications. Typical requirements for the sealing systems 
of contemporary reactor coolant pumps are outlined as follows. 

1. Leakage. The total allowable leakage to the atmosphere is in 
the neighborhood of 100 cm3/hour of water and 5 cm3/hour of gas. All 
sealing systems contain waste disposal circuits for which the allowable 
leakage may go up to 2 gallons per hour. All other outflows from the 
pump structure must be recirculated within the radioactive enclosure. 

2. Shaft Size. Contemporary seals must seal against shafts with 
diameters of 7 to 8 in., and future considerations will extend this shaft 
diameter up to 12 in. 

3. Shaft Speed. Shaft speeds of 1200 rpm for pumps with large 
diameters and speeds of 1800 rpm for more moderate size pumps are common. 

4. Pressure Differential. Values of the maximum pressure differen-
tial for which the sealing systems must function are approaching 2500 psi. 
The nominal pump suction pressure is in the same vicinity since the cir-
culating pump produces pressures sufficient only to overcome cooling sys-
tem pipe losses. 

5. Temperature. Temperature levels of the primary circulating 
fluid are in the vicinity of 500 to 600°F. The sealing systems are not 
required to operate continuously at these temperatures, and cooling 
provisions are required. 

6. Contamination. Water ph values may be from 6 to 10.5. In addi-
tion, ammonia hydroxide, potassium hydroxide, up to 4000 ppm of boric 
acid, and other chemicals may also be present. A partial pres&uie of 
hydrogen is frequently present to an equivalent of 10 to 50 cm3 of H2 per 
kilogram of coolant. Although reactor water is not corrosive in the 
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usual sense, there are problems related to the solution and deposition of 
activated materials and there is "crud". 

7. Radiation. All seal components must be capable of withstanding 
radiation levels of 500R/hr. 

8. Seal Life. Pump manufacturers guarantee seal life within 8000 
to 10,000 hours of operation at maximum temperature levels of around 
200°F. Experience has indicated that under proper operating conditions, 
the life of the sealing systems exceeds 20,000 hours. 

5.1 Typical Sealing System 

A typical redundant sealing system in a shaft-sealed reactor coolant 
circulating pump is illustrated schematically in Fig. 5.1. The pressure 
reducing seal is the primary seal. Downstream of the primary seal is 
another seal that normally has slight pressure differential across it but 
is designed to take full pressure if the primary seal fails. A low-
pressure face contact seal is the usual third seal between the pump and 
the ambient environment. The primary and secondary seals generally have 
some form of face type of fluid film seal or throttle bushing. 

SUPPORT FRAME 

LOW-PRESSURE 
FACE CONTACT SEAL 

WATER-LUBRICATED 
BEARING 

HEAT BAFFLE 

ETR5-I28 

-MOTOR 

COUPLING 

EMERGENCY PRESSURE 
BREAKDOWN 

PRESSURE REDUCING 
SEAL 

PUMP 

Fig. 5.1. Schematic Diagram of a Typical Shaft-Sealed Circulating Pump. 
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In addition to the redundant sealing system, there are associated 
cooling and pressurization systems. The cooling system is essential for 
seal operation, and the pressurization system improves reliability by 
providing a buffer between the circulating fluid being sealed and the 
atmosphere. 

5.1.1 Normal Operation 

A typical pump sealing system during normal operation is illustrated 
schematically in Fig. 5.2. During normal operation of the pump, a flow 
of 50 gpm of water at a temperature of 125°F and a pressure of 50 psi 

Fig. 5.2. Schematic Diagram of Typical Pump Sealing System During 
Normal Pump Operation (Courtesy of Bingham Pump Company). 
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above the suction pressure of the pump and with the same chemical 
composition as the primary coolant in the system is injected into the 
pump between a restriction bushing, which separates the injection point 
from the main pump casing, and a throttle bushing, which breaks the 
injection pressure down to a pressure of 100 psig. A flow of 5 gpm of 
injection water will enter the pump casing through the restriction bush-
ing. The remaining flow of 45 gpm of injection water will pass through 
the throttle bushing to a chamber sealed by a face-type mechanical seal 
that is back-pressurized to a pressure of 100 psig. This seal prevents 
outflow of the injection water to the atmosphere. An outlet is provided 
in the face seal chamber to allow delivery of the injection fluid to a 
recovery system. The outlet is positioned so that it will also serve as 
a vent for the seal. 

Superimposed on this basic system are two recirculating systems 
designed to protect the pump in the event of loss of injection fluid. A 
check valve is installed on the injection fluid inlet to prevent backflow 
from the pump in the event of loss of injection pressure. A valve that 
will automatically close if injection pressure is lost is also installed 
on the injection fluid outlet line. During normal operation of the pump, 
these recirculation lines become parallel paths to the main injection 
system through which injection fluid can pass. 

5.1.2 Operation With Loss of Cooling Water 

In the event that the supply of cooling water to the pump is lost, 
the 50 gpm of injection water will carry off all of the heat that passes 
from the pump casing to the stuffing box area. The pump is capable of 
operating indefinitely in this operational mode. 

5.1.3 Operation With Loss of Injection Fluid 

The operation of the pump sealing system with a loss of injection 
fluid is illustrated schematically in Fig. 5.3. When the supply of 
injection fluid to the pump is lost, the valves in the inlet and outlet 
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Fig. 5-3. Schematic Diagram of Typical Pump Sealing System Operation 
With Loss of Injection Fluid (Courtesy of Bingham Pump Company). 

liiies of the injection system will automatically close. This will dead-
end the stuffing box, and the face-type mechanical seal will take the full 
system pressure. 

The fluid contained in the stuffing box area below the throttle bush-
ing will be recirculated by means of a recirculation impeller mounted on 
the pump shaft immediately above the heat barrier. This recirculated 
fluid will pass through a heat exchanger and be returned to the stuffing 
box on the outside and near the top end of the throttle bushing so that it 
will remove the heat generated by the throttle bushing, which is running 
without flow across it. This fluid will then pass over the pump bearing, 
removing any heat generated by the pump bearing, and will then return to 
the reciiculation impeller for recycling. 
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The fluid above the throttle bushing in the face-type mechanical 
seal chamber will be recirculated by means of a pumping disk. This fluid 
will pass out through a heat exchanger and be returned to the mechanical 
seal chamber immediately adjacent to the faces of the mechanical seal. 
This will remove any heat generated by the face-type mechanical seal. 

The cooling jacket on the outside of the stuffing box is also avail-
able for the removal of heat transmitted up from the pump casing. The 
pump is capable of operation in this mode for the normal anticipated life 
of the. sealing system. 

5.1.4 Operation With Loss of Both Injection Fluid and Cooling Water 

In the event that both the injection fluid and the cooling water to 
the pump are lost, the pump must be shut off. However, with the pump 
idle, t*»4e previously described sealing system will afford protection for 
the unit. The loss of injection fluid will automatically close the inlet 
and outlet valves on the injection system, and the sealing system vill be 
isolated. The face type of mechanical seal will close off the escape of 
primary coolant into the atmosphere. To restart the unit, the flow of 
injection fluid and cooling water must be reestablished and circulated 
until the normal temperature equilibrium is attained. 

5.2 Fluid Seal Technology 

Although a thorough and complete survey of seals is beyond the scope 
of this document, the current and prospective components of seal systems 
used in reactor coolant pumps are covered herein. These components 
include face seals, hydrostatic self-generating seals, and throttle bush-
ings. There are many combinations of components and buffering techniques 
that could satisfy the requirements of the overall sealing system. How-
ever, it should be emphasized that the seal components by themselves are 
insufficient, and external systems for cooling or buffering or both are. 
required for contemporary pumps. 
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Several factors must be considered in the design of a fluid sealing 
component. These include the fluid film characteristics, structural 
deformation, thermal effects, and the dynamics of the complete system. 
An accurate force balance is necessary to insure reliable operation of 
fluid seals. In fluid film seals, it is essential that the face in con-
tact with the fluid be large enough to support the unbalanced load arising 
from seal fluid pressure and other external means, such as springs. In 
the contact type of seal, which operates on a minute film, a force balance 
is necessary to insure that tho closing .forces are not excessive and will 
not cause excessive wear. Most seals require accurate representation of 
the fluid film characteristics to achieve the sensitive balance between 
safe operation and failure. Most of the technology necessary to obtain 
fluid film characteristics exists and is derived from the field of thrust 
bearing lubrication. 

It is essential that the structural deformation of seals operated 
under high pressures be considered. The magnitudes of clearances in the 
fluid films can easily be of the same order as the deformations because 
of the high pressures on the component parts. It is therefore necessary 
to couple these effects. However, the state of the art is such today 
that there is very little design information available on the coupling of 
structural and lubrication problems. 

Thermal effects are also of importance. The face velocities and 
minute clearances produce large concentrations of heat between the opposed 
surfaces, and this heat affects the shape of these surfaces and Lhe clear-
ance distribution. Consequently, thermal effects should also stored 
Into the structural and lubrication effects for an accurate evaluation of 
seal performance. 

A complete analysis of the dynamics of a system .should bp m p i i 
A seal used in a rotating machine is in continuous motion, be.i-ug ex. 
by run-outs of the thrust collars, imbalances, etc. Complete < < , ' . 
the dynamic, structural, thermal, and fluid film effects is nut Iieyuu i Ihr 
present state of the art, but as of this writing, such an mud I ,<.• li t i 

been performed. This type of analysis is not amenable to the p> I Ion 
of general design information because each case requires a lengthv and 
expensive analysis- With the use of computerized analysis methods, it 
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is possible to couple all of the aforementioned effects at some particular 
operating point in a seal system analysis. A general procedure would 
involve the design of a seal on the basis of steady-state performance and 
a check of its dynamic behavior by using computer programs that tie all 
the effects together to see if the dynamic performance is satisfactory at 
the operating point. 

A number of special problems can arise in connection with the fluid 
film. Cavitation can occur in some seals from misalignment and imperfec-
tions in the surfaces. There are regions in the fluid film where hydro-
dynamic pressures could be below rather than above ambient, and if these 
below-ambient pressures tend to be below the vapor pressure of the sealed 
liquid, cavitation will occur. This is not normally a problem with the 
primary seals of contemporary circulating pumps because of the high 
ambient pressures surrounding them. Another problem peculiar to the fluid 
film in seals is turbulent flow. If very high surface speeds and/or 
reasonably large film thicknesses are encountered, Reynolds numbers could 
go higher than those for the laminar flow regime, thereby producing turbu-
lent flow. In certain seal applications, the fluid film problem is fur-
ther complicated by inertia effects, which are normally negligible in most 
lubrication analyses. These effects are instigated by high rotational 
speeds and fluid properties that are somewhat beyond those experienced in 
water circulating pumps. A number of these special problems are discussed 
in the following subsection dealing with face seals. However, they are 
also applicable tc most of the other types of seals discussed in which 
opposed thrust surfaces are employed to effect the seal. 

5.3 Face Seals 

The face seal is very popular because of its long history of applica-
tion and development. A cross-sectional view of a typical high-pressure 
face seal26 is illustrated in Fig. 5.4. This type of seal consists of a 

I ! I i . tid to the rotating shaft that mates with the seal ring over a 
relatively small contact area. The seal ring does not rotate, but it can 
move axially and tilt so that it can track the rotating collar. An O-ring 
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or other similar device attached between the seal ring and structure 
forms a sliding secondary seal between the high- and low-pressure regions. 
Other types of secondary seals include bellows, U-cups, and packing. An 
inherent weakness of this type of seal is very poor fluid film stiffness, 
and the face seal is designed essentially as a contact type of seal. All 
face seals contain backing springs whose functions are to insure seal clo-
sure and modify hydraulic balance. The seal is designed in two basic 
forms: unbalanced and balanced. 

5.3.1 Unbalanced Seal 

The unbalanced seal is the simplest form of face seal.27 In this 
form, the interface area (A^) and the area upon which hydraulic pressure 
acts to close the seal (Ac) are equal. This would require that Rs = R ^ 
where these terms are illustrated in Fig. 5.5. Since a pressure drop 
exists at the interface and the closing and opening hydraulic areas are 
equal, it is not possible to obtain a hydraulic force balance. There-
fore, the unbalanced seal operates with heavy physical contact and, at 
best, boundary lubrication. Attendant to these operating conditions are 
high friction, high heat release, and wear. 
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5.3.2 Balanced Seal 

When the radius of the secondary seal (Rg) is increased, the net 
hydraulic closing area becomes less than the interface area, thereby pro-
ducing a balanced seal in which the unbalanced area tending to close the 
seal is less than the area of the seal face. The net closing force is 
reduced to a desired value to control leakage and wear. The balanced 
concept further enhances the possibility of fluid film formation between 
the running surfaces across which pressure varies from the high-pressure 
seal fluid to the lower pressure of the environment. 

A compilation from data published by various seal manufacturers of 
the pressure that can be sealed readily with a face seal is illustrated 
in Fig. 5.6. Higher pressures can be sealed with balanced seals than with 
unbalanced seals. Typical maximum pressures for unbalanced seals are in 
the order of 200 psi, while balanced seals are used for pressures up to 
1000 psi or more.27 

The usual limit to balancing is about one-third. One-third of the 
pressure is balanced out, leaving two-thirds of the hydrostatic pressure 
to act on the face of the aeal. That is, the hydraulic closing force on 
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Seals Recommended by Various Manufacturers. 

the seal 

F c = (1 - MApAjj = ( f ) ^ , (5.1) 

where 
F = hydraulic closing force on the seal, lb, c 
£ - seal balance ratio, 

Ap = pressure differential, psi, and 
AJJ = interface area of face seal, in.2 

Therefore, the seal balance ratio 
P = 1/3 • (5.2) 

Alternately, 

(1 - 3) = T]f , (5.3) 

where T^ = traction of hydraulic imbalance, is used £0 designate the 
extert of imbalance. 

It has been found that if the balancing limit of f3 = 1/3 is much 
exceeded, the seal faces tend to be in an unstable condition. Balancing 
can only be carried so far; up to p = 1/2 is an ideal limit. Once the 
seal faces have been forced apart slightly by motion, misalignment, 
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flashing of liquid into vapor, dirt, etc., the faces will open farther by 
themselves and subsequently be unable to close for a value of (3 larger 
than 1/2. To understand why this is the case, consider the axial forces 
that act on the seal.27 For the seal gap not to open, the sum of the 
axial forces must act to press the faces together. That is, 

F + F + F > F , (5.4) sp c — H ' 
where 

F = spring force, lb, sp 
F = hydraulic closing force, lb, 
F = friction force, lb, and 

FJJ = hydraulic force developed at interface, lb. 

For a linear pressure distribution between the seal faces, 

Fsp + F + (1 - > (^jAg . (5.5) 

The secondary seal friction force (F_) can either add to or subtract 
from the net closing force, depending upon the direction of axial motion. 
Generally, the spring force (Fgp) is relatively small, and it is used to 
insure contact between the faces in the absence of hydraulic closing 
forces. The spring force must be large enough to overcome the static 
friction force (F) of the secondary seal. 

When the spring force (Fe_) and static friction force (F) are rela-
tively small and are neglected, for conventional applications 

(1 - e)ApAH > {^-JAjj . (5.6) 

Equation 5.6 implies that for closure, 
(1 - |3) > 1/2 . (5.7) 

For p = 1/3 or (1 - p) « 2/3, Eq. 5.7 reduces to 2/3 > 1/2. This shows 
that a one-third balance acts to provide a net force keeping the faces 
together and that a much greater degree of balance cannot do so. 

Ac 
tually, to keep the faces together, the net static force acting 

on the seal (FSp + F c - F^) must be greater than zero for various reasons. 
There must be sufficient margin to overcome vibration, part misalignment, 
and secondary seal friction. In addition, the leakage pressure term 
(jtepf2) may increase (or decrease) because the seal faces may cease to be 
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parallel under operating conditions because of wear, thermal gradients, 
and deformation under load. 

Suppose it were possible to press the seal faces together tightly, 
leaving no gap, so that full contact and zero leakage were achieved. 
Then, the net fluid pressure between the faces resulting from the leakage 
of fluid between them would approach zero, as is illustrated in Fig. 5.7. 
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Fig. 5.7. Pressure Between Seal Faces Resulting From Leakage 

Also, suppose that the leakage clearance diverged in the direction of 
flow to reduce the net fluid pressure. Under these conditions, a balance 
larger than one-third would be possible. The fact that a seal balance 
ratio of one-third has been stated to work satisfactorily until the faces 
move apart implies that the average fluid pressure between the faces must 
be less than Ap/2. 
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5.3.3 Stiffness Characteristics 

One serious defect in designing a face seal as a fluid film seal is 
that it does not have inherent stiffness. A reduction in film thickness 
does not increase the average fluid pressure across the interface9 nor 
does an increase in film thickness reduce the average fluid pressure. 
It has been shown38 that for a central recess hydrostatic thrust bearing, 
the load capacity 

W = P T 
2 R o 

2 - R. I 

In 
(5.8) 

where 
p = sealed pressure, psig, s 
RQ = outside radius of seal, in. 
R^ = inside radius of seal, in. 

and 

For a seal pressurized from the inside, the load capacity 
2 

W = p R . rs i 
2 In 

R 
R. i 

- 1 (5.9) 

Since the load capacity (W) is independent of the film thickness (h), 
dW/dh = 0 and a perfect seal configuration would have zero stiffness. If 
the seal tended to open, the interface force would not be reduced and the 
spring force would be the only force available to close the seal. Con-
versely, if the seal tended to close, there would be no increase in 
hydraulic force to resist the closure. There are some contributions made 
to positive stiffness by imperfections in geometry, alignment, etc., but 
in general, face seals are not true fluid film seals and should not be 
designed as such. 
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C O / . J « -> « T Coefficient of Friction 

The coefficient of friction is plotted as a function of the balance 
ratio for typical wet seals27 in Fig- 5.8. The wet seal friction ini-
tially decreases with load and then increases greatly as the load is fur-
ther increased. The friction values obtained are representative of the 
transition between full fluid film, mixed, and boundary lubrication.27 
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5.3«5 Thermal Distortion 

Rotating seals develop heat at the interface because of the viscous 
shearing of the fluid film or because of physical contact between the 
opposed surfaces. An idea of the absolute effect of thermal distortion 
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can be obtained from a simplified analysis performed by Pan and 
Sternlicht.29 A conservative approximation of the distortion is obtained 
by assuming purely axial heat transfer through the surface and zero con-
vective heat transfer to the fluid. Under the imposed conditionss the 
surface distorts spherically. A plot of the distortion parameter (A) 
versus the curvature index (K) is illustrated in Fig. 5.9. The distor-
tion parameter 

w = angular velocity, radians/sec, 
RQ = outside radius, in., 
k = coefficient of thermal conductivity, Btu/ft°°F*sec, 
7 = coefficient of linear expansion, in./in.'°F, and 
h = film thickness, in. 

The range of values of 7/k for various materials is given in Table 5.1. 

2 
(5.10) 

where 
J = joule constant = 778 ft-lb/Btu, 
p = absolute viscosity of fluid, lb-sec/in.2, 

Table 5.1. Range of Values of 7/k for 
Various Materials 

Material 
7/k 

(10"3 ft-hr/Btu) 

Graphite 
Mo alloys 
Copper 
Be-copper 
Brass 
Be-Al alloys 
Mg alloys 
Alumina ceramics 
Alloy steels 
Cast stainless steels 
Cast Fe-Nitriding steel 
Austenitic steel 
Ferritic 
Ultra-high-strength steel 

1.2 to 2.2 
3.2 to 4.5 
4.5 to 5.2 
8.5 to 9.5 
7.2 to 19 
9.0 to 20 
10.9 to 70 

20 to 70 
16 to 60 
45 to 150 
28 to 60 

100 to 150 
40 to 50 
35 to 54 
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As discussed in Ref. 29, an actual machine would have rather 
effective cooling at the outer surface of the rotor, and the heat flux 
would have a radially outward component. However, since the heat gener-
ation is higher at the outer periphery, the overall heat flux would be 
more or less axial. The total subsurface axial heat flux would be less 
than that through the bearing surface. Consequently, the amount of dis-
tortion would be less severe than predicted by the analysis performed by 
Pan and Sternlicht29 in which radial cooling was neglected. This analy-
sis procedure29 is therefore conservative and is useful as a preliminary 
design juide. 

The basic assumptions relative to the analysis performed by Pan and 
Sternlicht are more applicable to fluid film thrust bearings than to a 
member with a very small radial length, such as a face seal. In distrib-
uting the total heat generated in this analysis, it was assumed that the 
heat is equally divided between the rotor and the stator and that Ah is 
the total distortion of both surfaces. Division of the heat generated in 
this manner implies similar materials and geometries for the two members. 
Alternatively, the results can be construed as all heat generated in the 
fluid film going into a single surface. If the fraction of the heat gen-
erated going into one of the surfaces is known, the distortion parameter 
(A) is divided by this fraction and K represents the distortion for that 
particular surface. The analysis is also predicated on a fluid film 
between surfaces. For a contact seal, the magnitude of the film is esti-
mated by determining the equivalent film thickness necessary to develop 
viscous friction equal to the actual contact friction. This approach is 
exemplified in the following example problem. 

The variables given for this example problem are 
1. film thickness, h = 0.0005 in., 
2. outside radius of seal, RQ = 4.00 in., 
3. inside radius of seal, R^ =3.60 in., 
4. shaft speed, N = 1200 rpm, 
5. angular velocity, GO =125.66 radians/sec, 
6. absolute viscosity of fluid (water at 180°F), u = 0.493 X 10" 7 lb*sec/ 

in. 2, and 

7. seal material = graphite. 
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For graphite materials, from Table 5.1, an average value of 
y/k = 2 X 10~8 ft-hr/Btu = 7200 X 10"8 ft-sec/Btu. 

The thermal distortion parameter (A) is computed by using Eq. 5.10. 

A = 2(778) 1 
(0-493 X 10"7)(125.66)2(4)2 (7200 X 10"8) 

0.0005\5 

4 
= 27.11 

From Fig. 5.9, for A = 27.11 and R^/l^ =0.9, the curvature index K = 
Ah/h < 0 . 1 so that distortion is not a problem. Values of K > 0.5 should 
be considered unacceptable. 

A liberal film thickness was given in the preceding example. An 
equivalent film thickness could be very much smaller in contact seals, 
resulting in appreciable distortion. 

5.3.6 Structural Deformation 

Structural deformations can influence seal performance considerably. 
It has been shown that gross rotations resulting from bending of the seal 
ring can have considerable influence on seal performance, especially in 

n/j 

high-pressure applications. Distortion of the seal ring resulting from 
thermal gradients and hydraulic pressure when the sealed fluid is on the 
outside of the seal ring is illustrated in Fig. 5.10. The two effects 
tend to counterbalance one another, but they are not of the same order of 
magnitude. The structural deformation would be greater, causing the film 
to diverge and reducing its capability. 

Although analytical treatments of deformation problems are contained 
in the literature, the results of these treatments have not been general-
ized to provide meaningful design data. To minimize the effects of both 
thermal and structural deformation, the materials selected should have a 
high modulus of elasticity, high thermal conductivity, and a small coeffi-
cient of expansion. A check on the effects of structural deformation 
should be mandatory for seals in reactor coolant pumps exposed to high 
pressures. 
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Fig. 5.10. Seal Ring Distortion of Face Seal Resulting From Thermal 
Gradients and Hydraulic Pressure. 

5.3.7 Secondary Seal Friction 

The value of the secondary seal friction force (F ) must be known to o 
establish an accurate force balance on the seal. In many cases, rubber 
O-rings are used for the secondary seal, although chevron packing and 
other forms are also used. There are two primary sources of running 
friction for 0-rings. These are (1) compression resulting from squeeze 
and (2) pressure acting on the 0-ring. The compression factor (fc) for 
secondary seal friction as a function of seal compression is illustrated 
in Fig. 5.11, and the pressure factor (f^) for secondary seal friction as 
a function of fluid pressure is illustrated in Fig. 5.12. The following 
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formulas30 can be used to estimate the running friction of O-rings. For 
piston-groove applications, the hydraulic closing force 

F « f L ; (5.11) c c p ' 
the hydraulic force developed at the interface 

and the friction force 

F H = f h A p ; (5.12) 

F = Fc + F H ; (5.13) 

where 
f = compression factor (secondary seal friction), lb/in., 
Lp = length of secondary seal rubbing surface (piston-groove applica-

tions) , in. , 
f^ = pressure factor (secondary seal friction), lb/in.2, and 
A - projected area of seal for piston-groove applications, in.2 

For cylinder or rod-groove applications, the hydraulic closing force 

Fc - fcLr ; (5-14) 

the hydraulic force developed at the interface 

and the friction force 

F H = f h A r ; (5.15) 

F = F + F • (5.16) c H ' 
where 

L r = length of seal rubbing surface for rod-groove applications, in., 
and 

A r = projected area of seal for rod-groove applications, in.2 

For example, consider an O-ring in a piston-groove application where 
the 
1. sealed pressure = 1500 psi, 
2. compression = 10%, 
3. durometer = 70°, 
4. length of seal rubbing surface, Lp = 3.93 in., and 
5. projected area of seal, Ap = 0.44 in.2 (Ref. 30). 
From Fig. 5.11, the compression factor f = 0.7; and from Fig. 5*12, the 
pressure factor f^ = 48. From Eq. 5.11, the hydraulic closing force 
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F c = 0.7(3.93) = 2.75 lb . 

From Eq. 5.12, the hydraulic force developed at the interface 
F__ = 48(0.44) = 20.90 lb . 

ri 

From Eq. 5.13, the friction force 
F = 2.75 + 20.90 = 23.65 lb . 

If an 0-ring is permitted to remain stationary for a length of Lime, 
friction is increased. The theory has been proposed and generally 
accepted that the increase in friction of an 0-ring ]-;ft standing idle is 
caused by the rubber 0-ring flowing into the microfine grooves or surface 
irregularities of the mating part. As a general rule, the maximum break-
out friction which will develop in a system with a 70° durometer rubber 
against an 8-microinch surface is three times the running friction. This 
ratio can be reduced by using a softer rubber. Some of the factors that 
can be used to adjust friction are given in Table 5.2. The coefficient 
of friction has little bearing on the break-out and running friction of 
lubricated rubber O-rings. The other variables given in Table 5.2 are 
much more important in the practical solution of problens. 

Table 5.2. Factors Used to Adjust O-Ring Secondary Seal 
Friction in Descending Order of Importance 
To Increase To Decrease 
Friction Factor Friction 

Increase Unit load (squeeze) Decrease 
Increase RMS Surface finish (metal) Decrease RMS 
Increase Durometer Decrease 
Decrease Speed of motion Increase 
Increase Cross section of 0-ring Decrease 
Increase Pressure Decrease 
Omit Lubrication Use 
Decrease Temperature Increase 
Decrease Groove width Increase 
Increase Diameter of bore or rod Decrease 
Decrease Surface finish (0-ring) Increase 
Stretch 0-ring Joule effect ^ Compress 0-ring 
Lower durometer Coefficient of friction Increase durometer 

aFrom Ref. 30. 
^A minor factor and should be ignored in design work other 

than for ultra-high speeds. 
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5.3.8 Fluid Film Characteristics 

The fluid film characteristics are obtained by the solution of the 
Reynolds equation for flow through an annulus with a pressurized environ-
ment at the outer periphery. A closed form solution of this problem 
exists for perfectly aligned surfaces, but when misalignment is present, 
numerical methods compiled with a digital computer provide the best method 
of obtaining design data. 

The dimensionless load capacity factor (FjjMpRQ) for face seals is 
illustrated in Fig. 5.13 as a function of che angular tilt of the seal 
about an axis through its center (aRQ/h) for various inside-to-outside-
radius ratios (R^/R0). There is very little change in the load capacity 
factor of the fluid film with angular tilt. As one side closes down., the 
fluid film pressure increases, but this is almost precisely counter-
balanced by the reduction in pressure on the side that opens. The net 
effect is hardly any change in load capacity. 

There is quite a large variation in the load capacity factor with 
the radius ratio. A seal with a radius ratio of 0.8 has about twice the 
load capacity of a seal with a radius ratio of 0.9. The plotted values 
of Ri/RQ were limited between 0.8 and 0.98. This range of ratios should 
adequately cover the face seals contemplated for actual service since the 
contact face is usually thin. Thin faces are usually employed because a 
face seal is essentially a contact device, and large contact areas result 
in excessive heat buildup and consequent distortion and failure. Mis-
alignment of face seals with larger face widths also results in the easier 
occurrence of edge rubs. 

The dimensionless flow coefficient (Qp/Z^ph3) for face seals is illus-
trated in Fig. 5.14 as a function of the angular tilt of the seal for 
various radius ratios (R^/R0). The flow varies quite extensively with 
both the angular tilt of the seal and the radius ratio. Flow is extremely 
sensitive to the film thickness, and this is reflected by the third power 
of film thickness incorporated in the flow coefficient. The higher values 
of the flow coefficient for the higher radius ratios (narrow seals) are 
somewhat offset by the fact that they could probably operate at a smaller 
film thickness if a fluid film could be properly formed. 
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Fig. 5.14. Flow Coefficient (Qji/Aph3) as a Function of Angular 
Tilt (0!Ro/h) for Various Radius Ratios (Ri/RQ) of Face Seals. 
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The coefficient of the viscous friction moment (Mb/jawR^) for face 
seals is illustrated in Fig. 5.15 as a function of the angular tilt of 
the seal for various radius ratios (R^/RQ). In this case, variations of 
the viscous friction moment with the radius ratio are more pronounced 
than variations with the angular tilt of the seal. The friction moment 
coefficient contains the fourth power of the outside radius of the seal, 
and with regard to viscous friction, it is advisable to minimize the 
value of the outside radius. 

5.3.9 Design Procedure 

The design and development of face seals is an art rather than a 
science. Prior experience as well as empirical methods combined with 
extensive testing play a large role in the design of face seals. One 
reason that the performance of face seals is difficult to predict is that 
these seals are essentially contact devices and interfacial relationships 
are not easily determined. In addition, the precise measurement of ther-
mal distortions, which can have a profound effect on the performance of 
face seals, requires extensive heat balance and thermoelastic studies, 
which are beyond the scope of this document. What is suggested here is 
a basic procedure that can be used for estimation purposes and to point 
out potential trouble areas. The steps in this procedure are outlined 
as follows. 

1. The radius ratio (R^/RQ) is chosen so that 3/16 < L < 3/8, where 
L = the length of the seal. 

2. The length of the seal is computed by using the equation 
L = R - R. . (5.17) o 1 

3. The load capacity of the fluid film is computed. The value of 2 
the load capacity factor (FH/ApRQ) is obtained from Fig. 5.13 (page 254) 
for the particular radius ratio (Ri/R0)» The hydraulic force developed 
at the interface is determined by using the equation 

FH 2 F h = — ^ ( A p R 2 ) , (5.18) 
H ° 
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Fig. 5.15. Friction Moment Coefficient (Mh/jitoR̂ ) as a Function of Angular 

Tilt (aRo/h) for Various Radius Ratios (RjVRo) of Face Seals. 
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where 
F^ = hydraulic force developed at interface, lb, 

F 
H = load capacity factor, 

(R. l 
R 

,-7 
£ £ 

1 -
(R. l 
R 

_ o 

Ap = pressure differential between sealed and ambient pressures, psi, 
and 

Rq = outside radius of seal, in. 

4. The unbalanced closing area and the hydraulic closing force at 
a balance ratio of one-third are computed. The use of a balance ratio 
of one-third is conventional practice. However, it may be necessary to 
employ a higher balance for higher pressures. The hydraulic closing 
area is computed by using the equation 

A c = (1 - P ) ^ = (2/3)Ah , (5.19) 

where the interface area 

A = 7TR2 1 - ~ . (5.20) H o 

The hydraulic closing force is computed by using the equation 
F c = ApAc . (5.21) 

5. The radius of the secondary seal is computed by using the 
equations 

(1 - |3)AW 
R 2 = R 2 - (5.22) s o t r 

and R = (R 2 ) l / 2 , (5.23) 
s s 

where 
Rg = radius of secondary seal, in., R = outside radius of seal, in. , o 
f3 = balance ratio, and 

A^ = interface area, in.2 

6. Computation of the secondary seal friction involves several 
steps. The proper 0-ring size is established by using a catalog such as 
that of Ref. 30. The values of the length of the seal rubbing surface 
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for piston groove application (Lp) and the area of the seal for piston 
groove applications (Ap) are also determined from this catalog. Values 
of the compression factor (fc) and the pressure factor (f^) are deter-
mined from Figs. 5.11 and 5.12 (page 250). The secondary seal friction 
force is then computed by using the equation 

F = f L + f A , (5.24) s c p n p 
where 

F g = secondary seal friction force, lb, 
f c = compression factor, lb/in.9 
Lp = length of seal rubbing surface for piston groove application, in., 
f^ = pressure factor, lb/in,2, and 
Ap = area of seal for piston groove application, in.2 

7. The philosophy used in determining the required spring force is 
to make this force adequate to overcome the break-out friction of the 
secondary seal and insure that the non-pressurized seal will remain closed 
without hydraulic pressure. A factor of 3.5 is recommended, and the 
required spring force is determined by using the equation 

F = 3.5f L , (5.25) sp c p 
where 

F ^ = spring force, lb, 
fc = compression factor, lb/in., and 
L = length of secondary seal rubbing surface (piston groove appli-

cation), in. 
8. The net closing force is dependent upon the direction in which 

secondary seal friction acts. The seal is always in motion and when the 
seal moves to open, secondary seal friction acts to close it and vice 
versa. The net closing force should be sufficient to insure seal closure 
at all times without introducing undue friction heating and the subse-
quent deterioration of seal performance. The maximum net closing force 
on the seal is given by the equation 

AF = F - F u + F + F , (5.26) max c H s sp 
where 

AF = net closing force, lb, 
F c = hydraulic closing force, lb, 
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F„ = hydraulic force developed at interface, lb, 
F„ = secondary seal friction force, lb, and 

F = spring force* lb. 

The minimum net closing force on the seal is given by the equation 
AF . = AF - 2F . (5.27) m m max s 

9. The maximum friction horsepower is computed by using the equa-
tion 

F R N 
(5.28) hP max 63,000 

where 
F = maximum friction force, lb, max 

R = mean seal radius, in., and m 
N = shaft speed, rpm. 

The maximum friction force 
F = f AF , (5.29) max max 

where 
f = coefficient of friction, and 

^"max ~ m a x i m u m n e t closing force, lb. 

The mean seal radius 

m L o i 
where 

R = outside radius, in., and 
R^ = inside radius, in. 

10. The thermal distortion criteria discussed in Subsection 5.3.5 
are more applicable to true fluid film seals, which have relatively large 
seal lengths, than to seals of the contact type, such as face seals. The 
small seal length of contact seals violates the basic assumption of only 
axial heat flow, but the analysis method is still useful in that it pro-
vides some qualitative idea of the amount of distortion that can be 
expected. 

The general approach used in the analysis method involves computa-
tion of the e quivalent film thickness that would cause the computed 
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amount of friction horsepower. In other words, contact or Coulomb 
friction is transformed into fluid viscous friction. The equivalent 
viscous friction moment is first computed by using the equation 

63,000Fhp 
M = N (5.31) 

where 
M = viscous friction moment about the axis of the shaft, in.-lb, 

•hp = friction horsepower, and 
N = shaft speed, rpm. 

4 
The value of the coefficient of the viscous /.'iction moment (Mh/jiu)R0) is 
obtained from Fig. 5.15 (page 257) for the corresponding value of the 
seal radius ratio (R^/R0) and an angular tilt of the seal about an axis 
through its center QlRo/h = 0.0. The value of the film thickness (h) is 
computed by using the equation 

h = Mh 
P 0 ) R Q 

UooRQN 
63,000F. hp 

(5.32) 

Mh 
pojR 

p2TTRQN2 
60 (63,000)F, ' hp 

where 
Mh 

A- = coefficient of viscous friction moment, 
ViwRo 

P = absolute viscosity of fluid, lb-sec/in. 
Ro = outside radius of seal , in., 
N = shaft speed, rpm, and 

Fhp = friction horsepower. 

The thermal distortion parameter (A) is then computed by using Eq. 5.10. 

A = 2J 
laô R, 

k\ h 
7/ R 0 

(5.10) 

The computed value of the thermal distortion parameter (A) is altered in 
proportion to the amount of heat transferred through the seal piece. All 
of the viscous heat generated does not go through the seal piece. A 
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portion goes through the seal collar, which is the rotating part. If 
one-half of the heat goes through the seal piece, the thermal distortion 
parameter (A) is multiplied by two. The value of the seal curvature 
index (K = Ah/h) if then obtained from Fig. 5.9 (page 246). 

11. The fluid film thickness required to limit seal leakage to the 
desired value is determined. The dimensionless flow coefficient (Qu/Aph3) 
is obtained from Fig. 5.14 ( page 255) for the appropriate seal radius 
ratio (R^/RQ) and an angular tilt Ct!R0/h = 0.7. This value of angular 
tilt was selected because it is considered to be a conservative mean that 
appropriately increases the computed flow on the basis of uniform film 
thickness. The fluid film thickness is determined by using the equation 

,3 O R . hJ = 
Ap JteJ 

Aph I 

(5.33) 

where 
h = fluid film thickness, in., 
Q = seal leakage flow, in.3/sec, 
p. = absolute viscosity of fluid, lb-sec/in., 

Ap = differential between sealed pressure and ambient pressure, psi, 
Qu = dimensionless flow coefficient. 

Aph3 

If it is estimated that the contact seal will have less t an average 
film thickness, the leakage can be limited to a desirable value. 

12. After the preceding computational steps have been completed, 
variations in the seal length (L) and balance ratio O ) can be made to 
optimize these variables with respect to seal performance. 

5.3.10 Example Problem 1 

The general design procedure discussed in the preceding subsection 
is followed in the example problem presented here. However, some adjust-
ments are made on the basis of prior experience, ard some quantitative 
limitations on some of the parameters are also su- jested. The parameters 
for a normal face seal application are 
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1. outside seal radius, RQ = 2 in., 
2. shaft speed, N = 1200 rpm, 
3. absolute viscosity of fluid, ja = 0.494 X 10~7 lb-sec/in.2 (water at 

180°F), 
4. sealed pressure, p = 5 0 psig, and s 
5. ambient pressure, pQ = 0 psig. 

1. The seal radius ratio is selected as 
R../R =0.90 . 1 o 

2. The seal length is computed by using Eq. 5.17. 

L = Ro " Ro 
V 
R = 2 - 2(0.9) = 0.20 in. 

3. The load capacity of the fluid film is computed. From Fig. 
5.13 (page 254), for a radius ratio of R^/RQ =0.90 and an angular tilt 
0!Ro/h = 0.0, the load capacity factor F^/ApR2 = 0.31. From Eq. 5.18, the 
hydraulic force developed at the interface 

F u = 0.31ApR^ = 0.31(50)(4) = 62 lb . 
H 

4. The unbalanced closing area and the hydraulic closing force are 
computed. If a balance ratio of 1/3 is used (conventional practice), the 
closing area 

A c = (1 - p ) ^ = (2/3)Ah , (5.19) 

where the interface area 
A-, = TT(R - R.) = 7TR tl O 1 o 

[R.\2 

1 -
R o' 

(5.20) 

Therefore, the hydraulic closing area 

A„ = fn-(4)(1 - 0.81) = 1.592 in.2 

From Eq. 5.21, the hydraulic closing force 
F c = ApAc = 50(1.592) = 79.59 lb . 

5. The secondary seal radius is computed by using Eqs. 5.Z2 and 
5.23. 

R
 2

 1= 4 (1 - 0.333) (2.388) 
s 7r 

= 4 - 0.507 = 3.492 in., 
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and R = 1.869 in. s 
6. The secondary seal friction is determined. Since the secondary 

seal radius Rg = 1.869 in., the secondary seal diameter Dg = 3.738 in. 
For a typical O-ring of these dimensions, the length of the secondary 
seal rubbing surface for piston-groove applications30 

L = 11.79 in. P 
and the projected area of the seal for piston-groove application30 

A p = 2.10 in.2 

From Fig. 5.11 (page 250), at 10% compression the compression factor 
fc = 0.7. From Fig. 5.12 (page 250), at 50 psig the pressure factor 
f^ = 0. From Eq. 5.24, the secondary seal friction forct 

F = f L + f, A s c p h p 
= 0.7(11.79) + 0(2.10) 
- 8.253 lb . 

7. The required spring force is determined by using Eq. 5.25. 
F = 3.5f L sp c p 

= 3.5(8.253) = 28.88 lb . 
The total spring force should be more than adequate to overcome static 
O-ring friction. 

8. The net closing force is dependent upon the direction in which 
secondary seal friction acts. From Eq. 5.26, the maximum net closing 
force on the seal 

AF = F - F „ + F + F max c H s sp 
= 79.59 - 62 + 8.253 + 28.88 
= 54.723 lb . 

From Eq. 5.27, the minimum net closing force on the seal 
AF . = AF - 2F mxn max s 

= 54.723 - 2(8.253) 
= 38.217 lb . 

9. The maximum friction horsepower is computed by using Eq. 5.28. 
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F R N 
I? _ max m rt. 

max " 63,000 ' ( 5' 2 8 ) 

From Eq. 5.29, for a coefficient of friction f = 0.1, the maximum fric-
tion force 

F = £AF = 0.1(54.72) = 5.472 lb . max max 
From Eq. 5.30, the mean seal radius 

R = ~(R + R.) m 2 o 
3.8 . A , = —tt~ ~ 1.9 in. 2 

From Eq. 5.28, the maximum friction horsepower 

_ 5.472(1.9) (1200) _ 
Fhp m a v " 637000 ' °' 1 9 8 h p ' max ' 

10. Computation of the thermal distortion involves several steps. 
The equivalent film thickness that will cause the computed amount of 
friction horsepower is determined. The equivalent viscous friction 
moment is first computed from Eq. 5.31. 

63,000F, nni/i oo\ 
vr hp 63 ,000(1.98) l n one • iv M = - = 1200 = 10'395 in-"lb ' 

From Fig. 5.15 (page 257) for a seal radius ratio R^/Rq = 0.90 and angu-
lar tilt aR0/h = 0.0, the coefficient of viscous friction moment 

Mh/uwR4 =0.55 . o 
From Eq. 5.32, the film thickness 

4-UU)R 
h = 0.55 — M 

= 5.257 X lO"6 in. 
The thermal distortion parameter 

2 
A = 2 J 

p_2 purR o 
h 

7) R 0 
(5.10) 

For graphite materials, 7/k = 7.2 X 10"5 ft»sec/Btu. Therefore, the 
thermal distortion parameter 
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2(778) 1 15.257 X 10"s 

(0.494 x 10"7)(125.7)2(4) .(7.2 X 10-5). 1 2 

= 0.0478 . 

Probably less than half of the total heat generated would go to the 
stationary seal, but to be conservative, it is assumed that one-half of 
the heat does go through the stationary seal and 

A = 2(0.0478) = 0.0957 . 

The value of the seal curvature index (K = Ah/h) for A = 0.0957 is 
obtained from Fig. 5.9 (page 246). It is seen that Ah/h falls off of the 
curve, indicating excessive thermal distortion. This distortion is com-
puted purely on the basis of contact friction. If the seal distorts, it 
will begin to leak and the leakage itself will tend to reduce the distor-
tion. Thus, the system will stabilize at some discrete value of leakage. 
Therefore, an equivalent film thickness based on leakage must be 
determined. 

11. The fluid film thickness required to limit seal leakage to 
50 cm3/hr is determined. From Fig. 5.14 (page 255), for a seal radius 
ratio Ri/P-0 - C.90 and an angular tilt aRQ/h = 0.7, the flow coefficient 
Qji/Aph3 = 8.0. From Eq. 5.33, the fluid film thickness 

,3 = Qii = Q(0.494 X 10"7) 
Ap(8.0) 50(8.0) 

= Q(0.00124 X 10"7) 

= Q(12.4 X lO"11) . 

Where the flow (Q) is to be limited to 50 cm3/hr = 8.45 X 10"4 in.3/sec, 
the fluid film thickness 

h 3 = (8.45 X 10"4)(12.4 X 10" 1 1) = 104.4 X 10" 1 5 

and h = 4.708 X 10"5 in. 

It seems quite reasonable that a contact seal will have less film thick-
ness than this calculated value and the desired seal leakage limit can 
be maintained. Any film thickness value less than 2 X 10"4 in. could be 
considered reasonable. 
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12. The computed value of film thickness (h) is used to recalculate 
the thermal distortion parameter ( A ) . Since A is proportional to h , the 
new value can be computed from the old value by using the relationship 

ih' \ 2 

A ' = A — I , ( 5 . 4 4 ) h 

where the values denoted by prime symbols are for the new or latest com-
puted clearance condition. Thus, 

4.708 X 10-5*2 
A 1 = 0.0478 5.257 X 10~6 = 3.83 

Then 2A' =7.66 and, from Fig. 5.'J (page 246), Ah/h = 0.1, indicating an 
acceptable value of thermal distortion. 

The conclusions to be drawn from this example problem are that pure 
contact friction could cause excessive distortion but seal leakage main-
tained within the requirements will reduce distortion to acceptable lim-
its. The real questions are related to whether the seal will tend to 
destroy itself before leakage equilibrium is established or whether it 
will pop open and be useless. 

The effects of varying the seal radius ratio (R.^/R0) and the balance 
ratio ((3) for the given conditions of example problem 1 are presented in 
Table 5.3. A balance ratio (3) of 1/2 is unacceptable because experience 
indicates that the seal has a good chance of popping open. A seal radius 
ratio (Ri/^o) of 0.8 is low and produces excessive lengths (L). An 
acceptable geometry therefore lies between these extremes. To determine 
that acceptable geometry, closing force ratios for different radius ratios 
are compared, where the closing force ratio is defined as follows. 

AFm at p = ~ 
(closing force ratio) = r , (5.45) 

max AF at p = 4 max 2 

AFm. at (3 = -j 
and (closing force ratio) . = — — T . (5.46) 

m i n AF . at p = \ mm 2 
Thus, from data given in Table 5.3, the following values were computed 
by using Eqs. 5.45 and 5.46. 
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Table 5.3. Effects of Varying the Seal Radius Ratio (R^/RQ) and 
Balance Ratio ((3) for the Given Conditions of Example Problem 1 

Balance Ratio (3 = 1/3 Balance Ratio p = 1/2 
Seal Radius 

0.80 0.90 
Ratio R,-/R0 = 

0.95 0.98 
Seal Radius Ratio 
0.80 0.90 

Ri/Ro U 

0.98 
Ri 1.6 1.8 1.9 1.96 1.6 1.8 1.96 
L 0.40 0.20 0.1 0.04 0.40 0.20 0.04 

V A P R o 0.605 0.31 0.15 0.06 0.605 0.31 0.06 
FH 121.0 62.0 30.0 12.0 121.0 62.0 12.0 
Ac 3.016 1. 592 0.817 0.3318 2.262 1.194 0.2488 
aH 4.524 2.388 1.226 0.4976 4.524 2.388 0.4976 
Fc 150.8 79.59 40.85 16.59 113.1 59.69 12.14 
Rs 1.744 1.869 1.939 1.97 1.811 1.803 1.98 
Ds 3.487 3.738 3.868 3.95 3.622 3.805 3.96 

h 11.00 11.78 12.18 12.50 11.40 11.79 12.58 

AP 1.98 2.10 2.17 2.25 2.03 2.10 2.25 
Fs 7-7 8.25 8.57 8.806 7.98 8.253 8.806 
Fsp 
^"max 

26.40 
63.90 

28.88 
54.72 

28.25 
48.67 

30.19 
43.59 

27.37 
27.45 

28.88 
34.823 

30.19 
39.44 

AF • 48.50 38.22 31.53 25.99 11.49 18.317 21.824 
Rm 1.8 1.9 1.95 1.98 1.8 1.9 1.98 
Fhp 0.2191 0.198 0.181 0.1643 0.09416 0.126 0.1487 
M 11.50 10.39 9.50 8.626 4.941 6.615 7.806 
h X 10"6 8.12 5.257 3.03 1.497 18.9 8.26 1.65 
A 0.1141 0.0478 0.0159 0.000388 0.618 0.1181 0.0047 
2A 0.2282 0.0956 0.0318 0.000776 1.236 0.2362 0.0091 
Ah/h 1.7 0.4 1.6 
Qp/Aph3 3.5 8.0 15.0 40.0 3.5 8.0 4.0 
h X 1CT5 6.202 4.708 3.82 2.753 6.202 4.708 2.753 
A' 6.65 3.83 2.52 1.311 6.65 3.83 1.311 
2Af 13.3 7.66 5.04 2.622 13.3 7.66 2.622 
(Ah/h)1 0.1 0.1 0.2 0.35 0.1 0.1 0.35 
Q X 10~4 8.45 8.45 8.45 8.45 8.45 8.45 8.45 
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0.8 0.9 0.98 
(closing force r atio) m a x 2.32 1.57 1.10 
(closing force ratio) . 4.22 2.08 1.18 ° ' m m 

Since the radius ratio R^/Rq = 0.8 is known to be beyond experienced 
limits, the acceptable geometry should have a radius ratio greater than 
this value; and since the balance ratio P = 1/2 in unacceptable, this 
ratio should be at least 1.25 to assure a 25% safety factor. The values 
in the preceding tabulation indicate that a value of R^/RQ - 0.9 is 
acceptable, while a value of Rj[/R0 = 0.98 is not acceptable. It is this 
type of reasoning tempered with experience that is necessary in the 
design of face seals. Final assurance of the adequacy of the design can 
only be made on the test floor, but it would appear that 0.90 < R^/R0 < 
0.95 is acceptable. 

5.3.11 Example Problem 2 

A second problem is considered here to demonstrate the difficulties 
involved in establishing a face seal as the primary seal. The given 
parameters for this problem are 
1. outside sesl radius, R = 4 in., ' o ' 
2. shaft speed., N = 1200 rpm, 
3. absolute viscosity of fluid (water at a temperature of 180°F), 

p = 0.494 X 10~7, 
4. sealed pressure, p = 2500 psig, s 
5. ambient pressure, pD = 1250 psig, and 
6. allowable leakage flow, Q = 7.7 in.3/sec (2 gpm). 

Calculations in accordance with the computational procedure described 
in Subsection 5.3.9 and exemplified in Subsection 5.3.10 yield the data 
given in Table 5.4. It is informative to noce that a balance ratio of 
1/2 produces negative values of closing force (AF). In other words, 
there is insufficient force under certain operating conditions to close 
the seal, and if the faces move apart, the seal will be ineffective. The 
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Table 5.4. Effects of Varying the Seal Radius Ratio (R^/RQ) 
and Balance Ratio (f3) for the Given Conditions of Example Problem 2 

Balance Ratio £ = 1/3 Balance Ratio £ = 1/2 
Seal Radius Ratio Ri/Ro = Seal Radius Ratio = 
0.80 0.90 0.98 0.80 0.90 0.98 

Ri 3.2 3.6 3.92 3.2 3.6 3.92 
L 0.8 0.4 0.08 0.8 0.4 0.08 

V A P R o 0.605 0.310 0.060 0.605 0.310 0.060 

% 12,100 6200 1200 12,100 6200 1200 
Ac 12.064 6.367 1.327 9.09 4.78 0.996 
A H 18.180 9.550 1.991 18.18 9.55 1.991 
Fc 15,080 7959 1659 11,362 5975 1245 
Rs 3.485 3.738 3.947 3.62 3.80 3.96 
Ds 6.969 7.476 7.894 7.24 7.60 7.92 

s 27.00 23.57 24.36 22.79 24.36 25.15 
AP 5.10 5.48 5.67 5.29 5.67 5.85 

Fs 229.6 246.66 255.2 238.1 255.2 263.3 
Fsp 53.90 57.75 59.68 5-.84 59.68 61.62 
AF max 3263.5 2063.4 773.9 Neg. 89.99 369.9 
AF • 2804.3 1570.1 263.5 Neg. Neg. 
Rm , 3.6 3.8 3.96 
Fhp 22.378 14.935 5.837 
M 1174.8 784.1 306.4 
h X 10"6 1.2.72 1.115 0.6795 
A 0.00070 0.000538 0.000187 
2A 0.00190 0.001076 0.000383 
Ah/h 00 00 00 
Qu/Aph3 3.5 8.0 40.0 
h X 10~4 2.056 1.56 0.9129 
A' 18.29 10.54 3.605 
2Af 36.58 21.08 7.210 
(Ah/h)' 0.1 0.1 0.1 
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primary reason that positive closure is eliminated is because the high 
pressure environment produces high C-ring friction. 

Examination of the data in Table 5.4 for a balance ratio (3) of 1/3 
reveals very high values for the net closing force (AF). Thermal distor-
tions computed on the basis of the coefficient of friction then become 
extreme. However, if the full leakage (Q) of 2 gpm (7.7 in.3/sec) flows 
through the seal, the thermal distortions are negligible. It would there-
fore appear that the essence of designing a face seal for this applica-
tion is to insure that the seal will leak. It might be necessary to 
introduce grooving or scalloping into the faces to assure the occurrence 
of leakage. With respect to the seal radius ratio, there appears to be 
little difficulty associated with high values since the high pressure 
always insures adequate closing forces (AFm^n at Rj[/R0 = 0.98 is 264 lb). 
Therefore, to design a face seal for the application presented by this 
example problem, it is recommended that 
1. 0.95 < R- I/RQ <0.98, and 
2. the flat face be sufficiently interrupted to insure a leakage flow 

of 2 gpm. 

5.4 Tapered Land Seal 

A hydrostatic self-generating seal generates load capacity and stiff-
ness by utilizing the fluid being sealed as a source of pressure. A con-
verging film thickness geometry along the radial flow path of the fluid 
is used to impose flow restriction and thereby increase the film pressure. 
The load capacity of the seal increases with decreasing film thickness. 
A common example of this type of seal is the tapered land seal in which 
the flow restriction is imposed be a converging wedge-shaped land which 
converges toward the low-pressure side of the seal. The geometric param-
eters of the tapered land seal are illustrated in Fig. 5.16. 

The high pressure or pressure to be sealed is at the outside radius 
(Rq). The fluid attempting to leak inward flows through a restriction in 
the form of a wedge or tapered land. Since the restriction to flow 
increases as the fluid goes through the seal, the hydrostatic load 



272 

capability of the fluid film is greater than that of a uniform film seal. 
More important, the tapered wedge provides positive stiffness. An 
attempt to close the seal causes the fluid film load capacity (W) to 
increase, and the seal piece is forced to return to its original posi-
tion. If the film opens (h gets larger), the load capacity (W) decreases 
and the steady hydraulic load (Fc) causes the seal to close. Because of 
its inherent positive stiffness, the tapered land seal can be designed 
as a true fluid-film seal, with a considerable increase in reliability 
over that of a contact seal. This advantage may be at the expense of 
increased leakage, but this is not always the case since a contact seal 
used as the primary seal must leak a comparable amount in order to oper-
ate. 

Because of the existence of a true fluid film, the friction horse-
power developed and the heat generated in a tapered land seal is consid-
erably less than that of a contact seal. Therefore, the total length of 
the tapered land seal can be much greater than that of the contact seal. 
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A seal radius ratio (R^/R
0) as low as 0.7 could be quite practical for 

the tapered land seal. 
Perhaps the operational principle of the tapered land seal is best 

demonstrated by examining pressure profiles across the seal face as a 
fraction of the ratio of the tapered wedge height (8) to the film thick-
ness (h). If the height of the tapered wedge is constant, variations in 
5/h imply variations in the film thickness. The variations in pressure 
across the seal face with variations in 5/h are illustrated in Fig. 5.17. 
A ratio of 5/h = 0 is the same as two parallel surfaces in an ordinary 
face seal and the pressure drop is nearly linear. As the ratio 5/h is 
increased, which implies a reduction in the film thickness, the area 
under the pressure curve is increased and the fluid film load capacity 
is increased. Thus, -dW/dh is a positive value and the seal has positive 
stiffness• 

5.4.1 Fluid Film Performance Curves 

The fluid film characteristics of the tapered land seal were obtained 
by using a digital computer program. Performance was established as a 
function of the seal radius ratio (R^/RQ), the tapered wedge height to 
film thickness ratio (S/h), and the angular tilt factor (QJR0/h). The 
geometry is such that the taper ends at the mid-radius of the seal for 
all cases considered. Seal radius ratios of 0.7, 0.8, and 0.9 were 
investigated and the performance factors obtained were the load capacity 
coefficient ), flow coefficient (Qji/h3pr), and the viscous fric-4 
tion moment coefficient (Mh/pwRo). 

The variation in the load capacity coefficient with angular tilt 
(Figs. 5.18, 5.19, and 5.20) is very small, as was the case for the ordi-
nary face seal. The value of the film thickness (h) has a much more pro-
nounced effect, but variations in the radius ratio (R^/RQ) have the great-
est effect on the load capacity coefficient. As illustrated in Figs. 
5.21, 5.22, and 5.23, flow is considerably more sensitive to angular tilt 
than is load capacity. A large radius ratio (Ri/R0 == 0.9), which implies 
a seal of small radial thickness, will allow considerably more flow than 
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Fig. 5.17. Variations in Pressure Across Face of Tapered Land Seal 
With Variations in Ratio of Tapered Wedge Height to Film Thickness. 
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Fig. 5.18. Load Capacity Coefficient (W/prR§) as a Function of Angular Tilt 
(aRo ' i for Various Wedge-Height-to-Film Thickness Ratios (5/h) in Tapered Land 
Seals With a Radius Ratio Ri/R0 = 0.70. 
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Fig. 5.19. Load Capacity Coefficient ( W / p ^ ) as a Function of Angular Tilt 
(QlRo/h) for Various Wedge-Height-to-Film-Thickness Ratios (5/h) in Tapered Land 
Seals With a Radius Ratio RI/Rq = 0.80. 
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Fig. 5<21. Flow Coefficient (Qp/h3pr) as a Function of Angular Tilt (C^/h) 
for Various Wedge-Height-to-Film-Thickness Ratios (5/h) in Tapered Land Seals With 
a Radius Ratio R^/Rq = 0.70. 
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Fig. 5.22. Flow Coefficient (Qli/h3pr) as a Function of Angular Tilt (al^/h) 
for Various Wedge-Height-to-Film-Thickness Ratios (S/h) in Tapered Land Seals 
With a Radius Ratio R±/RQ = 0.80. 
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Fig. 5.23. Flow Coefficient (Qu/h3pr) as a Function of Angular Tilt (aR0/h) 

for Various Wedge-Height-to-Film-Thickness Ratios (5/h) in Tapered Land Seals 
With a Radius Ratio R^/Rq = 0.90. 
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a small radius ratio (R^/RQ = 0.7) at similar values of 5/h. The 
variation in flow with the wedge height to film thickness ratio (5/h) is 
not very pronounced, but comparisons made on the basis of the non-dimen-
sional flow coefficient can be misleading since the third power of the 
film thickness is contained in the denominator of the flow coefficient. 
The values of the viscous friction moment coefficient vary with angular 
tilt, as is illustrated in Figs. 5.24, 5.25, and 5.26. The friction 
moment coefficient is also affected by the radius ratio and variations 
in the wedge height to film thickness ratio. 

An important initial design factor is the selection of an optimum 
value of the tapered-wedge-height-to-film-thickness ratio (5/h). Of 
primary interest is the determination from a given value of film thick-
ness (h) of the optimum value of the tapered wedge height (5). Off-
design operation in which the value of h could change must also be con-
sidered. The curves illustrated in Figs. 5.27 and 5.28 were generated 
from the previous performance plots and extended computer runs. The 
abscissa for these curves was selected as h/5, rather than 5/h, so that 
as the value of h goes to zero, the value of the variable will not go to 
infinity. The load capacity coefficient (W/prRQ), illustrated in Fig. 
5.27, peaks at a very low value of h/5 and then declines. As the value 
of h/5 increases, the load coefficient asymptotically approaches a con-
stant value. For extremely small values of h/5, the curves actually peak 
out although this is somewhat hard to detect because of the scales used 
in Figs. 5.27 and 5.28. The slopes of these curves are a measure of the 
stiffness of the seal. The optimum values of h/5 occur in the steep 
sloping portions of the curves if flows do not become excessive. Inter-
pretation of the flow coefficient curves illustrated in Fig. 5.28 is not 
as simple as that of the load coefficient curves because both the ordi-
nate and the abscissa in Fig. 5.28 contain h. Although the value of the 
flow coefficient rises as h/5 becomes smaller, the actual flow would 
probably decrease since it is proportional to the third power of h. On 
the basis of both sets of curves and with the objectives of maintaining 
high stiffness and limiting leakage, a value of h/5 = 0.5 (5/h = 2) 
appears to be an optimum. 



Fig. 5.24. Friction Moment Coefficient (Mh/uwR*) as a Function of Angular 
Tilt (ORo/h) for Various Wedge-Height-to-Film-Thickness Ratios (8/h) in Tapered 
Land Seals With a Radius Ratio R^/R^, = 0.70* 
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Fig. 5.25. Friction Moment Coefficient (Mh/jiwR^) as a Function of Angular 
Tilt (aRo/h) for Various Wedge-Height-to-Film-Thickness Ratios (6/h) in Tapered 
Land Seals With a R«idius Ratio R^R0 0.80. 
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Fig. 5.26. Friction Moment Coefficient (Mh/pwRg) as a Function of Angular Tilt 
(aRo/h) for Various Wedge-Height-to-Film-Thickness Ratios (5/h) in Tapered Land Seals 
With a Radius Ratio Ri/R0 = 0.90. 
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Fig. 5.27. Load Capacity Coefficient (W/p RQ) as a Function of the 
Film-Thickness-to-Wedge-Height Ratio (h/5) for tapered Land Seals With 
Radius Ratios (R^/RQ) of 0.70, 0.80, and 0.90. 
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h / S 
Fig. 5.28. Flow Coefficient (Qn/hspr) as a Function of the Film-

Thickness- to-Wedge-Height Ratio (h/S) for Tapered Land Seals With 
Radius Ratios (R ^ / R q) of 0.70,, 0.80, and 0.90. 
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5.4.2 Design Procedure 

Given the outside radius of the seal (R0) , the shaft speed (N) , the 
absolute viscosity of the fluid (p), the interior or sealed pressure (ps), 
the ambient pressure (pQ)» and the flow rate (Q), the sequential steps 
required to determine the performance of a tapered land seal are as 
follows. 

1 . A value of the seal radius ratio (R ^ / R q) is selected. Generally, 
the initial value selected should be 0.7 or 0.8. 

2. The value of the wedge-height-to-film-thickness ratio S/h = 2 
is taken as the optimum. The load capacity coefficient (W/prR^) for 
5/h = 2 and an angular tilt atf^/h = 0 is obtained from the appropriate 
chart (Fig. 5.18, 5.19, or 5.20 on page 275, 276, or 277, respectively). 
The fluid film load capacity is determined by using the equation 

W - - w 2 
P A 

PrRQ , (5.47) 
t 

where 
W = load capacity of fluid film, lb, 

W/prRQ = load capacity coefficient, 
pr = reference pressure = pg - pQ, psi, and 
Rq = outside radius of seal., in. 

3. The flow coefficient (Qp/h3pr) for 5/h = 2 and an angular tilt 
<2R0/h = 0.5 is obtained from the appropriate chart (Fig. 5.21, 5.22, or 
5.23 on page 278, 279, or 280, respectively). The value of the angular 
tilt variable of 0.5 was selected for the flow coefficient (and friction 
moment coefficient) since such values of tilt can be reasonably expected 
in actual practice and the resulting values will be conservative. The 
fluid film thickness required to obtain the desired leakage flow is 
determined by using the equation 

fill1/3 -1/3 

\k3pr 
h = 

where 

h = fluid film thickness, in., 
Qji/h3p = flow coefficient, 

p r • <5"48> 
r J 



288 

Q = flow, in.3/sec, 

U = absolute viscosity of fluid, lb-sec/in.2, and 
p^ = reference pressure ~ pg - p Q, psi. 

It should not be expected that this type of fluid film seal will restrict 
leakage to quantities such as ounces per hour. A reasonable leakage lim-
itation for a primary seal is in the order of 2 gpm. If the computed 
value of h is less than 0.0003 in., the allowable leakage flow should be 
increased or the seal radius ratio should be increased. Film thicknesses 
of less than 0.0003 in. defeat the purpose of the fluid film seal and 
impair reliability. A desirable film thickness will be in the i^nge of 
0.0005 to 0.001 in. 

4. The viscous friction moment coefficient (MSI/UWRQ) for 5/h = 2 
and an angular tilt Q!R0/h = 0.5 is obtained from the appropriate chart 
(Fig. 5.24, 5.25, or 5.26 on page 282, 283, or 284, respectively). The 
viscous friction moment is computed by using the equation 

M = 

where 

Mh 

o 
, (5.49) 

M = viscous friction moment, in.-lb, 
Mi/pooR4 = friction moment coefficient, 

U = absolute viscosity of fluid, lb*sec/in.2, 
u) = angular velocity, radians/sec, 

R = outside radius of seal, in., and o ' 
h = fluid film thickness, in. 

The friction horsepower is evaluated by using the equation 
MN 

hp 63,000 ' 
where 

M = viscous friction moment, in.-lb, and 
N « shaft speed, rpm. 
5. The thermal distortion parameter (A) is computed by using the 

equation 
2J 

(5.50) 

A = si h R ol 
(5.10) 
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where 
J = joule constant = 778 ft-lb/Btu, 
JJ = absolute viscosity of fluid, lb• sec/in.2 

co = angular velocity, radians/second, 
R = outside radius of seal, in., o 
k = coefficient of thermal conductivity, Btu/ft•°F'sec, 
7 = coefficient of linear expansion, in./in..°F, and 
h = film thickness, in. 

The range of values of 7/k for various materials is given in Table 5.1 
(page 245). The value of the seal curvature index (Ah/h) for the com-
puted value of the distortion parameter (A) is obtained from Fig. 5.9 
(page 246). If Ah/h exceeds 1, the seal will have excessive distortion. 
Corrective measures include increasing the film thickness or reducing the 
outside radius of the seal. When such corrective measures are taken, the 
computational steps must be retraced to recompute the performance param-
eters affected by the changes made. For example, a change in the fluid 
film thickness produces a change in the leakage flow. The thermal dis-
tortion (Ah) of the seal is given by the equation 

Ah = (^)h , (5.51) 

where 
Ah = thermal distortion, in., 

Ah/h = curvature index, and 
h = film thickness, in. 
6. The radius of the secondary seal is estimated by using the 

equation 

R = s 
2 W W 2 

R - — , (5.52) o irp 

where 
Rg = radius of secondary seal, in., 
R^ = outside radius of seal, in., o ' 
W = load capacity of fluid film, lb, and 

P r = reference pressure = P g - PQ> psi. 

At this point in the design, it is assumed that the secondary seal fric-
tion force F = 0 and that only hydraulic forces are acting. 9 
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7. The secondary seal friction is computed by following the same 
procedure outlined in Step 6 of Subsection 5.3.9 (page 258). This 
involves establishing the proper O-ring size, determining the values of 
L and A , and obtaining values of and f, from Figs. 5.11 and 5.12 p p n 
(page 250). The secondary seal friction force is then computed by using 
the equation 

F_ = f L + f A , (5.24) c p h p 9 

where 
F g = secondary seal friction force, lb, 
f = compression factor, lb/in., 
Lp = length of seal rubbing surface for piston-groove application, in., 
f^ = pressure factor, lb/in.2, and 
Ap = area of seal for piston-groove application, in.2 

8. The hydraulic closing area (Ac) is computed by using the equa-
tion 

F c « W + F g , (5.53) 

where 
F = hydraulic closing force, lb, c 
W = load capacity of fluid film, lb, and 
Fg = secondary seal friction force, lb. 

If the motion is too open, the secondary seal friction force (F ) will be 
in the same direction as the hydraulic closing force (F£), and vice versa. 
That is, 

F r = W + F , (5.54) c max s * 

and F . = W - F„ . (5.55) c m m s 
Therefore, the hydraulic closing area 

F c 
A = (5.56) e P r 

where 
A c = hydraulic closing area, in.2, 
Fc = hydraulic closing force, lb, and 
p = reference pressure = p - p , psi. 

• S O 



291 

9. The radius of the secondary seal is recomputed on the basis of 
the initial value of the secondary seal friction force (F ) by using the s 
equation 

The value of the secondary seal friction force (Fg) is also recomputed 
on the basis of the final value of R„. The final value of Fg will cause 
a slight shift in the values of W and 5/h that will slightly change the 
operating film thickness and the leakage flow. In most cases, the change 
will be insignificant. 

10. After all of the geometric parameters have been computed, the 
off-design performance characteristics of the seal are determined by 
varying the wedge-height-to-film-thickness ratio (8/h) and using Figs. 
5.18 through 5.26 to reevaluate the performance parameters. Since the 
value of the wedge height (5) is determined at the design operating point 
of the seal, variations in the ratio 5/h imply variations in the fluid 
film thickness (h). 

5.4.3 Numerical F.xample 

To demonstrate the use of the design analysis procedure discussed 
in Subsection 5.4.2, a numerical example is presented here. The given 
conditions for this example are 
1. outside radius of seal, RQ = 6 in., 
2. shaft speed, N = 1200 rpm, 
3. absolute viscosity of fluid, p = 0.494 X 10~7 lb«sec/in.2 (water at 

a temperature of 180°F), 
4. interior or sealed pressure, p = 2500 psi, O 
5. ambient pressure, pQ = 1250 psi, 
6. allowable leakage flow rate, Q = 7.70 in.3/sec (2 gpm), and 
7. shaft diameter = 8 in. 
From these given parameters, the reference pressure 

(5.57) 
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1. The value of the seal radius ratio (R5-/R0) is initially chosen 
as 0.8. From this assumption and the given value of RQ, the value of 
the inside radius of the seal is determined as 

R. = 0.8(6) = 4.8 in. I 

2. For an optimum value of the wedge-height-to-film-thickness ratio 
5/h = 2, and angular tilt Q®0/h = 0, and a seal radius ratio Rj[/R0 = 0.8, 
from Fig. 5.19 (page 276) the load capacity coefficient W/prR2 = 0.81. 
From Eq. 5.47, the load capacity of the fluid film 

W = 0.81prR^ = 0.81(1250)(36) = 36,450 lb . 

3. For a ratio 5/h = 2, angular tilt 0!Ro/h = 0.5, and a seal radius 
ratio R J /R Q = 0.8, the value of the flow coefficient Qp/h3pr =4.6 is 
obtained from Fig. 5.22 (page 279). The fluid film thickness required 
to cbtain the desired flow leakage is determined from Eq. 5.48. 

[(JUfiE] 1/3 / 1 |7.7(0.494 X 10 1/3 
l4.6lpr \4.6l 1250 

= 0.404 X 10-3 in. 

It is desirable to see if the fluid film thickness (h) can be increased 
to 0.0005 in. This can be done by either increasing the value of RQ or 
Q. For a film thickness h = 0.0005 in., the flow could be increased to 

Q = 7•7[O°4O4)3 = 14-596 in.3/sec = 3.79 gpm . 

The computation procedure is now repeated for a seal radius ratio 
R t/R 0 = 0.7. 

1. For a seal radius ratio RI/Rq ~ 0*7, the inside radius of the 
seal 

= 0.7(6) = 5.2 in. 

2. For 5/h = 2, QfRQ/h = 0, and =0.7, the value of the load 
capacity coefficient W/prRQ = 1.164 is determined from Fig. 5.18 (page 
275). From Eq. 5.47, the load capacity of the fluid film 

W = 1.164prR^ = 1.164(1250)(36) = 52,380 lb . 
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3. For 5/h = 2, angular tilt OR0/h = 0.5, and seal radius ratio 
R J V R Q = 0.7, the value of the flow coefficient Qp/h3p = 2.740 is 
obtained from Fig. 5.21 (page 278). From Eq. 5.48, the fluid film thick-
ness required to obtain the desired flow leakage 

h = 2 • 74p 
1/3 7.7(0.494 X 10~7) 

2.74(1250) 
1/3 

= 0.00048 in. 

This value of film thickness is acceptable. The height of the tapered 
wedge can now be computed. Since 5/h = 2.0, 

5 = 2.Oh = 2(0.00048) = 0.00096 in. 

4. For S/h = 2.0, angular tilt ccR0/h =0.5, and seal radius ratio 
R , - = 0.7, the value of the friction moment coefficient Mh/jicoR̂  = 0.90 x o o 
is obtained from Fig. 5.25 (page 282). From Eq. 5.49, the viscous fric-
tion moment 

M = (0.900)—-r— = 0.900(0-494 * 1 Q ' ^ - 6 6 ) < 1 2 9 6 ) h 0.00048 
= 15.084 in.-lb . 

From Eq. 5.50, the friction horsepower 
F - MN _ 15.084(1200) _ ft , 
Fhp " 63^00 ~ 63,000 ~ °'2873 h p ' 

5. The thermal distortion parameter (A) is computed by using Eq. 
5.10. For graphite materials, 7 / k = 7.2 X 10~5 ft*sec/Btu, and for 
alumina ceramics, 7 / k = 1.44 X 10~3 ft •sec/Btu. Therefore, 

A = 2(778) 
(0.494 x 10"7)(125.66)2(36) 

= 4.925 . 

(7.2 X 10"5) 
(4.8 X IP'4) 

From Fig. 5.9 (page 246), the seal curvature index (K = Ah/h) =0.1 and 
distortion is not a problem. 

6. The radius of the secondary seal is estimated by using Eq. 5.52. 

R = s R 

= 4.760 in. 



294 

7. For the computed 0-ring size, the area of seal for piston 
groove application Ap = 7.36 in.2 and the length of the seal rubbing sur-
face for piston groove application Lp = 31.43 in. From Fig. 5.11 (page 
250), at 10% compression for 70° durometer, the compression factor fc = 
0.7 lb/in. From Fig. 5.12 (page 250), the pressure factor f^ = 42 psi. 
From Eq. 5.24, the secondary seal friction force 

F = f L + f. A s c p h p 
= 0.7(31.43) + 42(7.36) 
= 331.12 lb. 

8. From Eqs. 5.53 and 5.56, the hydraulic closing area 
F„ W + F c max is 52,380 + 331.12 

c " " pr " p r " 1250 

= 42.169 in.2 

9. The radius of the secondary seal is recomputed by using Eq. 5.57 
Fc l1'2 
c max 

o 7Tpr 

= 4.752 in. 
Thus, the value of Rg is not appreciably changed and the computations 
will not be affected. 

10. The off-design performance characteristics of the seal are 
evaluated by varying the wedge-height-to-film-thickness ratio (6/h). The 
resulting values for a seal radius rstio Ri/RQ = 0.70 and an angular tilt 
aR0/h =0.5 are tabulated below. 

R = s - ( 36 - 52211|1/2 
7T1250 J 

6/h 
W Mh 

6/h P R* *r o uuR4 o h3Pr 

2.0 1.164 0.90 2.74 
1.0 1.095 1.020 2.47 
0.5 1.022 1.138 2.24 
0.25 0.971 1.220 2.06 

h W M Q 

(in.) (lb) (in.-lb) (in.3/sec) 

0.00048 53,380 15.084 7.667 
0.00096 49,279 8.54 55.295 
0.00192 45,990 4.768 401.175 
0.00384 43,695 2.556 2952.000 
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The stiffness of the seal = 52,380 - 49,275 
0.00096 - 0.00048 

= 6,468,750 lb/in. 

The load capacity of the seal is plotted as a function of the fluid 
film thickness in Fig. 5.29. The stiffness of the seal is linear in the 
design condition range, demonstrating the accuracy of the preceding com-
putation. This high value of stiffness assures that the seal will always 
function about the operating position regardless of shaft movement. 
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3.0 3.5 4.0 

Fig. 5.29. Load Capacity as a Function of Fluid Film Thickness for 
the Tapered Land Seal Analyzed in the Numerical Example. 

5.5 Orifice-Compensated Seal 

The self-energized orifice-compensated shaft seal employs a floating 
ring device designed to operate with a full fluid film, thereby eliminat-
ing seal surface contact and rubbing wear. The supply pressure for this 
device is provided by the sealed fluid itself; thus, the term "self 
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energized". The basic operating principle for this type of seal is 
essentially the same as that for hydrostatic bearings, and the seal can 
be designed to possess extremely high fluid film positive stiffness with 
subsequent highly stable operation. The analysis information and design 
charts for the self-energized orifice-compensated seal presented here 
are taken from work done by Adams and Colsher.31 

5.5.1 Operating Characteristics 

A typical arrangement of a self-energized orifice-compensated shaft 
seal is illustrated in Fig. 5.30, and the geometry of the single-groove 

Fig. 5.30. Typical Arrangement of a Self-Energized Orifice-
Compensated Shaft Seal. 

seal face is illustrated in Fig. 5.31. The effect of having the groove 
or hydrostatic recess supplied by orifices is to produce an increase in 
the fluid film force with a decrease in the interface gap or clearance. 
If the seal is displaced from its equilibrium position, there will be an 
imbalance of static force on the floating seal ring that will tend to 
return the ring to its equilibrium position. This self-stabilizing 

E T R 5 - I S / 
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Fig. 5.31. Geometry of a Single Annular -Groove Seal Face in an 
Orifice-Compensated Seal. 

feature is readily demonstrated by the two opposing pressure distributions 
that act on the floating seal ring, as illustrated in Fig. 5.32. It can 
be seen that the groove pressure has both upper and lower limits. For a 
recess pressure somewhere between these limits, the maximum fluid film 
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Fig. 5.32. Axial Pressure Loading on Rotating Seal Ring of an 
Orifice-Compensated Shaft Seal. 
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stiffness is obtained by proper selection of orifice size. The criteria 
derived31 to obtain this maximum stiffness are illustrated in Fig. 5.33. 

The dimensionless orifice flow 

Qn = J > <5'58> 
° ( P P ^ ' V 

where 
Q = orifice flow, dimensionless, o ' 
K = total orifice flow coefficient, in.2, o ' ' 
Vi = absolute viscosity of fluid, lb'sec/in.2, 
p = mass density of sealed fluid, lb•sec2/in.4, 

p = sealed pressure (seal discharge pressure taken as ambient pres-
sure), psi, and 

h ~ reference film thickness or approximate film thickness operating 
clearance, in. 

The first flow influence coefficient or outside-land flow coefficient 

= Hln (5.59) 

where 
Q = outside-land flow coefficient, dimensionless, 
rx = outer radius of seal, in., and 
r^ = outer radius of hydrostatic recess, in. 

The second flow influence of inside-land flow coefficient 

In <r3/rs) (5.60) 

where 
Q = inside-land flow coefficient, dimensionless, 2 ' 
r = inner radius of hydrostatic recess, in., and 
rg = inner radius of seal at low-pressure side, in. 

Specification of the seal face proportions fixes the flow influence coef-
ficients ((̂  and Q2) which have an optimum orifice parameter (Q0 0pt/ 
that will give the maximum fluid film stiffness for translation at the 
equilibrium position for the condition of uniform clearance. The result-
ing maximum stiffness (Smax) is obtained by substituting Qc Qpt> Q ^ and 
Q^ into the expression for stiffness-31 
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Fig. 5.33. Opt imum Orifice Flow (Qo opt^ ® Function of the Inside-
Land Flow Coefficient (Q2> and the Outside-Land Flow Coefficient (Qx) for 
Orifice-Compensated Seals. 
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Sh 
S = 1 . (5.61) 

The dimensionless maximum fluid film stiffness parameter as a function of 
the flow influence coefficients is illustrated in Fig. 5.34. 

ETR5-161 

Fig. 5.34. Maximum Fluid Film Stiffness Parameter as a Function of 
the Inside-Land Flow Coefficient (Q2) and the Outside-Land Flow Coeffi-
cient (Q,) for Orifice-Compensated Seals. 
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Seal face geometries other than the single annular groove geometry 
illustrated in Fig. 5.31 can be used in orifice-compensated seals. One 
such alternate geometry is the four-sector recess configuration illus-
trated in Fig. 5.35. In this configuration, each recess is fed with a 

Fig. 5.35. Four-Sector Recess Configuration for Seal Face in an 
Orifice-Compensated Seal. 

separate orifice. This type of seal face geometry will give essentially 
the same uniform-clearance operating characteristics as the full 360° 
annular groove geometry, but the tilting stiffness (static resistance to 
misalignment) of the four-sector recess geometry is considerably greater. 
The tilt characteristics of typically proportioned seal face geometries 
of both types are compared in Figs. 5.36 through 5.44. The moment rasist 
ance behavior of the two types is substantially different, but the flow 
and separating force characteristics of both types are practically the 
same. 

5.5.2 Design Rules 

There are no fixed rules relative to the initial sizing of an 
orifice-compensated seal with a single annular groove face geometry, but 
there are a few basic concepts which are followed. These pertain to the 
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Fig. 5.36. Static Restoring Moment (M) as a Function of Tilt (T) 
for Orifice-Compensated Seal F- h Full Annular Groove Face Geometry. 
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Fig. 5.37. Flow (Q) as a Function of Tilt (T) for Orifice-
Compensated Seal With Full Annular Groove Face Geometry. 
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Fig. 5,38. Fluid Film Force (F) as a Function of Tilt (T) for 
Orifice-Compensated Seal With Full Annular Groove Face Geometry. 
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Fig. 5.39. Static Restoring Moment (M) as a Function of Tilt (T) 
for Orifice-Compensated Seal With Four-Sector Recess Face Geometry at 
Tilt Axis 1. 
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Fig. 5.41. Fluid Film Force (F) as a Function of Tilt (T) for 
Orifice-Compensated Seal With Four-Sector Recess Face Geometry at Tilt 
Axis 1. 
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Fig. 5.42. Static Restoring Moment (M) as a Function of Tilt (T) 
for Orifice-Compensated Seal With Four-Sector Recess Face Geometry at 
Tilt Axis 2. 
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Fig. 5.43. Flow (Q) as a Function of Tilt (T) for Orifice-
Compensated Seal With Four-Sector Recess Face Geometry at Tilt Axis 2. 
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Fig. 5.44. Fluid Film Force (F) as a Function of Tilt (T) for 
Orifice-Compensated Seal With Four-Sector Recess Face Geometry at Tilt 
Axis 2. 
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location of the recessed groove, establishment of the inner and outer 
seal radii and the radial width of the groove, and determination of the 
inside radius of the floating seal ring. 

The recessed annular groove should be located in the approximate 
midportion of the face of the rotating or floating seal ring between the 
inside and outside annular boundaries. If the radius of the recessed 
groove is too small, the fluid film stiffness will be "nigh but the seal 
flow will be excessive. If the radius of the groove is too large, the 
seal flow will be suitable but the fluid film stiffness will be too low 
to produce stable operation. A centrally located groove therefore pro-
duces a good compromise between stiffness and flow rate. 

The inner radius of the seal (*5) at the low-pressure side is usu-
ally set by the shaft diameter. The outer radius of the seal ) at the 
high-pressure side must be large enough to allow ample r2 and *"3/r5 
ratios for the provision of appropriately small flow influence coeffi-
cients and Q2 (Eqs. 5.59 and 5.60), The radial width of the annular 
groove is taken as a small portion of the total radial width of the seal 
face; for example, 10 to 20% of rx - r5» The inside radius of the con-
stant pressure side of the floating seal ring (r4) is established so that 
there will be axial force equilibrium on the floating ring for the design 
clearance condition. 

5.5.3 Numerical Example 

The few simple design rules for orifice-compensated seals discussed 
in Subsection 5.5.2 are demonstrated in the numerical example presented 
here. The given conditions are 
1. pressure drop across the seal or the sealed pressure, px = 2000 psi, 
2. shaft diameter = 9.0 in., 
3. approximate film thickness operating clearance, hx = 0.0005 in., 
4. seal design flow, Q = 7.7 in.3/sec = 2 gpm, 
5. absolute viscosity of fluid (water at 100°F), p = 10"7 lb-sec/in.2, 

and 
6. mass density of sealed fluid, p = 0.9355 X 10~4 lb.sec2/'in.4 
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1. As a starting point, typical seal face proportions are set. The 
ratio of the outer radius of the hydrostatic recess (r2) to the outer 
radius of the floating seal face (r ) is established as 

r /r = 0.8542 . 2 1 
The ratio of the inner radius of the recess (r3) to the outer radius of 
the seal face (rx) is established as 

r /r = 0.8125 . 3 1 

The ratio of the inner radius of the seal at the low-oressure side (r_) 
to the outer radius of the seal (rx) is established as 

r5/rx = 0.6667 . 

Therefore, the ratio of the inner radius of the recess (r ) to the inner 
w 

radius of the seal (r ) is 5 
r r 3 _ 3 
r ~ = 1.2187 . 

rsJ 

2. The dimensionless influence coefficients for flow and fluid 
film force are calculated. From Eq. 5.59, the first flow influence or 
outside-land flow coefficient 

<*i = 6 In (rx/r2) = 3.323 . 

From Eq. 5.60, the second flow influence or inside-land flow coefficient 
1 

% i j l t t i <r3/r5) = 2.647 . 

The first fluid film force influence coefficient 

F = TT 1 1 -
1 - (r /r )2 

2 1 
2 In <rL/r2) 

= 0.4469 . 
The second fluid film force influence coefficient 

(5.62) 

Fs - 2 
1 - (r2/r, 
In (rx/r2) 

(r3/r.)2 - (rs/ri)g 

in (r3/r5> (5.63) 

= 0.9815 . 
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3. The dimensionless orifice flow required to maximize fluid film 
stiffness is determined. From Fig. 5.33 (page 299), for Qx = 3.323 and 
Qs = 2.674, the optimum orifice flow Q0 Cp t = 4.0. 

4. The determined values of Qx, Q2, and Qq are used in Eq. 5.64 to 
calculate the dimensionless recess pressure 

P = 2 2<Q1 + Q2V 
i 2 Q 1 ( Q 1 + Q 2 ) -

Qo 2 

2 fQ 2 

+ 

I 
- e - 2 Q , M j . + Qa> 
lhi J 

+ 4 + Q 2 ) 2 

K - Q, 

1/2 
(5.64) 

= 0.822, where P2 = p /p, . 2 i 

5* The film thickness (h) required to yield the design seal flow of 
7.7 in«3/sec is determined by using Eq. 5.65. 

, 1 / 3 
h = 

Q P P . 2 2 li 
(5.65) 

7.7(10**7) 
2.647 (0.822) (2.000) 

s 0.00056 in. 

6. The established seal face proportions and the specified shaft 
diameter are used to size the seal. Since the shaft diameter was spec-
ified as 9 in., a suitable choice for the inner radius of the seal at the 
low-pressure side (r5) is 5 in. This leaves a radial clearance of 1/2 in. 
between the shaft and the floating ring. Then, the outer radius of the 
seal r^ = 7.500 in., the outer radius of the recess r^ = 6.406 in., and 
the inner radius of the recess r_ = 6.094 in. O 

7. The opening force produced by the fluid film is calculated, and 
then the inner radius of the seal at the high-pressure side of the seal 
ring (r^) that is required to produce static force equilibrium can be 
computed. The opening fluid film force (f) is computed by using Ec- 5.66. 

f = r 2p (F + P F ) (5.66) 1 1 2 2' 
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f = 7.5(2000)[0.4469 +0.822(0.9815)1 
= 141,040 lb . 

The condition of static equilibrium requires that 

V ^ l " = f * (5-67) 

Therefore, 

r = (r 2 - (5.68) 4 | i p ^ j 

= 5.814 -

8. The fluid film stiffness is determined. Since the dimensionless 
orifice flow was selected to maximize fluid film stiffness, the dimension-
less film stiffness can be obtained from Fig. 5.34 (page 300). For Q^ = 
3.323 and » 2.647, the dimensionless stiffness 

S = 0.4F = 0.393 , 2 

and the dimensional stiffness is obtained by using Eq. 5.69. 

S r x \ 
I 1 

s = j" A (5.69) 

0.393(7.5)2(2000) 
0.0005 

= 78.95 X 10s lb/in. 

9. The orifice parameters are calculated. The total orifice flow 
coefficient (K0) is computed by using Eq. 5-70. 

% \ 3 < p p 1 > 1 / 2 
K0 — > <5-70> 

where 
Q q - orifice flow, dimensionless, 
h - approximate film thickness operating clearance, in., 
p = mass density of sealed fluid, lb.sec2/in.4, 

p^ - sealed pressure, psi, and 
li - absolute viscosity of fluid, lb*sec /in.2 

For this case, 
K = 0.00285 in.2, o ' 
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and a typical number of orifices used to feed the full-annulus groove is 
four. The outside diameter of each orifice is computed by using Eq. 5.71. 

d = o 
2(2)1/2K W 2 

o 
CMTT a 

(5.71) 

where 
K = total orifice flow coefficient, in. , o ' 
C, = orifice discharge coefficient, dimensionless (use value of 0.6), a 
n = number of orifices. 

For this case, d = 0.033 in. 
o 

10. The effects of misalignment for this full annular groove face 
geometry are investigated and compared with those for a four-sector 
recess face configuration with similar proportions. Thermal distortion 
generally will not be a problem because of the ability of this seal to 
produce large film thicknesses. However, the distortion can be evaluated 
by using the procedure described in Subsection 5.3.9. To evaluate the 
effects of misalignment, the dimensionless tilt characteristics for both 
types of seal face configuration are illustrated in Figs. 5.36 through 
5.44 (page 302 through 310), and the dimensional restoring moment (m) and 
seal flow (q) are computed by using Eqs. 5.72 and 5.73. The dimensional 
static restoring moment resulting from tilt 

m - Mr^p , (5.72) l 
where 

M = dimensionless restoring moment illustrated in Figs. 5.36 (page 
302), 5.39 (page 305), and 5.42 (page 308); 

r = outer radius of seal, in.: and l ' * 
p^ = sealed pressure, psi. 

Hie dimensional seal flow 

q , (5.73) 
where 

Q = dimensionless seal flow illustrated in Figs. 5.37 (page 303), 
5.40 (page 306), and 5.43 (page 309); 

h = approximate film thickness operating clearance, in.; 
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p^ = sealed pressure, psi; and 
U = absolute viscosity of fluid, lb-sec/in.2 

The resulting misalignment effects for this case are tabulated below. 

Seal Face Geometry 

Restoring moment, in.-lb, 
at 0.5 tilt 
at 1.0 tilt 

Seal flow, in.3/scc, 
at zero tilt 
at 0.5 tilt 
at 1.0 tilt 

Full 
Annulu s 

4,640 
20,240 

7.7 

12.8 

Four Sector 
Tilt Axis 1 

28,720 
27,920 

7.6 
8 .6 
11.9 

Four Sector 
Tilt Axis 2 

27,840 
25,280 

7.6 
8 .6 
12.3 

One additional observation relative to the sectored seal face is 
worth mentioning. If the orifice flow is determined on the basis of 
maximum fluid film translational stiffness, maximum stiffness is also 
achieved for the tilting mode. 

5.6 Throttle Bushing 

The bushing type of seal is a close-fitting stationary sleeve within 
which the shaft rotates. Flow through the bushing is retarded by the 
restrictive effect of the small annular clearance. The flow regime with-
in the bushing clearance may be either laminar or turbulent, and the 
prevailing regime can be determined by computing the Reynolds number. 
The flow regime present in a particular bushing determines the criteria 
to be used to predict the flow characteristics of that bushing. 

A simplified approach to the design analysis of the bushing type of 
seal is to assume that the annular clearance distribution is uniform; 
that is, that there are two concentric cylindrical surfaces. The seal 
flow is then computed by using the following expression.32 

2gHT \]/2 

Q = AV = A 
1 - 5 + § , < 

(5.74) 
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where 
Q = seal flow, in.3/sec, 
A = annular flow area, in.2, 
V = fluid velocity, in./sec, 
g = gravitational constant, 

H^ = total head loss across bushing, in., 
f = friction factor, 
L = length of bushing, in. and 
C = mean radial clearance, in. 

The annular flow area 
A ~ 2wvC , (5.75) 

where r = radius of the bushing, in. Hie total head loss across the seal 
or bushing 

Po " Pi H T = , (5.76) 

where 
p^ = outlet pressure, psi, 
p^ = inlet pressure, psi, and 
7 = weight density. 

The weight density 
7 = gp , (5-77) 

where p = mass density, lb-sec2/in.4 For laminar flow (Re < 2300), the 
friction factor 

f = 64/Re . (5.78) 

For turbulent flow, the friction factor 

f = 0.316/(Re)1/4 . (5.79) 
The influence of eccentricity on laminar flow can be approximated by 

using the following equation.33 

<» = 2 i S < P o - P I > [ I + f<e>a] • <5-80> 
where 

Q = seal flow, in.3/sec, 
h = film thickness, in., 
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U = absolute viscosity of fluid, lb-sec/in.2, 
L = length of bushing, in., 

pQ = outlet pressure, psi, 
p^ - inlet pressure, psi, and 
e = eccentricity ratio = 1 - (h0/C) where hQ = min. film thickness. 
As for the sleeve type of journal bearing, the friction power loss 

(H) of the throttle bushing type of seal is of frequent interest. For 
operation in the laminar regime, the power loss can be approximated by 
using the following equation.18 

H = pd3LN2 (5.81) 
766,000C(1 - e2)1/2 

where 
H = friction power loss, hp, 
]i = absolute viscosity of fluid, Ib-sec/in.2, 
d = bushing clearance diameter, in., 
L = length of bushing, in., 
N = rotational speed of shaft, rpm, 
C = mean radial clearance, in., and 
e = eccentricity ratio. 

The preceding equations are applicable to both the single bushing 
(floating or fixed), illustrated in Fig. 5.45, and the floating ring seal, 
illustrated in Fig. 5.46. For the floating ring seal, the geometric 
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Fig. 5.45. Diagram of Typical Single Floating Bushing. 
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parameter and the equations are assigned to each ring of the seal 
arrangement. Some problems that arise in the use of the single bushing 
can be overcome by using the floating ring seal. These are mainly prob-
lems of misalignment. Each ring in the floating ring seal acts indepen-
dently and over a relatively short axial distance, thereby permitting a 
greater degree of skew between the shaft and seal housing with little 
sacrifice in sealing effectiveness. 

5.6.1 Design Steps 

As for a number of pump components, there is no singularly accept-
able design procedure for the throttle bushing type of seal since differ-
ent emphasis may be placed on various components of each new pump design 
with respect to previous designs. However, there are some initial steps 
relative to the use of the bushing type of seal that must be followed to 
establish a logical design approach for a particular application. These 
steps are outlined as follows. 

1. Define the seal requirements 
a. nominal pressure differential across seal 
b. nominal seal flow 
c. shaft diameter 
d. material requirements 

2. Determine probable size of seal 
a. perform parametric study of L versus C to satisfy require-

ments 
b. decide on optimum length and clearance combination 
c. compute off-design performance characteristic 
d. select material combination 
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If a new seal is being designed, a prototype will be fabricated and 
tested. These tests will include performance tests over the possible 
range of manufacturing tolerance stack-up and over the possible range of 
operating parameters. Endurance tests will also be performed to deter-
mine the life and wear resistance qualities of the seal. 

5.6.2 Numerical Example 

A numerical example is presented here to demonstrate the use of the 
preceding equations in the design of the bushing type of seal. In this 
example, the seal to be analyzed is a single floating bushing and the 
given parameters are 
1. shaft diameter = 4 in., 
2. pressure drop across the bushing, PQ - Pi = 1200 psi, 
3. nominal seal flow, Q = 10 to 12 gpm, 
4. absolute viscosity of fluid (water at 100°F), p = 10"7 lb-sec/in.2, 
5. mass density of fluid, p = 0.9355 X 10"4 lb•sec2/in.4, 
6. nominal bushing length, L = 12 in., and 
7' nominal annular clearance, C = 0.005 in. 

1. Laminar flow is assumed to exist within the annular clearance, 
and the appropriate equations are used to compute the fluid flow velocity 
and the Reynolds number. From Eqs. 5.74 and 5.78, the flow velocity 

2(P, ' Pi)!1'2 

(5.82) 

Equation 5.82 yields the following quadratic in velocity. 

1.5V2 + ^ f ( V ) -
2<Po " Pi> (5.83) 

pC-
So lution of Eq. 5.83 for V yields 

P 

(5.84) 
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Equation 5-84 is the general velocity equation for laminar fluid flow. 
Substitution of the given parameters for this example into Eq. 5.84 
yields 

V = 1387 in./sec . 
The Reynolds number 

PVC Re = = 6487 . 

Since Re > 2300, the flow regime is turbulent and Eq. 5.86 is not appli-
cable in this case. 

2. When turbulent flow is indicated as a result of the calculations 
performed in step 1, the velocity must be recomputed by using the condi-
tions for turbulent flow given by Eq. 5.79 in conjunction with the veloc-
ity term in Eq. 5.74. 

V = 
2(P0 - P i) 

1.5 + 0.158L(y)
l/4 

1/2 

(5.85) 

(v)1/4^)5/4 

where V = kinematic viscosity of fluid, in.2/sec. Equation 5.85 yields 
the following quadratic in velocity. 

2(P„ " P,) 
P 

1.5V2 + 0.158L(v)i/4
(v)7/4 _ - V = Q # 

c 5 / 4 
(5.86) 

Substitution of the given parameters of this example into Eq. 5.86 yields 

1.5V2 + 258V7/4 - (25.65 X 10s) = 0 . (5.87) 

The single real, positive root of Eq. 5.87 is the correct fluid velocity, 
and it is determined to be 

V = 706 in./sec . 
Therefore, the seal flow 

Q = VA = TTVdC (5.88) 
= 7r706(4) (0.005) 

= 44.3 in.3/sec = 11.5 gpm . 
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5.7 Sealing System Recommendations 

The information presented in this section was intended to provide a 
description of contemporary seal design practice and to indicate how the 
more important seal performance parameters can be obtained. The follow-
ing conclusions and recommendations are pertinent to the xize of seali ng 
systems in contemporary reactor coolant pumps. 

1. The primary seals of the redundant sealing system should be 
single or tandem full fluid film seals. Examples of this type of seal 
described herein are the tapered land seal and the orifice-compensated 
seal. These seals can be designed with considerable positive stiffness, 
and their ability to maintain a true fluid film results in very reliable 
sealing system components. 

2. Face seals provide excellent backup for the primary seals. The 
face seal has an extensive history of successful application and a wealth 
of prior experience to aid in its design. 

3. Throttle bushings are effective if externally supplied with 
pressurized water. However, the concept of a long relatively close fit-
ting bushing has many limitations when compared with the thrust collar 
type of seal. 

4. It is important that both structural and thermal deformations by 
thoroughly examined in seal design. 

5. Seal dynamics, an area that was not discussed in this section, 
is also very important to the overall performance of the seal. Future 
efforts should be directed toward the development of analysis techniques 
that interrelate the dynamic, structural, thermal, and fluid film eifects« 

6. It is strongly recommended that sufficient quantitative design 
and development information be obtained to establish "he desired perform-
ance criteria and recommend suitable design practices for the fluid film 
seals that will be required in the reactor coolant pumps envisioned for 
future applications. 
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6. ELECTRIC MOTORS 

Large vertically mounted high-speed induction motors of high 
efficiency (91 to 92%,) are used to drive most of the shaft-sealed reactor 
coolant pumps in service today. Pump operation in a nuclear power plant 
entails different and more severe conditions than are usually encountered 
in other vertical-motor pump applications. Water flow requirements 
approaching 100,000 gpm per motor are not unusual. The rating of these 
motors ranges from 3000 to 9000 hp. A motor must be capable of starting 
a pump with reverse flow on the impeller and with 70% of voltage in an 
extreme condition. 

The reliability of a pump motor in nuclear plant service is much 
more critical than that of a motor in more conventional applications. A 
simple problem of an oil leak could require shutdown of the plant to pre-
vent a fire in the primary loop area. Electric mot̂ L's in pumps used in 
reactor service are designed for a 40-year life, and they must operate 
without maintenance for two to three years, which is the usual period 
between refueling shutdowns. During normal operating conditions, the 
relative humidity is about 50% or less; but during refueling or other 
abnormal operating conditions, the relative humidity may be as high as 
100%. Electric heaters should be provided in the motor to keep the wind-
ings dry during conditions of adverse humidity. 

The pump motor unit used to circulate the primary coolant in a 
pressurized-water reactor is mounted within the reactor containment ves-
sel where it is exposed to gamma radiation at a rate of 50 roentgens per 
hour or higher. Depending upon the type of insulation used in the elec-
tric motors of reactor coolant pumps exposed to such radiation, the die-
lectric strength of the insulation may deteriorate in different degrees. 
Tests by Brown-Boveri34 indicated that after samples of insulation were 
subjected to radiation by soCo to a value of 5 X 10s R, which corresponds 
to the amount of radiation that could possibly occur in a radioactive 
area during many years of continuous operation, the electrical performance 
of a synthetic resin (Micadur-Compact) insulation deteriorated only very 
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slightly but the dielectric strength of asphalt micafolium insulation 
was reduced by about 307c 

6.1 Construction 

The electric motors in reactor coolant pumps include a motor-mounted 
flywheel, an anti-reverse rotation device, two Kingsbury thrust bearings, 
an oil-lift system for starting, an external thrust bearing cooling sys-
tem, and special auxiliary instrumentation. A heavy flywheel is required 
to keep the pump operating long enough to transfer to an alternate source 
of power if the normal supply were to fail. Relative to electrical con-
siderations, if the transfer cannot be made in five cycles, it must be 
delayed until a period of 1.5 seconds has elapsed. Construction of the 
flywheel is critical to the reliability of the pump. The design is con-
servative (stressed to less than one-half of the yield stress at over-
speed), and the manufacturing is exact. The demanding specifications 
require the use of a vacuum-degassed steel and a 1007o volumetric ultra-
sonic inspection. The plate surfaces must be given a magnetic-particle 
or liquid-penetrant examination to a radial distance of 8 in. beyond the 
largest bore diameter. 

Reactor coolant pump motors operate in parallel loops, and the nor-
mal starting sequence of energizing one motor and then the others could 
cause reverse flow through the idle pumps. An anti-reverse device is 
therefore included to prevent the motor from starting with reverse rota-
tion, thereby eliminating the danger of consequent overheating of the 
rotor cage windings. The anti-reverse device is comprised of a pawl and 
ratchet, and it is self-actuating and requires no lubrication. When the 
motor is up to speed, the pawl is raised by centrifugal forest and when 
the motor stops, the pawl drops back. Only 0.5 in. of reverse motion is 
permitted before the pawl is engaged in the ratchet. 

The thrust bearings in reactor coolant pumps are self-equalizing 
Kingsbury (opposed) type of bearings. Each bearing consists of a runner 
fixed to the upper end of the motor shaft and a set of sequential bab-
bitted shoes (above and below the runner for thrust in either direction) 
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which support thrust loads oil an oil film between their surfaces. The 
thrust shoe is supported on a bar with a spherically turned end, permit-
ting the shoe to pivot and form a tapered hydrodynamic film. The self-
equalizing feature assures a uniform loading on all of the shoes. When 
a load is applied to a shoe, the force is transmitted to an equalizing 
pad, which consists of twice as many sections as there are shoes. Tine 
pads between the shoes are pivoted on a plate to allow equalization of 
the shoe loading. 

Great care is taken in construction of the rotor to avoid stress 
concentrations in the shaft, and the lower guide-bearing runner is forged 
integrally with the shaft. The rotor bars are engaged in the slots to 
eliminate vibration, which formerly was the biggest cause of bar and 
joint failure. 

The most modern techniques are used for the starter winding, and the 
insulation is of mica and epoxy. Mica tape is applied to the individual 
turfts of the coils. In motors with a rating of 4 to 7 kV and 500 to 
5000 hp, the mica tape is applied to the copper strands by machine. Two 
adjacent (width-wise) strands are electrically paralleled to make one 
turn. In motors with a rating of 11 to 15 kV and above 5000 hp, each 
turn is usually composed of four or more strands. Each strand is covered 
with a glass filament, and mica turn Insulation is applied around the 
bundle. After the ground insulation is applied, the coil is impregnated 
with a special epoxy formula. The insulation system for motors used in 
reactor coolant pumps is essentially the same as that proved in service 
for similarly rated motors that are not exposed to radiation. 

The end turns are braced to withstand full-voltage starts. The 
bracing consists of insulated support rings and bracing inserts between 
adjacent coils and between coils and the rings. This bracing is inserted 
as a nonwoven polyester felt. It is then vacuum-impregnated with the 
epoxy insulating resin, and when cured, it has the strength of a high-
quality laminate. 

Voltage surges occur when the breaker is closed to start the motor 
directly across the Waves that reach a peak value of twice the 
line-to-ground voltage in less than 0.1 microsecond can exist. Under 
these conditions, voltage between adjacent turns on the first few colls 
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can approach 100 times the normal turn-to-turn value• Even mica turn 
insulation will not withstand the most severe impulses, so steps must be 
Lakeu Lo extend the rise time to peak of the voltage surge to about 10 
microseconds* This is done with surge-protection equipment. A combina-
tion of capacitors and lightning arrestors in conjunction xvith series 
impedance of the connecting cable extends the rise time of voltage surges. 
The result is that the surge voltage is distributed across many turns of 
winding instead of piling up across the first few turns, and the insula-
tion is protected. 

6.2 Selection of Motor Speed 

The factors which must be considered in the selection of a single-, 
multiple-, or variable-speed motor for a coolant pump in a pressurized-
water reactor include 
1. economic considerations, 
2. the amount of power available for start-up of pumps, 
3. the minimum NPSH available., and 
4. whether variable flow is required or desired for the reactor core. 

Of the three types of motors, single-speed motors are the least 
expensive and the least complicated. They are therefore used to drive 
reactor coolant pumps when there are no system considerations which 
require the use of multiple- or variable-speed motors. The principal 
disadvantages of single-speed motors are the large amounts of power and 
the high NPSH required during start-up. The power requirements of a pump 
are proportional to the specific gravity of the pumped fluid and the 
third power of the motor speed. During start-up, when the reactor cool-
ant is cold, the power requirements for a single-speed motor are approxi-
mately one-third higher than they are during normal operating conditions 
since the motor must operate at full speed. If the pump motor could be 
operated at half speed during start-up, the power required would be only 
about one-eighth of that required during normal operation. Since elec-
tricity cannot be produced when the plant is cold, the electrical power 
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required for pump start-up must be supplied from a standby power source 
at the plant or from an external source. 

The relatively high NPSH required during pump ;tart-up does not 
usually preclude the selection of a single-speed motor for pressurized-
water reactor systems since most such systems can be pressurized to a 
level which provides the required NPSH. In general, the large start-up 
power requirements of single-speed motors are not a major factor in large 
power plants since there usually is an ample supply of electrical power 
and available NPSH. The reactor coolant pumps in virtually all 
pressurized-water reactor plants are therefore equipped with single-speed 
motors. 

6.3 Performance Characteristics 

Procedures for evaluating the performance characteristics of elec-
tric motors are outlined herein. These procedures involve the use of a 
motor characteristic circle diagram, as shown in Fig. 6 .1, from which an 
estimate can be made of motor slip, input and output power, torque, input 
current, power factor, and efficiency and losses. To construct a motor 
characteristic circle, a few parameters that can be readily obtained from 
the manufacturer must be known. These include the 
1. no-load current, IJJL* 
2. no-load current phase angle, 
3. running current, IJj9 
4. running current phase angle, 
5. locked rotor current, I;LR> an<* 
6. locked rotor phase angle, 

The procedure outlined here is on a per-phase basis, so care must be 
exercised in using the motor parameters to assure that only per-phase 
quantities are considered. The basis for construction of the circle dia-
gram is that if a fixed voltage (Vp) is impressed on a motor, the primary 
current can be calculated for a series of motor speeds since the locus of 
the tip of the current vector forms the arc of a circle. The construc-
tion of the circle diagram from the known motors parameters is shown in 
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( a ) CONSTRUCTION OF CIRCLE 
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Fig. 6.1 
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( b ) DETERMINATION OF MOTOR CHARACTERISTICS 

Circle Diagram for Motor Performance Characteristics. 

Fig. 6.1(a). The ordinate Vp represents the per-phase voltage, which is 
constant. A circle can be drawn through the three points (A, B, and C) 
defined by the currents and phase angles since any three points not in a 
straight line define a circle. 
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The line BH, which is parallel to the Vp axis, shown in Fig. 6.1(b) 
is proportional to the power input to that particular phase at the oper-
ating point; that is, it is proportional to one-third of the input power 
to the motor for a three-phase motor. Therefore, the total input power 
to the motor 

P t = (3)1/2VlIr(COS 0) , (6.1) 

where 
P = total input power to motor, watts, 
VL = line voltage, volts, 

= line current, amperes, and 
cos 0 = power factor. 

The power per phase for a three-phase motor is given by the equation 
1 V, IR (cos 0) 

P . = - * 0 • (6.2) ph 3 t (3)1/2 

Point F, which lies on what will become the zero-torque line, can be 
determined from the efficiency of the motor (equal to BF/BH). If not 
known, the efficiency can be computed by using the equation 

m 4. cc- • Output power at shaft ,, Motor efficiency = TL, = - — ,—c . (6.3) 1111 Input power to motor 

The input power to the motor is usually measured in kilowatts (kW), and 
the output power at the shaft is usually measured in brake horsepower 
(bhp). The relationship between the two is as follows. 

kW = 0.746(bhp) . (6.4) 

Point A, the no-load current coordinate, is also located on what is 
called the zero-torque line. Hence, a line drawn through points A and F 
and extended to the periphery of the circle at point D will provide a 
good approximation of the zero torque line. 

Slip is defined as a relationship between the motor speed and the 
synchronous speed of the motor (ng). The synchronous speed of the motor 

- 120f ,, n = , (6.5) s p ' 
where 

n = synchronous speed of motor, rpm5 s 
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f = frequency of power supply, cps, and 
p = number of energized stator poles. 

Once the synchronous speed is known, the slip can be determined by using 
the equation 

n * s 
where 

s = slip, 
ns = synchronous speed of motor, rpm, and 
n m = speed of motor, rpm. 

It can be seen from Eq. 6.6 that when the slip is zero, the motor speed 
equals the synchronous speed; the equivalent of point A (no-load current) 
on the motor characteristic circle. When the slip equals one, the motor 
is standing still. This condition is represented by point C (locked rotor 
current) on the motor characteristic circle. Under normal operating con-
ditions, the motor slip is usually between 0.02 and 0.03 (point B on the 
circle diagram). 

Since point D in Fig. 6.1(b) represents the point where the slip is 
plus or minus infinity, it is apparent that the motor torque is zero at 
a slip of zero and infinity. The zero-torque line (AD) indicates how 
much power must be supplied to the motor to overcome all of the motor 
losses = 

Line MN is drawn tangent to the circle at point D. Line PQ, which 
is used as the slip linear scaling line, is an arbitrary line drawn par-
allel to line MN. If the line connecting point D and point C, which rep-
resents the locked rotor point where the slip equals 1.0, is extended to 
line PQ, the intersection on PQ is the point which corresponds to a slip 
of 1.0. Since the intersection of line PQ with line AD represents a slip 
of 0 on the PQ line, the slip can be marked off linearly along line PQ. 
Thus, the slip at any point on the circle can be determined by reading 
the value on line PQ at the intersection between line PQ and the line 
connecting the point on the circle with point D. 

At any point on the circle, the power output is proportional to the 
length of the perpendicular projection to the horizontal axis which lies 
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above the line AD. Since the torque is directly proportional to the 
output power, the length of the line above line AD is also proportional 
to torque on a per-phase basis. If the output power is measured in kilo-
watts, the torque is given by the expression 

7037P, 
T = ^ , (6.7) n ' m 

where 
T = torque, ft-lb, 

I?kW = power output, kW, and 
nm = m o t o r speed, rpm. 

Considering the arbitrary point I shown in Fig. 6.1(b), the follow-
ing motor characteristics can be determined on a per-phase basis. 

1. Slip: intersection on line PQ of line connecting point I with 
point D. 

2. Input power to motor: proportional to IL. 
3. Output power from motor: proportional to IJ. 
4. Torque developed: proportional to IJ. 
5. Input current: length of vector I which connects point I and 

the origin. 
6. Power factor: cosine of angle 91 between vectors Vp and I. 
7. Motor efficiency: IJ/IL. 
8. Motor losses: proportional to JL. 



332 

7. MATERIALS, FABRICATION, AND ASSEMBLY 

The information presented in this section is intended to familiarize 
the purchaser of nuclear pumps with commonly used construction materials, 
the phases of manufacturing he is likely to come in contact with, and the 
applicable codes and standards. Requirements for the materials, fabrica-
tion, examination, testing, and certification of nuclear pumps are set 
forth in the ASME Boiler and Pressure Vessel Code, Section III, Nuclear 
Power Plant Components. These requirements cover three classes or qual-
ity levels of nuclear power plant application. It is the responsibility 
of the owner to choose the class of pump that will provide the quality 
required for the intended service, where the owner is the organization 
responsible for the operation, maintenance, safety, and power generation 
of the nuclear power system in which the pumps are installed. 

It is customary practice to design and fabricate primary coolant 
pumps used in water-cooled nuclear reactor power plants in accordance 
with the Section-III Code rules for Class-1 nuclear components. The 
scope of those rules covers the strength and pressure integrity of the 
structural parts of pumps whose failure would violate the pressure bound-
ary. Such parts include the pump casing, inlets and outlets, co 
clamping ring, seal housings, related bolting, internal heat excu "'ger 
piping, and auxiliary nozzle connections up to the face of the first 
flange or circumferential joint in welded connections, excluding the con-
necting weld. The requirements of these rules do not apply to the pump 
shaft, non-structural internals, or the seal package. 

7.1 Materials of Construction 

The proper selection of various materials for reactor coolant pumps 
does not arise from the application of analytical or theoretical 
approaches but from the results of extensive operational experience and 
extensive testing by such organizations as the American Society for Test-
ing and Materials (ASTM). A complete discussion of material properties 
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is not within the scope of this document. The corrosion, wear, and 
strength considerations related to the selection of materials for valves 
are discussed in Section 3.3 of Ref. 35, and much of this information is 
also applicable to pumps. The discussion of material requirements for 
nuclear pumps presented here is based on the present state-of-the-art. 

7.1.1 General Requirements 

The materials of all pressure-retaining parts of nuclear pumps must 
conform to the requirements set forth in Section III of the ASME Boiler 
and Pressure Vessel Code. Other materials of the pump must conform to 
the requirements of the specifications for materials listed in this Code. 
The material requirements for Class-1 nuclear components are given in 
Article NB-2000 of Section III. These requirements do not apply to items 
not associated with the pressure-retaining function of the pump, such as 
shafts, trim, bearings, bushings, wear plates, seals, packing, and 
gaskets. 

In general, all pump parts except the bearings and seal faces that 
are in contact with the reactor coolant and injection water should be of 
austenitic or other stainless steel, Inconel, or an equivalent corrosion-
resistant material. Carbon and alloy steels with weld-deposited austen-
itic stainless steel or non-air-hardening Inconel cladding are acceptable 
for pressure boundary parts. The carbon content measured at the surface 
of the cladding must not exceed 0.1%. Chrome plating on any surface 
exposed to the reactor coolant is prohibited. Chrome plating on parts 
not exposed to the reactor coolant to prevent galling may be allowable. 

The maximum cobalt content of all material in contact with the 
reactor coolant except the seal, bearing, and hard-facing materials 
should not exceed 0.2%>. The use of nitrided surfaces in contact with 
the reactor coolant is prohibited. The use of precipitation-hardened 
17-4 stainless steel is not permitted when the aging heat treatment is 
at temperatures less than 1090°F. Halogen-containing materials should 
not be used in contact with austenitic stainless steel in the presence of 
reactor coolant or injection water unless specifically approved in writ-
ing by the purchaser. 
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Pump parts not in contact with the reactor coolant but in contact 
with the component cooling water should be of a corrosion-resistant mate-
rial. Materials used in non-pressure-retaining parts must be inspected 
in accordance with the vendor's inspection requirements, a copy of which 
should be submitted to the purchaser for informational and approval pur-
poses. Nonmetallic materials should be suitable for the temperature and 
pressure conditions to which they will be exposed, and they should be 
used in conjunction with a retainer designed specifically to accept and 
contain them. 

Section III of the ASME Boiler and Pressure Vessel Code requires 
certification by the material manufacturer that the requirements of the 
material specification as well as the requirements of the Code relative 
to the pump class have been met. Certification of pressure-retaining 
materials and welding and bribing materials must include reports of the 
actual results of all required tests and examinations performed on the 
materials as well as reports of defects and repairs. The material manu-
facturer's certification of compliance with the material specification 
may be provided in lieu of the test reports for 3/4-in. nominal pipe size 
and under (pipe, tube except heat exchanger tubing, flanges, fittings, 
and valves) and 1-in. nominal diameter and under bolting pressure retain-
ing materials. The pressure-retaining material must be identified with 
the applicable specification and grade of material, heat number or heat 
code of the material, and any additional markings required to facilitate 
traceability of the reports of the results of all tests and examinations 
performed on the material. 

7.1.2 Casing Materials 

The major factors to be considered in the selection of material for 
pump casings are the strength and corrosion resistance requirements dic-
tated by the particular application and the applicable design codes. 
Casings for the larger reactor coolant pumps are fabricated from stain-
less steel castings, most of which are of considerable size. Type AISI-
304 steel has come into recent use rather than AISI-316, and the 
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austenitic steel grades 18 Cr-8 Ni (ASME CF8) and 19 Cr-9 Ni-2.5 Mo (ASME 
CF8M) are the most widely used. 

All such castings are subject to very stringent quality control pro-
cedures (discussed in Section 8 of this document) which normally include 
100% radiography. Gate and riser techniques should be developed to the 
extent that the castings meet the requested quality level at the first 
foundary stage and nondestructive tests need only prove compliance. This 
has been the case for most reactor coolant pumps, supplied in weights of 
up to 35 tons, and only minor defects have had to be repair welded. 

A trend toward the use of low alloy or plain carbon steel with a 
stainless overlay may find future application and more thought may be 
given to the use of high-strength martensitic stainless steels in reactor 
coolant pumps. Such steel grades as the 13 Cr-4 Ni or 13 Cr-1 Ni type 
give two or three times higher yield strengths than the austenitic stain-
less steel grades and would therefore offer considerable design and 
weight advantages. Furthermore, the normal nondestructive testing meth-
ods, such as magnetic crack detection and ultrasonic examination, could 
be applied, thereby reducing the requirement for 100% x-ray examination 
to areas where indications by the ultrasonic method cannot be clearly 
defined or to critical high-stress areas. 

7.1.3 Impeller and Shaft Materials 

The pump impeller is in contact with the primary reactor coolant and 
its material of fabrication therefore must have the same corrosion resist 
ant qualities as the casing casting material. However, the impeller is 
not P. part of the pressure-retaining vessel, as is the casing, and the 
structural requirements of the impeller are of a different nature than 
those of the casing. 

Impellers are always made from castings (not alway3 one piece) 
because of the contours of the blades required by hydraulic design con-
siderations. Impeller castings require the same rigorous quality control 
procedures required for casing castings. The material of fabrication 
should have good machinability because the wearing ring surfaces, shaft 
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mating geometry, and rotor balancing all require closely specified 
machining operations. The impeller may occasionally be subjected to 
attack from cavitation if the pump is operated with insufficient net pos-
itive suction head (NPSH). The 300-series stainless steels afford excel-
lent cavitation erosion resistance. 

Shaft materials are usually selected for their high ductility or 
low notch-sensitivity qualities. Rotor shafts of type 410 steel with 
heat-treated nitrided journal sleeves have been used, but all parts 
except the bearings and seal faces in contact with the reactor coolant 
and injection water should be of austenitic or other stainless steel, 
Inconel, or an equivalent corrosion-resistant material. 

7.1.4 Bearing Materials 

The bearing materials used in reactor coolant pumps have been stan-
dardized as a result of experimental research and considerable operating 
experience. The choice of a particular bearing material for a specific 
application is based on the relative merits of the material with respect 
to a number of different properties. These include strength, thermal 
stability, maximum operating temperature, machinability, chemical composi-
tion, etc. The proper choice of a material is a matter of judgment based 
on experience, available information, and the particulars of a given 
application. 

(a) Motor Bearings. As previously discussed, the motor structure 
of a typical reactor coolant pump houses two pivoted-pad journal bearings 
and a double-acting Kingsbury thrust bearing, all of which are oil lubri-
cated. The standard practice is to line these bearings with babbitt mate-
rial (ASTM Specification B 23-66, White Metal Bearing Alloys). However, 
some babbitt metals are suitable only for light loads because of their 
high lead content. The composition and physical properties of babbitt 
metals are given in Table A1 of ASTM B 23-66 (page 35 of Part 7 of ASTM 
Standard Specifications, 1970). 

(b) Pump Journal Bearing. The journal bearing supporting the pump 
end of the rotor is usually a plain 360° bearing or a sectored bearing 
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that is water lubricated. Carbon composition materials are used for this 
bearing, and the expected material properties for various Graphitar (U.S. 
Graphite Company) grades are given in Table 7.1. Grade 14 seems to be a 

Table 7.1. Expected Material Properties of Various Graphitar Grades 
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2 E5 23,000 7,500 4,500 2.3 .010 1.9 6.3 700 1.80 9.00 60 CG 
3 70 12,500 3,500 2,500 1.6 .008 1.9 3 .6 700 1.63 14.1 60 CG 
14 90 38,000 11.000 8.5C0 2 .8 .013 3 .0 4 . 6 500 1.85 0 .35 60 CGR 
15 83 30,000 9 ,500 5.000 2.8 .010 2.0 6.1 700 i .7G 4.60 ' 60 CGR 
18 80 20,000 5.500 3.500 2.1 .009 2.1 4.7 700 1.70 12.2 75 CG 
30-A so 25,000 7,000 5,500 1.8 .014 2 . 5 3 7 700 1.68 12.7 45 CG 
33 92 33,000 9.000 6,500 2.0 .016 4.0 5.8 500 l.1' 4.00 ' 5 CGR 
34 88 18.000 6.0G0 3.500 1.2 .015 2 . 5 4.8 . 0 0 1.65 14.3 45 CG 
35 98 38,000 11.000 7.000 2.1 .018 3 .9 5 .9 son 1.76 0.65 45 CGR 
38 100 35.000 10,500 8.500 2.5 .014 3.6 3.8 Ml) 1.80 1.70 45 CGR 
39 105 38,000 11.500 3.000 2 .5 .015 3 .4 3.S 500 1.82 1.00 •45 CGR 
<0 85 28,000 9 .000 6,500 2 .5 .011 3 . 0 4.1 500 1.82 3.40 to CGR 
4! SO 35,000 10.000 7.000 2.9 .C12 2.G 6.3 500 1 .S6 1.00 60 CGR 
47 9 3 36,000 11.000 9.5C0 3 .0 .012 2 7 6 .4 500 1.82 C.10 60 CGR 
48 45 4 ,500 2 .500 1.000 0.5 .009 1.2 27.0 750 1.72 16.6 45 G 
50 ICO 38,000 11,000 9,500 2.8 .033 2.5 4.4 700 1.74 1.80 45 CGR 
63 100 35,000 11.000 8,500 3.1 .011 2 . 2 6.1 500 J.S4 0.20 GO CGR 
€4 35 5,000 3,000 2,500 1.8 .003 1.0 27.0 700 l.ao 9.00 75 CG 
67 80 18,000 6,500 4,000 1.6 .011 2.1 5.3 700 1.72 10.40 45 CG 
70 85 28,000 8.000 6 500 2.2 .012 3.2 5 . 5 500 1.80 2.60 45 CGR 
75 85 20,000 7,500 4,500 1.8 .011 2.4 5.0 700 1.72 10.50 40 CG 
77 60 12,000 6,030 3.500 1.5 .009 2.8 28.0 GOO 1.83 2.40 60 GR 
80 80 25,000 10,000 5,500 2.4 .010 2.3 7.0 700 1.80 7.0 45 CG 
84 90 30,000 11.500 6,500 2.8 .010 2.3 7.0 700 1.85 6.0 45 CG 
86 100 36,000 13,500 9.500 3.0 .012 2.3 7.6 500 1 .S0 0.25 45 CGR 
88 95 28,000 8.000 6,000 1.8 .015 2.9 3.9 350 ! . £ 0 0.15 45 CGR 
£9 95 30,000 9,500 7,000 2.4 .012 3.5 5.2 500 1.S3 2.40 45 CGR 
9? 95 32.000 8 .830 7.000 2 8 .011 3.2 5.1 500 i .82 2.45 75 CGR 
94 90 30,COO 8.500 6.000 2.2 .013 3.5 5.5 500 1.82 0.70 45 CCR 
95 40 6,000 3.500 3.000 2.0 .003 1.5 27.5 35C 1.S5 0.85 45 CGR 
101 85 38,000 10,500 8.500 2.9 .013 2.9 7.0 350 2.75 0.30 75 CGfr 

302 88 38,000 9 .500 7,500 2.6 .014 3.1 8.7 700 2 .35 4.25 75 CGf.u 

103 83 35,000 10,500 7,500 2.8 .012 3.1 9.3 700 2.70 . 2.50 75 CGAg 
105 84 35,000 11. <00 8.500 2 8 .012 3.4 8.5 700 2.35 ! 45 45 CGCuPb 

1C8 77 17,000 4.200 3,000 1.8 .009 2.4 3.8 350 l.fcO 2.50 6 0 CGfi: 

2413 60 7,000 2,500 1,000 1.0 .007 2.3 4.1 700 1.55 20.' 50: CG 
2690 97 23,000 6 ,400 5,000 1.4 .016 3.5 20.6 1200 1.82 3.10 50 CCW 
2754 90 28,000 9.000 5,000 2.4 .016 2.1 6.5 700 1.80 9.40 75 CG 

U. S. Graphite Company, Saginaw, Michigan 
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favorite choice among the various pump manufacturers since it has both 
high strength and low porosity and can be produced in suitably large 
sizes- Compatible shaft surface materials used at this bearing are usu-
ally Stellite or Colmonoy. 

7.1.5 Seal Materials 

Any guide to be used in the selection of material for seals must be 
updated periodically because of the constant development of new and bet-
ter materials. The information presented here represents current prac-
tice, and it will need revising as better materials become available for 
the various types of seals. The combinations of materials currently used 
in various types of seals are listed below. 

Type of Seal Material Combination 
Throttle bushing Stellite overlay or Colmonoy 

or stainless steel coating 
(both pieces) 

Hydrostatic clearance Aluminum oxide (both pieces), 
seal and face seals Tungsten carbide mating with 

carbon, or 
Tungsten carbide mating with 
B-10 bronze 

Resistance to the direct corrosive attack of high-purity water has 
been the subject of considerable experimentation. Generally, the use of 
metals highly alloyed with chromium has given satisfactory results. How-
ever, electrolytic corrosion is far more subtle. Materials, such as the 
contacting faces of a seal, immersed in close proximity in an electrolyte 
may be subject to electrolytic corrosion. Materials that individually 
demonstrate adequate corrosion resistance to the electrolyte may be 
unsatisfactory for this purpose when used in combinatic>n. Carbon is 
known to be noble to all nickel and chromium alloys, but over long peri-
ods of time, electrolytic corrosion of the mating faces can be antici-
pated. Even tungsten carbide with a nickel metal binder may be subject 
to this type of corrosion. Since aluminum oxide is corrosion resistant 
to the ambient and is a good electrical insulator, the use of this 
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material in seals precludes long-term electrolytic corrosion of any 
mating face. 

7.2 Fabrication 

Primary reactor coolant pumps used in water-cooled nuclear power 
plants are fabricated and installed in accordance with the rules set 
forth in Article NB-4000 of Section III of the ASHE Boiler and Pressure 
Vessel Code. It is the responsibility of the pump manufacturer to fur-
nish the owner or purchaser a detailed description of the fabrication 
procedure in which the sequence and method of fabrication for every com-
ponent of the pump assembly are described. 

Extensive facilities are required for the fabrication of reactor 
coolant pumps for large water-cooled reactors. The facilities required 
by pump manufacturers as well as subcontractors who participate in the 
manufacture of pumps or pump components are outlined as follows. 

1. The pump manufacturer must have facilities for producing the 
pump volute, closure flange, cover housings, and shafts. With the excep-
tion of the flanges and pump shaft, these parts are typically large cast-
ings of austenitic stainless steel.. Successful manufacture of such cast-
ings to the requirements of Section III of the ASME Boiler and Pressure 
Vessel Code requires a large melting and pouring capability (about 10 to 
20 tons or more) and considerable experience in large austenitic stain-
less steel casting technology. 

2. The pump manufacturer must have fixtures for handling and posi-
tioners for turning large volute castings for welding. This equipment 
is required for most large pumps since the capacities for stainless steel 
castings commercially available in this country necessitate the casting 
of large volutes in more than one piece. This situation results in the 
need for one or more full-penetration circumferential weld in the casing. 

3. The pump manufacturer must have submerged arc or electroslag 
welding equipment for welding volute castings together. 

4. The pump manufacturer must have heat treating facilities of suf-
ficient capacity to permit stress relieving of completed pump casings and 
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housings. Temperature controls and time-temperature recording apparatus 
should be incorporated in these facilities. 

5. The pump manufacturer must have a heavy-duty vertical boring 
mill capable of accommodating work-piece diameters of 6 to 8 ft. This 
equipment is required for machining pump casings. 

6. The pump manufacturer must have a lathe with the capability for 
machining pump shafts. 

7* The pump manufacturer must have dynamic balancing equipment that 
will accommodate the pump shaft, impeller, and other rotating parts. 

8. The pump manufacturer must have sufficient overhead crane capac-
ity for all required pump handling operations. Crane capacities of about 
50 tons are required for individual handling of the pump and the motor 
for the large reactor coolant pumps currently used. 

9. The pump manufacturer must have inspection equipment for radiog-
raphy, liquid penetrant, magnetic particle, and ultrasonic examinations. 

10. The pump manufacturer must also have a complete set of microm-
eters, gauge blocks, profilometers, and other measuring equipment. 

7.2.1 Welding 

All welding procedures, including cladding, seal welding, and repair 
welding, used for pressure-retaining or strength welds must be approved 
by the purchaser. These procedures must include evidence of procedure 
and welder qualification in accordance with the requirements of Section 
III of the ASHE Boiler and Pressure Vessel Code. Each manufacturer and/ 
or installer is responsible for the welding done by his organization, and 
he must establish the procedure and conduct the tests required by Section 
III and Section IX, Welding Qualifications, of the ASME Boiler and Pres-
sure Vessel Code in order to qualify both the welding procedures and the 
performance of welders and welding operators who apply these procedures. 

Only those welding processes which are capable of producing welds 
in accordance with the welding procedure qualification requirements of 
Section III and Section IX of the ASME Boiler and Pressure Vessel Code 
may be used for welding pressure-retaining materials or attachments 
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thereto. Brazing is permitted onl}' for the attachment of cladding to 
base material. 

All circumferential and longitudinal weld seams in the pump casing 
and pressure housings must be full penetration welds. Backing rings can 
be used if they conform to the requirements of Subarticle NB-3352 in Sec-
tion III of the ASME Boiler and Pressure Vessel Code. Lugs, brackets, 
and other permanent attachments to pressure-retaining components must be 
attached by full-penetration continuous (non-intermittent) welds. Tem-
porary or minor permanent attachments, such as insulation supports, name-
plates, and locating lugs, may be welded directly to a pressure-retaining 
part with partial-penetration welds if the requirements of Subarticle 
NB-4435 in Section III of the ASME Boiler and Pressure Vessel Code are 
met. Unacceptable defects in weld metal detected during examination or 
testing must be eliminated or repaired in accordance with the require-
ments of Subarticle NB-4450 in Section III of the ASME Boiler and Pres-
sure Vessel Code. 

7.2.2 Heat Treatment 

Heat treatment of carbon and alloy steel pressure-retaining parts 
can be accomplished by using any suitable heating method that will pro-
vide the desired heating and cooling rates and the required metal temper-
ature, metal temperature uniformity, and temperature control. The manda-
tory requirements for postweld heat treatment are set forth in Subarticle 
NB-4620 of Section III of the ASME Boiler and Pressure Vessel Code. Post-
weld heat treatment for strength purposes of the austenitic stainless 
steels normally used in reactor coolant pump construction is neither 
required nor prohibited by this Code. However, when performed, efforts 
should be made to avoid exposure of austenitic stainless steel parts to 
temperatures in the range of 900 to 1200°F for prolonged periods (more 
than a few minutes) to minimize the metallurgical changes which tend to 
reduce the corrosion resistance of such materials. 

Ferritic alloy-steel formed portions of pumps that have been heated 
for bending or other forming operations must be heat treated in accordance 
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with the rules of Subarticle NB-4620 in Section III of the ASME Boiler 
and Pressure Vessel Code or they must receive a full anneal, a normaliz-
ing and tempering treatment or a quenching and tempering treatment. 

Carbon-steel formed portions of pumps with a wall thickness greater 
than 3/4 in. included in group P-Number 1 in Section IX of the ASME 
Boiler and Pressure Vessel Code that have been cold ben: or formed must 
be heat treated in accordance with Subarticle NB-4620 of Section III of 
the Code. Ferritic-alloy formed portions of pumps with an outside diam-
eter greater than 4 in. and a wall thickness greater than 1/2 in. 
included in groups P-Number 3 through P-Number 5 in Section IX of the 
ASME Code that have been cold bent or formed must also be heat treated 
in accordance with the rules of Subarticle NB-4620 in Section III of the 
Code. Carbon-steel and ferritic alloy-steel portions of pumps with sizes 
and wall thicknesses less than the above specified values may be cold 
bent or formed without subsequent heat treatment. 

Carbon-steel portions of pumps that have berrn bent or formed at a 
temperature of 1650°F or higher do not require subsequent heat treatment 
if the qualification requirements in Subarticle NB-4213(c) of Section III 
of the ASME Boiler and Pressure Vessel Code have been met. 

Austenitic stainless steel portions of pumps that have been heated 
for bending or forming purposes or that have been cold bent or formed can 
be used in the as-bent condition unless subsequent heat treatment is 
required by the design specification. 

7.2.3 Surface Finish 

The finish requirements for pumps are influenced by considerations 
relative to the surface being evaluated. Some considerations, such as 
nondestructive testing, are applicable to both interior and exterior sur-
faces. The significance of nondestructive testing with respect to sur-
face finish is that a certain quality of surface finish is required for 
the successful performance of this type of testing. Poor surface finish 
can lead to improper interpretation of radiographs and hide cracks in 
liquid penetrant tests. Any surface roughness can also prevent the 
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attainment of meaningful results from magnetic particle and ultrasonic 
tests. Another impetus for smooth internal surfaces is the lowering of 
surface friction to decrease flow resistance. The effects of corrosion 
must also be accounted for in the finish requirements for both internal 
and external surfaces. At some locations, the fatigue life of a compo-
nent subjected to pressure and thermal cycling may be adversely affected 
by a coarse surface finish. 

Surfaces in contact with the reactor coolant should have a finish of 
250 microinches (AA) or better in accordance with ANSI Standard B46.1. 
The degree of surface roughness, waviness, or type of lay suitable for 
specific purposes where surface finishes better than 250 microinches are 
required should be delineated on the vendor's drawings. 

7.2.4 Cleaning and Painting 

Cleaning and inspection for cleanliness should be incorporated in 
the fabrication process used for the pump and its component parts. Parts 
should be cleaned as early as practicable, and all cleaned parts and sub-
assemblies should be maintained in a clean environment throughout the 
assembly process. The pump manufacturer should submit a detailed descrip-
tion of the cleaning procedures to be used to the purchaser for his 
approval. 

External metallic surfaces of the pump not constructed of corrosion-
resistant material should be given a coating of heat-resistant paint. 
The type of paint and the procedure for cleaning and preparing the sur-
face for painting should be proposed by the pump manufacturer and be sub-
ject to the approval of the purchaser. The internal surfaces of the pump 
should not be painted. Weld ends must be free of paint to prevent con-
tamination of the weld. All finished machined mating surfaces, studs, 
bolts, screws, and nuts should also be free of paint. 
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7»3 Assembly 

Pump assembly procedures are dependent upon the design of the pump, 
and the procedures to be used should be described by the pump manufac-
turer for the approval of the purchaser. This description should include 
bolt-tightening procedures and balancing procedures. 

Both the total load on a bolt and the fatigue life of a joint are 
affected by the preload. Thus, preload must be controlled within rela-
tively narrow limits. Accurate determination of preload during assembly 
is difficult. A most accurate way of determining preload is to measure 
bolt elongation with a micrometer. The torque-tension relationship is 
probably the most widely used means of determining preload. Where the 
equivalent torque is several thousand pound-feet, preload should be 
applied to large high-strength bolts with powered tensioners. This 
method is practical for all bolt sizes down to about 1/2 in. 

Tightening of a bolted flange connection in one cycle with only a 
small number of bolt tensioners, as compared with the number of bolts in 
the connection, can easily lead to tensioning stresses in excess of the 
yield strength of the bolts. An alternative solution is the simultaneous 
extension of all of the bolts with special equipment, as described by 
Van Campen.36 A bolt tightening procedure wherein heaters are inserted 
in holes drilled axially in the studs is described in Ref. 37. This 
method is applicable when a 0.5-in.-diam hole can be tolerated in the 
studs and when elongation of the studs can be measured with reasonable 
accuracy. Several cycles are usually required to tighten all of the 
studs in one flange connection. 

Care must be exercised to see that bolts are not overstressed during 
tightening. Friction forces must be accounted for when bolts are tight-
ened with a torque wrench and heating methods are not used. Greasing the 
bolts and nut faces may assist in reducing the applicable tightening 
torque, but the torque required to loosen these bolts at a later date may 
be two to three times that previously used to tighten them. 

The pump manufacturer should submit to the purchaser for approval a 
detailed description of the dynamic balancing procedures to be used for 
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all rotating parts to meet the acceptance criteria relative to the 
permissible degree of imbalance. All rotating parts should be individ-
ually balanced dynamically, and the dynamic balance of the completed 
rotating assembly should be checked. Any change in balance during oper-
ation over the design life of the pump should not result in malfunction 
of the unit. 
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8. QUALITY ASSURANCE AND TESTING 

The requirements for quality assurance that must be met by the 
manufacturer of nuclear reactor coolant pumps are described in this sec-
tion. The requirements for the manufacturer's performance testing facil-
ities, nondestructive testing methods, post-fabrication tests, documenta-
tion, and identification, packaging, and shipping are discussed. The 
requirements for in-service inspection are also discussed. 

8.1 Manufacturer's Quality Assurance Program 

The designer and manufacturer of reactor coolant pumps must have an 
effective quality assurance program to assure compliance with specifica-
tion and drawing requirements and to provide a documented record of all 
design information, material certifications, fabrication operations, and 
inspections and tests used or performed in the manufacture of the pump 
assemblies. The quality assurance program intended to accomplish these 
objectives should be fully described in a comprehensive quality control 
manual. 

The manufacturer's quality assurance program can be evaluated prior 
to contract award by reviewing his quality control manual and records of 
previously completed jobs performed under similar specification and code 
requirements. This program can also be discussed with personnel in var-
ious departments of the manufacturing organization, including quality 
control engineers and inspectors, design engineers, manufacturing engi-
neers, shop superintendents, and management personnel. 

8.1.1 Quality Control Organization 

To effectively plan and implement an adequate quality assurance pro-
gram, the manufacturing organization whould include a separate quality 
control group or department. This organization should be responsible for 
the specification of quality assurance requirements, implementation of 
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these requirements, and monitoring of work in progress. Preferably, the 
quality control organization should be completely independent of the man-
ufacturing organization. In any case, it is essential that all personnel 
of the quality control organization have the authority to stop any work 
in progress or reject any material considered unacceptable. An effective 
quality control organization will include engineers responsible for estab-
lishing requirements and assuring that the quality control system is 
working effectively, and it will also include inspection personnel for 
in-process and final inspections in both the manufacturer's plant and 
subcontractors' plants. 

Typical responsibilities of the quality control organization include 
1. preparation and maintenance of the quality control manual; 
2. establishing quality control requirements for each job during the 

initial planning stage prior to ordering of material or initiation 
of fabrication; 

3. review of purchase orders for all material and subcontracted 
equipment; 

4. review of manufacturing control instructions (written work instruc-
tions to the shop); 

5. review of specifications and drawings and changes thereto; 
6. review of deviations from drawings and specifications and the recom-

mended resolutions for such deviations; 
7. performance of all required inspections and examinations in the shop; 
8. supervision of all required performance and hydrostatic tests; 
9. auditing the subcontractor's quality control efforts; 
10. maintenance of up-to-date records of all material certifications, 

inspection and test results, deviation resolutions, inspection and 
fabrication procedures used, qualification of procedures and person-
nel, etc.; 

11. establishing requirements for and monitoring status of procedure 
and personnel qualification; and 

12. performing periodic ill-house audits of the overall quality assur-
ance system to assure that it is functioning as intended. 
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8.1.2 Manufacturing Control System 

A formal manufacturing control system should be maintained for all 
fabrication, inspection, and testing operations to be performed in the 
manufacture of reactor coolant pump assemblies. The shop should be pro-
vided with written work instructions for each operation to be performed 
on each part, subassembly, and final assembly. These written instruc-
tions or shop routing sheets should be prepared prior to initiation of 
fabrication, should specifically list every inspection and test that is 
required during or before completion of manufacture of the assembly, and 
should be reviewed and signed by members of the quality control organiza-
tion. To be effective, the control system should require the signature 
of the cognizant quality control inspector after completion of each 
required inspection or test. In addition, a formal method for identify-
ing deviations or unacceptable test results and automatically stopping 
work on the affected part or assembly should be a part of the manufactur-
ing control system. 

The manufacturing control instructions or routing sheets should ref-
erence the applicable procedures and specifications for inspections and 
tests, and the latest revisions of all drawings, procedures, and specifi-
cations should be identified. Where applicable, the customer approval 
status of all procedures, specifications, and drawings should also be 
properly identified for shop personnel. In general, the manufacturing 
instructions should be prepared so that when the part of an assembly cov-
ered by a particular instruction is completed, including all of the 
required inspections and signatures, the instruction will provide a clear 
record of all operations performed on that part. This record should 
include every manufacturing operation and inspection performed, the pro-
cedures used, the results of all inspections, any deviations and the reso-
lution of each deviation, and the specific shop and quality control per-
sonnel responsible for each operation. 

A desirable supplemental function normally provided in a well organ-
ized manufacturing control system is reporting of the inspection status 
of each part. This is usually accomplished by requiring the quality con-
trol inspector to fill out an inspection notification form at the time 



349 

he accepts the results of each required inspection or test. This 
inspection form is transmitted directly to the quality control department 
for review and record purposes. Such a system also provides a simple 
means of notifying the proper group, such as engineering, project manage-
ment, etc., for resolution of deviations or discrepancies. 

8.1.3 Material Identification and Control System 

A positive material identification and control system must be 
included as a part of the manufacturer's quality assurance program. The 

i 

material identification and control measures involved in the implementa-
tion of an effective system are outlined as follows. 

1. Proper quality control inspections, tests., material marking and 
certifications should be required by purchase orders for material. 

2. All material should be receipt inspected to assure that it is 
properly identified and meets the purchase order requirements. 

3. The material, certifications and test results should be reviewed 
to assure that they are acceptable prior to the release of any material 
to the shops. 

4. Periodic spot checks, audits, and supplementary tests as required 
should be performed to assure that the certifications and test results 
are correct. 

5. The identification of all material should be maintained through 
the receipt inspection, storage, manufacture, inspection, and testing 
phases of the work. Specific material identification and marking require-
ments in written form should be provided to shop personnel or included as 
a part of the manufacturing control instructions discussed in Subsection 
8.1.2. It is imperative that each plate, forging, casting, etc., be 
identified with its original heat number or other supplier identification 
number and be traceable to its original certifications during all phases 
of manufacture and in the completed assembly.. 

6. A method for controlling discrepant material and material for 
which identification has been lost should be provided. To be effective, 
this method must have provisions for stopping work on discrepant material, 



350 

immediate tagging and segregation of such material, and initiating action 
to determine the proper disposition of discrepant material. 

8.1.4 Fabrication, Inspection, and Testing Procedures 

A complete and up-to-date set of all procedures required for fabri-
cation, inspection, and testing of the parts, subassemblies, and assem-
blies should be maintained by the manufacturer. These procedures should 
be accessible to quality control and shop personnel. These procedures 
and the revision, approval, and qualification status of each procedure 
should also be on file. The types of operations for which written pro-
cedures should be accessible and used include 
1. welding; 
2. welding electrode, wire, and flux storage and conditioning; 
3. heat treating; 
4. physical property testing of material (where performed by the 

manufacturer); 
5. nondestructive testing (acceptance standards should be at hand); 
6. cleaning; 
7. hydrostatic testing; 
8. leak testing; 
9. performance testing; and 
10. all special manufacturing operations for which qualifications are 

required. 

8.1.5 Qualification of Procedures and Personnel 

The requirements for qualification of procedures and personnel 
should be outlined in the quality control manual. In addition, the 
results of all qualifications should be maintained in a current file. 
These requirements and results should include 
1. qualification of welding procedures; 
2. qualification of welder and welding operators; 
3. qualification of special manufacturing processes, such as tube 
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bending, tube-to-tube-sheet rolling, etc.; and 
4. qualification of nondestructive testing procedures and personnel. 
While not mandatory, qualification of nondestructive testing procedures 
and personnel may be performed by the manufacturer by means of written 
examinations, performance of qualification tests with test blocks with 
known defects, or by witnessing inspection procedures in the shop. 

8.1.6 Instrument Calibration and Gauge Control System 

Written instructions or standing procedures for instrument calibra-
tion and gauge control should be included in the manufacturer's quality 
assurance program. These instructions should provide for mandatory 
checkout and calibration of nondestructive testing equipmfent, material 
testing machines, measuring equipment, pressure gauges, and other test 
equipment at reasonable intervals. Records of these calibrations should 
be maintained and available for inspection at all times. The calibration 
of gauges and instruments should be traceable to standards established 
by the National Bureau of Standards or other established agencies. The 
calibration of mechanical testing machines should be certified by the 
equipment manufacturer or traceable to standards set up by such organiza-
tions as the Watertown Arsenal. 

8.1.7 Subcontractor Evaluation 

The manufacturer's quality assurance program should require that all 
subcontractors be evaluated by experienced personnel in the manufacturer's 
organization prior to placing orders with them for equipment or services. 
This evaluation is usually accomplished by means of written vendor evalu-
ation checklists and/or written reports of vendor evaluation trips made 
by the manufacturer's personnel. 

In addition to preorder placement evaluation, periodic preplanned 
audits of subcontractor performance should be provided for in the manu-
facturer's quality control system. The manufacturer should provide audit 
check-off lists or quality control plans for critical parts of equipment. 
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The minimum inspection required, operations to be witnessed by the 
manufacturer's personnel, test results which must be reviewed, etc., 
should be listed in these quality control plans, and specific sign-offs 
by the manufacturer's audit personnel should be required for all such 
checks and reviews• 

8.1.8 Record-Keeping System 

Effective manufacturing control, material identification, instru-
mentation calibration and gauge control, procedure and personnel qualifi-
cation, and subcontractor evaluation systems require the maintenance of 
adequate records. These records should be maintained by the manufacturer 
in a manner that will permit identification of the up-to-date status of 
all inspections and tests and the latest drawing and procedure revisions 
on a current basis throughout the manufacture of the pump assemblies. 
In addition, the documentation should be such that upon completion of 
manufacturing and testing but prior to delivery of the pump assemblies, 
a complete set of all the procedures, drawings, inspection and test 
results, material certifications, qualifications, deviation reports and 
written waiver authorizations, results of dimensional checks, etc., that 
were used or generated during manufacture of the component is available 
for review by the manufacturer's quality control personnel as well as the 
customer. 

Disposition instructions for all such records must also be provided 
in the record-keeping system. These records, test results, and certifi-
cations should be available for the entire life of the equipment either 
in the manufacturer's files or by submittal to the customer or ultimate 
owner of the equipment. 

8.2 Manufacturer's Performance Testing Facilities 

Some of the key test facilities required for the testing of reactor 
coolant pumps to be used in large water-cooled reactor systems are listed 
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here. These facilities are also required of subcontractors who 
participate in the testing of such pumps. The items required include 
1. pump mounting fixture or stand; 
2. full-flow piping loop; 
3. auxiliary heat exchangers for controlling the water temperature of 

the test loop; 
4. water chemistry control and monitoring facilities; 
5. flow control valves; 
6. accumulators or pressurizer for pressure control; 
7. makeup system and pumps; 
8. electrical power capacity adequate for starting and operating the 

pump at its full rated load; 
9. control panel for start-up, control, and monitoring of the pump and 

test loop operation; 
10. safety systems to prevent electrical or thermal overloads, overpres-

surization of the system, etc.; 
11. instrumentation to monitor and record all data required by the pump 

specification and test procedures; and 
12. seal testing facility for performing full-scale tests on the seal 

assemblies. 

8.3 Nondestructive Testing Methods and Procedures 

The requirements and various methods of nondestructive testing used 
to detect surface and internal discontinuities in the materials of reactor 
coolant pumps during pump fabrication are described here. The nondestruc-
tive examinations of Class-1 pumps prescribed in the ASME Boiler and Pres-
sure Vessel Code, Section III, Nuclear Power Plant Components, are sum-
marized in Table 8.1. This table is intended only to give the reader a 
cursory idea of the typical requirements, and the above Code should be 
referred to for more detailed information. The requirements for in-
service nondestructive testing of nuclear reactor pumps are discussed in 
Subsection 8.8 of this document. 
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Table 8.1. Nondestructive Examinations Required for Class-l Nuclear Reactor Pumps 
Type of Examination Required 

Material 
A 

Radiographic 
B 

Ultrasonic 
c 

Magnetic 
Particle 

D 
Liquid 

Penetrant 
Seamless and -welded without filler metal 
tubular products and fittings over 2-
in. nominal pipe sizea 

X X X X 

Welded with filler metal tubular prod-
ucts and fittings0 

X X X 

Plates X 
Foz'gings0 X X X 
Castings'* X X X 
Bars, bolts, studs, and nuts X X X 

£ 

A + C and D or just B. 
bC or D. 
CB and C or D. 
Â and C or D. 

eC or D for greater than 1-in. nominal bolt size; B and C or D for greater than 2-in. 
nominal bolt size* 

As indicated in Table 8.1, the types of nondestructive examinations 
required include radiographic, ultrasonic, magnetic particle, and liquid 
penetrant examinations. Radiographic and ultrasonic examinations can be 
grouped in the broad category of volumetric examination, while magnetic 
particle and liquid penetrant examinations can be grouped in the category 
of surface examination. Volumetric examinations will indicate the pres-
ence of subsurface discontinuities, and the techniques used permit exami-
nation of the entire volume of metal contained beneath the surface. On 
the other hand, a surface examination is specified to delineate or verify 
the presence of surface or near-surface cracks or discontinuities. Nei-
ther the magnetic particle nor the liquid penetrant examination is per-
mitted when the surface is immersed in or flooded with water during the 
time the examination must be conducted, (such as during an in-service 
inspection). 

8.3.1 Radiography 

Radiographic techniques include the use of such energy sources as 
x rays, gamma rays, or thermalized neutrons with appropriate image record-
ing equipment, such as photographic film or paper, electrostatic systems, 
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direct-image orthocons, or image converters. Radiographic examinations 
of welds in nuclear reactor coolant pumps are performed with either x-ray-
equipment or radioactive isotopes and film. The requirements for the 
equipment and materials, technique used, evaluation of radiographs, and 
the procedure and records are set forth in Subarticle IX-3300 of Appendix 
IX in Section III, Nuclear Power Plant Components, of the ASME Boiler and 
Pressure Vessel Code. 

As stipulated in the Code, the penetrameters for radiographic exami-
nation of welds must be fabricated from material that is either radio-
graphically similar to or less dense than the material and/or the weld 
metal on which they are used. For example, carbon and most alloy steels 
are considered to be radiographically similar materials but radiograph-
ically less dense than such materials as copper or nickel-base alloys. 
The penetrameters must be in accordance with ASTM E-42-64, and the 
required thicknesses are given in Table IX-3325-1 of Section III of the 
ASME Boiler and Pressure Vessel Code. The requirements for dimensional 
tolerances and identification markings for the penetrameters are also set 
forth in Appendix IX of this Code. 

To be properly radiographed, the welds must have any ripples or sur-
face irregularities on both the inside and outside removed to such a 
degree that the radiographic contrast resulting from any irregularities 
cannot mask or be confused with the image of any unacceptable discontinu-
ity. The weld surface must merge smoothly into the plate surface, and 
the finished surface of the reinforcement of all butt-welded joints may 
by flush with the plate or may hava a reasonably uniform crown not exceed-
ing the thicknesses given in Subarticle NB-4426.2 of Section III of the 
ASME Boiler and Pressure Vessel Code. 

8.3.2 Ultrasonic Examination 

The ultrasonic examination is based on the directional properties of 
beams of high-frequency sonic waves. The pulse-echo method is generally 
used to detect defects. This method involves the generation of electri-
cal pulses (with a pulse generator) that are reflected off of the body 
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being examined and recordsd on a device such as an oscilloscope. The 
angle-beam method is preferred for weld inspection, and it utilizes 
shear waves introduced by angle transducers. The straight-beam method 
is used more for material inspection than weld inspection since the 
straight-beam waves enter the material normal to its surface. 

The reflection from a flaw is portrayed as a trace on an oscillo-
scope screen. Although the trace can seldom be directly identified with 
the nature of the defect, the reflection may give some indication of the 
size of the defect. To evaluate weld defects, the detection system is 
generally calibrated with a reference weld and a reference defect. The 
persistance of the trace with longitudinal and transverse motion of the 
probe then permits an estimation of the nature, orientation, and size of 
the defect. 

Under ideal conditions, the ultrasonic technique is sensitive to 
discontinuities of extremely small (approaching microscopic) dimensions. 
In practical applications, the sensitivity is limited by such things as 
weld and base plate surface irregularities, coarse or nonhomogeneous 
grains, etc. When defects very near the edge, end, or surface of a part 
are searched for, the usual ultrasonic methods are not extremely effect-
ive and special surface preparation may be necessary to insure proper 
introduction of the ultrasonic beam. It is extremely difficult, if not 
impossible, to effectively examine by ultrasonic methods coarse-grained 
materials such as austenitic stainless steel (as used in pump casings) 
or nickel alloy materials. 

The requirements for ultrasonic examination of welds by the pulse-
echo method are set forth in Subarticle IX-3400 in Appendix IX of Section 
III of the ASME Boiler and Pressure Vessel Code. As stipulated, welds 
must be examined by using the angle beam method where practical. When 
the geometry or base material condition does not allow angle beam exam-
ination from both sides of the weld from a single surface or a combina-
tion of surfaces, either a combination of angle beam and straight beam or 
straight beam in two directions at 90° to each other must be used. 
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8.3.3 Magnetic Particle Examination 

Magnetic particle examination methods are used to detect rounded 
discontinuities, cracks, and other linear discontinuities in welds, 
plates, forgings, tubular products, and castings. "Hie areas to be 
inspected are covered with finely divided magnetic particles which con-
centrate in Che vicinity of a discontinuity to form a pattern or indica-
tion on the surface that somewhat resembles the shape of the discontinu-
ity. The magnetic particles may be applied as either a dry powder or a 

wet slurry. The wet method is generally used on stationary equipment or 
smooth surfaces of production-type items. The dry powder is used quite 
successfully on moderately rough surfaces, such as partially completed 
or fully completed welds. 

The sensitivity of these methods is greatest for surface defects 
and diminishes rapidly with depth below the surface. Magnetic particle 
examination methods are applicable only to ferromagnetic materials. The 
requirements for magnetic particle examination are set forth in Subarti-
cle IX-3500 in Appendix IX of Section III of the ASME Boiler and Pressure 
Vessel Code. The rules are substantially in conformance with ASTM E138-
63, Method for Wet Magnetic Particle Inspection, and ASTM E109-63, Dry 
Powder Magnetic Particle Inspection. Reference to these standards may 
be made for additional details. 

8.3.4 Liquid Penetrant Examination 

Liquid penetrant examination methods provide for the detection of 
discontinuities open to the surface in ferrous and nonferrous materials 
which are nonporous. Typical discontinuities detectable by this method 
are cracks, seams, laps, cold shuts, and laminations- A liquid penetrant 
is applied to the surface to be examined and allowed to enter such open-
ings. The excess penetrant is removed, the part is dried, and a developer 
is applied. This developer is wetted or otherwise affected by the pene-
trant entrapped in the discontinuities, thereby increasing the evidence 
of discontinuities so that they may be seen either directly or by the 
use of "black light". 
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Either a color contrast or fluorescent penetrant method may be used. 
There are three types of penetrant for each method. These are (1) water 
washable, (2) post emulsifying, and (3) solvent removable. Fluorescent-
penetrant examination should not follow a color-contrast penetrant exam-
ination since intermixing of penetrant materials from different family 
groups is not permitted. 

Difficulties are sometimes encountered in determining the dimensions, 
particularly the depth, of a penetrant-detected discontinuity. Defects 
that have substantial depth may have to be further evaluated by using 
other nondestructive examination methods or by actually removing enough 
metal to eliminate the discontinuity. The liquid penetrant examination 
should be used with caution if there is a possibility that the penetrant 
materials cannot be satisfactorily removed by subsequent cleaning. 

The requirements for liquid penetrant examination are set forth in 
Subarticle IX-3600 in Appendix IX of Section III of the ASME Boiler and 
Pressure Vessel Code. These rules are substantially in conformance with 
ASTM Standard E165-65, Methods for Liquid Penetrant Inspection. Refer-
ence to this standard may be made for additional details. 

8.4 Post-Fabrication Tests and Inspections 

A descript ion of the test facilities should be submitted by the 
pump vendor to the purchaser for informational and approval purposes. 
The test instrumentation should be subject to approval by the purchaser. 
The water used in all tests should be demineralized water containing less 
than 1.0 ppm chlorides. The procedures for the hydrostatic test, seal 
mock-up tests, and all performance tests should be submitted by the pump 
vendor to the purchaser for informational and approval purposes. The 
tests required must demonstrate that the pump meets the functional and 
design requirements of the specification. Prior to shipment of the pump 
assembly, the vendor must certify that all tests and inspections required 
by the specification have been performed successfully. 

The prototype unit or the first pump assembly supplied in accordance 
with the specification for each specific design should be subjected to 
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the tests listed in Table 8.2. Engineering tests should be required 
after any change in design that affects the performance characteristics 
of the pump assembly. Each subsequent unit or pump assembly manufactured 
subsequent to the prototype unit should be subjected to the production 
tests listed in Table 8.2. Selective units or pump assemblies with test 
data variations beyond a norm predicted for manufacturing tolerances 
should be subject to such tests as required by the purchaser. 

Table 8.2. Functional and Design Compliance Tests 
for Reactor Coolant Pumps 
Tests and Prototype 

Examinations Unit 
Subsequent 
Units 

Hydrostatic X X 
Seal system, preliminary X 
Starting X 
Axial thrust X 
Radial bearings X 
Operational X X 
Performance X X 
Determination of minimum NPSH X 
Endurance X 
Cyclic X 
Loss of auxiliary services X 
Hot standby X X 
ML) tor X 
Pre-test examination X X 
Post-test examination X X 
Seal system, post-test inspection X X 
Wear examination X X 

A complete record of all tests performed should be maintained by the 
pump manufacturer or vendor and made available to the purchaser. The 
purchaser may desire to witness some of the key tests and inspections. 
The manufacturer should therefore notify the purchaser at least five days 
in advance of these tests arid inspections. The tests and inspections 
more likely to be witnessed by the purchaser include the 
1. hydrostatic test of the pump assembly components, 
2. magnetic particle and/or liquid penetrant inspection of welds 

(including cladding) after completion of the hydrostatic tests, 
3. performance testing of the pump assembly, 
4. inspection of pump during disassembly after performance testing, 
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5. inspection of pump assembly prior to shipment, 
6. assembly and disassembly of pump assembly in accordance with the 

technical manual, and 
7. testing of shaft seals. 

A careful visual examination and dimensional check should be per-
formed prior to the testing program and subsequent to completion of the 
tests on the 
1. bearings (radial and thrust), 
2. journals, 
3. impeller (run-out at vane tip), 
4. wearing surfaces for surface condition, 
5. seal assembly components, and 
6. surface finish (visual examination for compliance with manufacturing 

requirements). 

8.4.1 Seal System Tests 

Preliminary tests should be performed on a full-scale mock-up of the 
pump sealing system, and each seal should be examined after completion of 
all functional tests. 

(a) Preliminary Seal System Tests. A full-scale mock-up test of 
the seal system should be performed for the number of hours specified in 
the customer's specification prior to or during fabrication of the pump 
assemblies to establish the adequacy of the seals. The test procedure 
should include a hydrostatic test, tests at low pressures, tests simulat-
ing all anticipated plant transients, tests at full operating conditions, 
and tests simulating all of the emergency load conditions discussed in 
Subsection 2.3 of this document and including failure of the principal 
seal to insure that back-up provisions are adequate. The water chemistry 
should be identical to that of the reactor coolant and should include 
any neutron poisons present in the reactor coolant. 

(b) Post-Test Inspection of Seal Systems. After all of the func-
tional tests have been completed, each seal should be examined for exces-
sive wear. If any seal dimension or surface finish is outside the 
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tolerance required for long life, the seal should be rejected. The 
deficiency causing the excessive wear should be eliminated, a new seal 
should be installed, the pump assembly should again be subjected to the 
operational, performance, cyclic, and loss of auxiliary service tests, 
and the seal should be reexamined. 

8.4.2 Hydrostatic Testing 

Every reactor coolant pump must be tested hydrostatically in accord-
ance with Subarticle NB-6200 in Section III, Nuclear Power Plant Compo-
nents, of the ASME Boiler and Pressure Vessel Code. Completed pumps 
must be subjected to a hydrostatic test pressure that at every point in 
the pump is not less than 1.25 times the design pressure multiplied by 
the lowest ratio of the permissible stress-intensity value for the mate-
rials of which the pump is constructed at the test: temperature of its 
design stress-intensity value at the design temperature. The calculated 
primary membrane stress intensity should not exceed 90% of the tabulated 
yield strength at the test temperature. The primary membrane plus pri-
mary bending stress intensity should not exceed 135% of the tabulated 
yield strength at the test temperature. 

The hydrostatic test pressure must be maintained a minimum of 15 
minutes for each inch of minimum design wall thickness but for not less 
than 10 minutes. Following application of the hydrostatic test pressure 
for a minimum of 10 minutes, examination for leakage must be made. This 
examination must be made at a pressure equal to the greater of the design 
pressure or three-fourths of the test pressure. No leakage is permitted 
except for that of seals, seats, and gasketed joints permitted by the 
design specification. 

8.4.3 Functional and Performance Testing 

A test program should be conducted in accordance with the require-
ments set forth in the ASME Performance Test Code 8.3-1965, Centrifugal 
Pumps, with 1969 addendum or the Centrifugal Pump Section of the 
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Hydraulic Institute Standards. The tests required under this program are 
outlined here. 

(a) Starting Test. Ihe starting tests must be performed with the 
test loop at rated pressure and temperature. The test loop resistance 
must be set to give design-point flow. Fifty start-stop cycles are to 
be performed, and oscillograms of voltage, current, and speed should be 
taken during starting, running, and coast-down for the first cycle and 
each succeeding tenth cycle. 

(b) Axial Thrust Test. The thrust bearing load characteristics 
should be determined for the flow and speed ranges discussed in Section 4 
of this document. 

(c) Radial Bearing Load Tests. The load characteristics of the 
radial bearings should be determined for the flow and speed ranges dis-
cussed in Section 4 of this document. 

(d) Operational Test. In addition to the other required tests, the 
pump assembly should be operated at design flow, pressure, and tempera-
ture for the number of hours of continuous uninterrupted operation stip-
ulated in the customer's specification. Pump rotation should be checked 
for proper direction. The data recorded at 2-hour intervals should 
include 
1. time; 
2. power supply (voltage, frequency, line amperes, input power); 
3. pump suction and discharge pressure (total dynamic head); 
4. test loop water temperature and flow; 
5. component cooling water conditions (flow, inlet and outlet tempera-

tures); 
6. injection water conditions (flow, inlet and outlet terrperatures); 
7. seal leakage rates; 
8. stator winding temperature; 
9. shaft speed; 
10. amplitude (maximum peak to peak), frequency, and direction of pump 

assembly vibrations (along the axis of the shaft and at two points 
90° apart perpendicular to the axis of the shaft); 
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11. lubrication oil pressure, temperature, and flow; and 
12. bearing temperature. 

(e) Performance Test. The performance test, which may be run con-
currently with the operational test, should adequately demonstrate the 
ability of the pump assembly to meet the functional requirements of the 
specification. Sufficient data should be taken during the test to permit 
graphical presentation from zero flow to the percentage of design flow 
specified in the customer's specification. The data taken and recorded 
should include 
1. heat-capacity data, 
2. hydraulic horsepower versus flow, 
3. net positive suction head (prototype unit only) versus flow, 
4. line amperes versus flow, 
5. input power versus flow, 
6. power factor versus flow, and 
7. stator phase currents. 

(f) Determination of NPSH Requirements. The minimum net positive 
suction head (NPSH) of the pump assembly should be determined in accord-
ance with the requirements of the ASME Performance Test Code 8.2-1965, 
Centrifugal Pumps, with 1969 addendum or the Centrifugal Pump Section of 
the Hydraulic Institute Standards. 

(g) Endurance Test. The pump assembly should be operated at the 
design flow rating, pumping fluid with a specific gravity of 1.0, for the 
number of hours stipulated in the customer's specification. 

(h) Cyclic Test. The cyclic test is supposed to simulate the serv-
ice cycle of the pump assembly with respect to thermal transients and 
loop pressurizations. The test should be performed for the number of sim-
ulated service cycles stipulated in the customer's specification. The 
phases to be included in a simulated cycle are a cold sstart, heat-up pres-
surization, design condition operation, and cool-down depressurization. 

For the cold start, the temperature of the test fluid should be at 
a minimum value stipulated in the specification and the loop pressure 
should be at the minimum value required for pump operation when the pump 
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is energized. The pump should be operated for the interval stipulated 
in the specification and then de-energized. 

The heat-up pressurization phase of the test should be begun after 
the pump assembly has been energized under the cold-start conditions. 
The pressure and temperature should be increased in the increments and 
at the rates stipulated in the customer's specification until the loop 
reaches stability at the design pressure and temperature. 

The pump assembly should be operated at design conditions for a 
short time, as stipulated in the customer's specification. During the 
cool-down depressurization phase of a cycle, the pump assembly should be 
operated while the loop is cooled and depressurized in the increments 
and at the rates stipulated in the customer's specification until the 
cold-start conditions are reached. 

(i) Loss of Auxiliary Services. During the test to simulate the 
loss of auxiliary services, the following steps should be performed when 
the pump assembly is operating at design conditions. 

1. Shut off the component cooling water supply to the pump assem-
bly but continue (uninterrupted) the supply of injection water. Continue 
operating the pump assembly in this manner for the number of hours stip-
ulated in the customer's specification. 

2. After normal operating conditions have been restored, shut off 
the injection water supply to the pump assembly but continue (uninter-
rupted) the supply of component cooling water. Continue operating the 
pump assembly in this manner for the number of hours stipulated in the 
customer's specification. 

(j) Hot Standby Tost. The pump assembly should remain idle with 
the pumped test fluid at design pressure and temperature for the interval 
stipulated in the customer's specification. Injection water and compo-
nent cooling water should be provided but the temperature, pressure, and 
flow of the injection water should be varied in accordance with the ven-
dor's test specification to evaluate the static capabilities of the seal 
system. 
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8.4.4 Motor Tests 

The pump motor should be tested iri accordance vlth the National 
Electrical Manufacturers Association (NEMA) Standards. Specific informa-
tion should be included in the test report for the prototype unit, and 
this information should be taken from directly measured data or calcula-
tions based or. test results. The data should be obtained from the motor 
manufacturer if he conducts the tests. The information for the prototype 
unit should include 
1. motor performance curve showing speed, line amperes, input watts, 

power factor, and efficiency as a function of horsepower at the rated 
voltage, 10% over voltage, and 10% under voltage for each speed selec-
tion or range, as applicable; 

2. stator I2R loss at rated output; 
3. rotor I 2R loss at rated output; 
4. friction, windage, and core loss at rated output; 
5. stray load loss at rated output; and 
6. miscellaneous losses at rated output. 

8.4.5 Evaluation of Wear Grooving 

Grooves that occur in rotor shafts, impellers, wear rings, and seal 
rings through normal test operation of the pump assembly should be eval-
uated. Working surfaces should be considered acceptable, if there is no 
indication of abnormal operation or misalignment and if the depth of any 
groove does not exceed 
1. 0.001 in. per inch of diameter on diameters up to and including 10 in. 

or 
2. a maximum of 0.01 in. on diameters over 10 in. 
Groove depths in excess of the acceptance standard must have surface fin-
ishing operations. The conditions causing excessive wear must be elimi-
nated and the unit should then be retested. 
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8*5 Documentation Requirements 

The following records, procedures, specifications, calculations, 
and drawings must be prepared by the pump vendor and submitted to the 
purchaser where applicable. 

8.5.1 Information Submitted With Quotation 

The manufacturer should be required to submit a description of his 
quality assurance program with his quotation as well as a preliminary 
outline drawing of the pump assembly that includes the 
1. overall dimensions, 
2. size and location of pump assembly supports, 
3. clearances required to remove the main components of the pump 

assembly, 
4. weight and center of gravity of each major component and the total 

weight and center of gravity of the pump assembly in both the empty 
and flooded conditions, 

5. amount of reactor coolant contained in the pump assembly, and 
6. identification, location, and size of all electrical and pipe 

connections. 
A list of all of the materials used in the pump assembly should also be 
submitted, and the material of construction of each part in the assembly 
should be identified. 

Graphs of predicted performance data for cold loop start-up condi-
tions and normal operating conditions should be submitted. The data 
plotted as a function of percent load should include (1) percent slip, 
(2) line amperes, (3) kW input, (4) power factor, and (5) motor efficiency 
(per NEMA Standards). The data plotted as a function of capacity (gpm) 
should include (1) input power, (2) line amperes, (3) power factor, (4) 
hydraulic horsepower, (5) total head, (6) minimum required pressure at 
the pump nozzle, (7) hydraulic efficiency, and (8) overall efficiency. 
In addition, plots of load versus thrust and torque versus speed should 
be submitted. 
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Data oil the predicted motor drive characteristics should be 
submitted, and these data should include the (1) locked rotor current, 
(2) synchronous speed, (3) rated horsepower of the motor and horsepower 
at design conditions, and (4) a description of the motor drive heat 
removal system. 

Data on the pump resistance to the fluid flow factor (K) should be 
submitted for (1) forward flow with the motor drive de-energized and 
(2) reverse flow with the motor drive de-energized, where the fluid flow 
factor 

where 
g = 32 ft/sec2, 

= pressure drop in feet of fluid pumped, and 
V = fluid velocity in the suction nozzle at the pipe connection, 

ft/sec. 
The heat load removed, inlet pressure and temperature, outlet pres-

sure and temperature, and the total amount of water required for the com-
ponent cooling water system and the injection water system should be sub-
mitted by the pump manufacturer to the purchaser. The type and amount of 
oil required fov lubricating and cooling the thrust and radial bearings 
should also be provided by the manufacturer. 

The manufacturer should be required to submit a description of his 
test loop facilities, a test specification covering the electrical, 
mechanical, and hydraulic testing of the pump assembly, and a test speci-
fication covering the testing of shaft seals and provision of the required 
seal assembly data. 

8.5.2 Information Submitted After Placement of Order 

After the order has been placed, the manufacturer should be required 
to submit a schedule indicating the engineering period, material procure-
ment time, major fabrication period, and the test periods. The manufac-
turer should also submit process specifications for (1) all nondestructive 
test procedures and standards, (2) all welding and repair welding 
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procedures, (3) all heat treating procedures, (4) all plating procedures 
(where required), and (5) cleaning procedures. 

A complete set of material ordering drawings should be submitted by 
the manufacturer prior to procurement of material. The results of all 
destructive and nondestructive material tests performed should be submit-
ted immediately after each test. A complete set of detailed drawings 
showing the required tolerances should be submitted prior to fabrication. 
The manufacturer should submit a monthly report indicating the actual 
progress in engineering, material procurement, fabrication, etc., that 
has been achieved during the record period. 

The vendor's or manufacturer's recommended temperature for the hydro-
static test should be submitted prior to the hydrostatic test. The manu-
facturer should submit information to show that this recommended temper-
ature is high enough to keep brittle fracture of the pump from becoming 
a problem. 

8.5.3 Information Submitted Prior to Final Acceptance 
• 

Prior to final acceptance of the pump assembly by the customer, the 
manufacturer must submit certified chemical and physical analyses of all 
materials used in the pressure-retaining areas, mill test data sheets, 
and results of nondestructive examinations of all pressure-retaining 
parts. A stress analysis report must be submitted in accordance with the 
rules of Subarticle NB-3214 of Section III, Nuclear Power Plant Compo-
nents, of the ASME Boiler and Pressure Vessel Code. 

The manufacturer's certification that all applicable test and inspec-
tion requirements have been met and that the pump assembly is satisfac-
tory for the intended purpose must be submitted along with the certified 
results of all manufacturing inspections, examinations, and tests. The 
manufacturer should submit a list of recommended spare parts, including 
an itemized price list. The manufacturer should also describe his pro-
cedures for packaging and shipping in accordance with any instructions or 
standards stipulated in the customer's specification. 
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8.5.4 Information Submitted Subsequent to Acceptance 

The manufacturer should provide the number of technical manuals 
stipulated in the customer's specification. Each technical manual should 
iuclude a description of the pump assembly, a summary of performance 
characteristics, instructions defining the required operating procedures, 
and instructions explaining the installation and maintenance of the pump 
assembly. These instructions should include complete and specific 
details relative to the assembly and disassembly of the pump, hydraulics, 
motor, component heat exchangers, se«l system, and other components of 
the pump assembly. Preventive maintenance recommendations should also 
be included. 

8.5.5 Information Maintained by Vendor 

Certain records are to be maintained by the vendor or pump manufac-
turer, and they must be made available to the purchaser or customer on 
request. In addition, these records must be kept by the manufacturer for 
at least 5 years after delivery of the pump to the customer. These 
records include 
1. certified records of welding procedures and welder qualifications 

(ASME Code Forms Q-l, Q-1G, and/or Q-1F or equivalent); 
2. identification of welders employed for each pressure boundary weld 

joint; 
3. a complete and up-to-da'je record of all inspections and tests per-

formed, the results of these tests, a record of any repairs made, and 
the results of re-inspections; 

4. a complete set of radiographs showing the job number, pump casing 
serial number, weld seam identification, and manufacturer's name or 
symbol; and 

5. the time-temperature recording of all post-weld heat treatments. 
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8.6 Cleaning, Packaging, Identification 
and Shipping Requirements 

Following final inspection, the pump assembly should be cleaned and 
prepared for shipment in accordance with the instructions and standards 
stipulated in the customer's specification. Identification and informa-
tion plates should be furnished for each pump assembly. These plates 
should include 
1. the manufacturer's name, the unit serial number, and the drawing 

number; 
2. title of the unit; 
3. NEMA Standard nameplate data; 
4. power input at design point and at rated conditions; 
5. flow, inlet temperature, and pressure of component cooling water and 

injection water; 
6. pump design characteristics (specific speed, total head, minimum 

pump suction pressure, capacity, temperature, and pressure); 
7. rotation (mechanical rotation with an arrow and phase rotation by 

stator connection); and 
8. purchaser's contract number. 

"CAUTION" plates which identify the operating procedures that must 
be strictly observed to avoid damaging the pump assembly should be perma-
nently attached to the unit. "WARNING" plates which identify operating 
procedures that can result in personal injury should also be permanently 
attached to the unit* 

Upon completion of final inspection, the pump assembly should be 
crated or skid-mounted in a manner that will assure delivery to the plant 
site in a clean and undamaged condition. The motor drive, pump impeller, 
and pump casing should be packaged, packed, and marked in an appropriate 
manner. The casing and the nozzle weld end preparations must be protected 
with waterproof materials. Particular care should be exercised to insure 
that the casing nozzle weld preparations will not be damaged in handling 
and during transit. All openings in the pressure boundary should be cov-
ered suitably to prevent entry of moisture, dirt, and other foreign mate-
rials. Dessicants should be used where necessary and where allowed to 
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minimize corrosion of internal parts. Repair parts and special tools 
should be packaged individually. 

8.7 Quality Assurance Checklist 

The examinations, tests, and certifications applicable to centrifu-
gal pumps in water-cooled reactor plants are listed here as a guide for 
inspection or quality control that may be followed in monitoring the 
quality control and testing effort of the manufacturer. The key inspec-
tions and examinations that should be made during the design, fabrica-
tion, inspection, and testing of pumps include witnessing of manufactur-
ing inspections, performance of certain additional examinations, and 
verification of material, fabrication, inspection, and test records and 
certifications. Records of all inspections should include the date, 
results of inspections, and the inspector's signature; and these records 
should be identified by the serial number of the individual pump. The 
list presented here should not be considered all inclusive since other 
inspections and examinations may be appropriate for specific cases* 
A. Materials 

1. Material type and condition in accordance with design drawings 
and specifications. 

2. Certified mill test reports available for all pressure-retaining 
parts. 

3. Reported chemical analyses in accordance with applicable 
specification. 

4. Mechanical property tests conducted in accordance with applicable 
requirements. 

5- Reported mechanical properties in accordance with applicable 
ASME or ASTM specification. 

6. Identification markings on all materials for pressure-retaining 
parts 
a. as-received 
b. in process. 

7. Required base material nondestructive examinations performed and 
acceptable. 

8. Certified results of nondestructive tests available. 
B. Fabrication 

1. Welding 
a. Welding procedures approved by procuring agency. 
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b. Certified welding procedure qualification record (ASME forms 
Q-l plus impact tests for ferritic steels) 
(1) on file 
(2) acceptable 

c. Certified welder performance qualifications (ASME forms Q-1G 
and Q-1F) 
(1) on file 
(2) acceptable 
(3) current 

d. Records of the specific welders employed to make each pres-
sure retaining joint available. 

e. Welding conducted in accordance with procedures 
(1) proper electrodes 
(2) welding conditions (cleanliness, weather, etc.) 
(3) electrode conditioning requirements 
(4) preheat and interpass temperature requirements 
(5) voltage and amperage ranges controlled 

f. Weld appearance acceptable (free of laps, fissures, undercuts 
etc.) 

g. Weld reinforcements within code limits. 
h. Welding material (electrode and flux) qualification tests 

performed by using same lots, heats, or batches of welding 
•Qaterials used in the fabrication of the pump. 

Repair Welding 
a. Repair welds of base materials made by material supplier 

identified and examined. 
b. Defective welds repaired, re-examined, and results recorded. 
Material Controls 
a. Material identification being maintained for all pressure-

retaining parts during all phases of fabrication. 
b. Material identification traceable to certified mill Lest 

reports. 
c. In-process material test rcupons or samples (when obtained) 

identified. 
Nondestructive Testing 
a. Radiography of all full-p?netration welds containing reactor 

coolant. 
b. Radiography and ultrason..^ examination of electroslag welds. 
c. Ultrasonic examination of special nozzle and flange welds. 
d. Magnetic particle and/or liquid penetrant inspection of 

(1) welds; between pressure boundary and attachments, 
(2) areas on pressure-retaining parts from which temporary 

attachment welds are removed, 
(3) cut edges of plates and forgings and final machined 

surfaces, 
(4) weld-deposited cladding, if used, 
(5) unclad ferritic surfaces and weld surfaces to be clad, 

and 
(6) ferritic surfaces subjected to accelerated cooling dur-

ing fabrication. 
e. Other areas identified in pump supplier's quality control pro 

cedures and/or shop routing sheets. 
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5. Postweld Heat Treatment 
a. Postweld heat treatment performed where required. 
b. Heat treatment procedure adequate. 
c. Time-temperature recording of all heat treatment maintained. 

6. Visual and Dimensional Inspections 
a. Critical dimensions identified, measured, and recorded. 
b. Freedom from arc strikes, gouges, deep die stamping, and 

undercutting. 
c. Spot examinations of critical surfaces made by using liquid 

penetrant method. 
d. Cleanliness and cleaning procedures in accordance with spec-

ification and/or vendor's approved cleaning standards. 
C. Post-Fabrication Inspections and Tests 

1. Visual and Dimensional Inspection of Completed Pump Assembly 
a. Critical overall dimensions. 
b. Location of support attachments and nozzles. 
c. Weld preparations. 
d. Wo rkmanship. 
e. Surface finishes. 
f. Cleanliness. 

2. Hydrostatic Test 
a. Proper test pressure. 
b. Safe test temperature. 
c. Calibration of pressure gages. 
d. Results of test recorded, certified, and acceptable. 

3. Post-Hydrostatic Test Nondestructive Examination 
a. Visual examination. 
b. Liquid penetrant or magnetic particle examination of all 

pressure-retaining welds. 
4. Pump Performance Tests 

a. Pump testing procedures approved. 
b. Test facilities checked out, instrumentation calibrated, and 

proper water chemistry used. 
c. Test results recorded, certified, and acceptable for proto-

type unit and production units. 

8.8 In-Service Inspection 

The periodic nondestructive testing requirements for the various 
components of reactor coolant pumps are detailed in Section XI, Rules for 
Inservice Inspection of Nuclear Reactor Coolant Systems, of the ASME 
Boiler and Pressure Vessel Code. The inspections required by Section XI 
consist of visual and nondestructive examinations of those components 
within the boundaries defined in Subarticle IS-120 that under foreseeable 
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malfunctions or interactions could potentially impair the safe continued 
operation of the nuclear power system. The requirements for these peri-
odic examinations are summarized in Table 8.3. 

Table 8-3. In-Service Inspection Requirements for Reactor Coolant Pumps 

Pump Part Examined 
Type of Examination 
Visual Volumetric 

Casing welds: examination shall include 100% of 
the pressure-retaining welds in at least one 
pump in each group of pumps performing similar 
functions in the system 

X X 

Casings: internal surfaces of one disassembled 
pump in each of the group of pumps performing 
similar functions in the system shall be vis-
ually examined 

X 

Nozzle-to-safe-end welds: examination shall 
cover 100% of the circumference of the safe-
end welds 

V /V. X 

Pressure-retaining bolting: examination of bolt-
ing 2 in. in diameter or larger shall cumula-
tively cover the entire number of bolts, studs, 
and nuts 

X X 

Pressure-retaining bolting: examination of bolt-
ing less than 2 in. in diameter shall cumula-
tively cover the entire number of bolts, studs, 
and nuts 

X 

Integrally welded supports: examination shall 
cumulatively cover 25% of the total number of 
integrally welded supports within the system 
boundary 

X X 

Supports and hangeis: examination shall cumula-
tively cover all support members and structures 

X 

Refers to either ultrasonic or radiographic examination, 

The required inspections are intended to be performed generally dur-
ing a reactor refueling outage or other plant shutdown periods. These 
examinations and inspections are to be completed during each 10-year 
interval after the reactor facility has been placed in commercial service. 
These 10-year inspection intervals should not be exceeded by more than 
one year to make them concurrent with plant outages. Further details of 
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inspection interval requirements are given in Subarticle IS-240 of 
Section XI of the ASME Boiler and Pressure Vessel Code- All of the 
examinations listed in Table 8.3 must also be performed as a pre-opera-
tional examination requirement prior to initial start-up of the plant, 
and the coverage of these examinations must be extended in all cases to 
include essentially 100% of the pressure-retaining welds to meet this 
requirement. 

The organization responsible for operation of the nuclear power 
plant must assure that provisions in the design and arrangement of the 
reactor coolant system will permit access for in-service inspection of 
the 
1. pressure-retaining welds in pump casings or other pressure-retaining 

components, 
2. pressure-retaining bolting and flange bolting ligaments in pumps, and 
3. pump supports and hangers. 

When examinations reveal indications of structural defects, these 
defects must be repaired and examined in accordance with the provisions 
of Section III of the ASME Boiler and Pressure Vessel Code relative to 
material and weld repair. After completion of such repairs, a hydro-
static test must be performed on the repaired component or components in 
accordance with Article IS-500 of Section XI of the ASME Boiler and Pres-
sure Vessel Code. In the case of minor repairs, the hydrostatic test may 
be waived if analyses and evaluations performed justify that the struc-
tural integrity of the repaired component is not impaired. All weld 
repairs must be perforn^d by welders, welding operators, and welding pro-
cedures that have been qualified in accordance with the rules of Section 
IX, Welding Qualifications, of the ASME Boiler and Pressure Vessel Code 
and any special requirements of Section III of the ASME Boiler and Pres-
sure Vessel Code. 
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9. MAINTENANCE 

The maintenance considerations that should be examined during 
evaluation of pump designs submitted by prospective pump vendors are dis-
cussed here. Each prospective pump vendor should be required to provide 
the customer with a complete description of the procedures, equipment, 
and tools required to perform all necessary inspection and maintenance 
operations. These procedures should be studied carefully and compared 
to determine their adequacy and relative merit. 

9.1 Requirements 

Several requirements relative to the basic design of reactor coolant 
pump assemblies and components that facilitate rapid and easy replacement 
or repair of these units in the nuclear power plant are discussed briefly. 
Basic to these requirements is the accessibility of the pump assembly for 
inspection and maintenance. All parts that may require servicing, repair, 
replacement, or inspection should be readily accessible without the need 
for cutting strength members or strength welds. The design of the assem-
bly should accommodate easy replacement of bolts, studs, nuts, and 
machine screws. Each pump design should be evaluated for accessibility 
of pressure-retaining parts. Prospective pump vendors should state which 
parts and surfaces of the pump are not accessible for inspection as assem-
bled and installed and after disassembly or nor- '' removable parts. 
Each prospective pump vendor should describe how u.h part or surface 
that is accessible for inspection can be reached, and he should provide 
recommended methods for periodic inspection?! 

The pump motor should be designed to be < <1 1 • i i. 
pump assembly for maintenance, repair, and r e p l ; < r r > i . i m , i>, 

pump casing should be designed to accommodaLe -i • I \>> .mil -.« utn.il 
hydraulics of other like units of the same don'T < . I I . - I ilip. m ol 
the motor and pump shafts is extremely important- i< 1 proppr operation of 
the seal assembly and the radial bearing in the pump. The shafi 
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alignment procedures described by each prospective pump vendor should 
therefore be reviewed carefully for adequacy and relative complexity. 

The pump assembly should be designed with a static shaft seal to 
permit replacement of the seal assembly, motor, and other external parts 
without having to drain the loop. The seal assemblies should be designed 
for easy replacement. One method of achieving this is to incorporate a 
spacer coupling between the pump and motor. If the motor must be removed 
to permit seal replacement, the pump vendor should provide sufficient 
information to indicate that this can be done practically in a reasonable 
length of time under field conditions. 

The pump assembly should have provisions for venting and draining. 
The venting system should be located so that gases cannot become trapped 
anywhere in the pump assembly. The draining provisions should be designed 
to allow complete draining through the pump nozzles. There should be no 
special requirements other than for venting for extended lay-up of the 
pump. Each prospective pump vendor should be required to describe any 
special procedures, including those for venting, required for lay-up con-
ditions. If none are required, the prospective vendor should make a 
statement to that effect. 

9.2 Component Replacement Procedures 

Any pump part not designed for the entire life of the pump (seals, 
bearings, gaskets, etc.) should be backed with spare parts readily avail-
able to the pump user from either the vendor's or the user's stock of 
spare parts. The pump vendor should supply the user with a list of rec-
ommended spare parts, including an itemized price list. 

The procedures, described by the pump vendor, required to replace 
seal assemblies, impeller wear rings, and motors of reactor coolant pumps 
after installation in a nuclear power plant should be given careful con-
sideration. An important factor to consider is whether the seals can be 
replaced quickly and easily. One method of facilitating seal replacement 
is to place the seals in a special assembly which can be removed and 
replaced without removing the motor or motor stand. This is done by 
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putting a removable spacer coupling between the motor and pump that 
allows enough room for removal of the seal assembly. The length of time 
that each prospective vendor states is required for replacement of the 
pump seal assembly should be evaluated in terms of the complexity of the 
seal removal and installation procedure. This consideration is also 
applicable to the procedure required for the removal and installation of 
the pump motor. 

It may be necessary to replace the impeller wear rings from time to 
time. It is therefore important that each prospective pump vendor pro-
vide adequate access to the impeller wear rings and that he provide a 
straightforward procedure for removal of all of the components, including 
the main flange, required to obtain access to the wear ring. 

Considerations basic to the evaluation of procedures described by 
prospective pump vendors are outlined as follows. 

1. Any special tools that are required should be provided by the 
pump vendor. He should be required to demonstrate the adequacy and prac-
ticality of these tools by actual demonstration or reference to field 
experience or both. 

2. If any portable or stationary cranes or hoists are required to 
move or lift any of the pump components, such as the spacer coupling, 
motoT, or seal assembly, the effect of these hoists or cranes on the 
design for the pump and the plant should be evaluated. 

3. The alignment procedures that may be required after a pump motor, 
seal assembly, or impeller wear ring has been replaced should be reviewed 
to determine their complexity. Generally speaking, alignment should not 
be a problem if the pump assembly has been designed properly. 

4. The amount of space required for pump disassembly should be 
evaluated with respect to the equipment and number of men required to 
perform the operation. 
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A p p e n d i x A 

DESIGN CURVES FOR FOUR-SECTOR 
AXIALLY GROOVED JOURNAL BEARINGS 

Design charts of fluid film bearing characteristics as a function 
of the Soiranerfeld number are presented herein for four-sector axially 
grooved journal bearings. Analysis procedures for both cavitating and 
non-cavitating conditions in axially grooved journal bearings are dis-
cussed in Subsection 4.4, and both of these conditions are represented 
in the design charts presented here. 
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Fig. A.2. Eccentricity Characteristics (e) as a Function of the Sommerfeld Number (S) for Non-
Cavitating Four-Sector Axially Grooved Journal Bearings. 
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Fig. A.3. Coefficient of Friction Variable, f(R/C), as a Function of the Som-
merfeld Number (S) for Non-Cavitating Four-Sector Axially Grooved Journal Bearings. 
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Fig. A.4 . Lubricant Flow Variable (Q^/TTRCNL) as a Function of the Sommerfeld Number (S) for Non-
Cavitating Four-Sector Axially Grooved Journal Bearings. 
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Fig. A.5. Side Leakage Flow Variable (Q S / 7 T R C N L) as a Function of the Sommerfeld Number (S) for 
Non-Cavitating Four-Sector Axially Grooved Journal Bearings. 
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Fig. A.6. Eccentricity Characteristics (e) as a Function of the Sommerfeld Number (S) for 
Cavitating Four-Sector Axially Grooved Journal Bearings. 
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Sommerfeld Number (S) for Cavitating Four-Sector Axially Grooved Journal Bearings-
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Fig. A.8. Coefficient of Friction Variable, f(R/C), as a Function of the Som-
merfeld Number (S) for Cavitating Four-Sector Axially Grooved Journal Bearings. 
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Appendix B 

DESIGN CURVES FOR FIVE-PAD 
PIVOTED PAD JOURNAL BEARINGS 

Design charts u.sed to determine the dimensionless load and friction 
characteristics for five-pad pivoted pad journal bearings are presented 
here. These curves cover bearings with length-to-diameter ratios of 
0.5, 0.7, and 1.0 and assembled-clearance-to-ground-clearance ratios of 
0.6, 0.8, and 1.0. The procedures relative to the use of these charts 
arc; discussed in Subsection 4.5.1. 
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Fig. B.l. Bearing Eccentricity Ratio (e1) for Load On and Between 
Pivots as a Function of the Reciprocal of the Sommerfeld Number (l/S) for 
Five-Pad Pivoted Pad Journal Bearing With L/D = 0.5. 
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Fig. B.2. Dimensionless Friction 
Between Pivots as a Function of the Re 
(1/S) for Five-Pad Pivoted Pad Journal 

Torque Factor (T) for Load On and 
iprocal of the Sornmerfeld Number 
Bearing With L/D =0.5. 
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Fig. B.3. Bearing Eccentricity Ratio (e1) for Load On and Between 
Pivots as a Function of the Reciprocal of the Sommerfeld Number (1/S) for 
Five-Pad Pivoted Pad Journal Bearing With L/D = 0.7. 
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Fig. B.4. Dimensionless Friction Torque Factor (T) for Load On and 
Between Pivots as a Function of the Reciprocal of the Sommerfeld Number 
(1/S) for Five-Pad Pivoted Pad Journal Bearing With L/D =0.7. 
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(l/S) for Five-Pad Pivoted Pad Journal Bearing With L/D = 1.0. 
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Appendix C 

NOMENCLATURE 

proportionality constant relating Reynolds number and load 
capacity for turbulent and laminar flows 

annular flow area, in. 2 

hydraulic closing area of face seal, in. 

interface area of face seal, in. 2 

total projected area of thrust bearing pad or of seal for 
piston-groove applications, in. 2 

projected area of recess in bearing pad or projected area of 
seal for rod-groove applications, in. 2 

t 

area of impeller discharge, in. 2 

differential throat area, in. 2 

load coefficient for hydrostatic bearing pad, dimensionless 

length of thrust bearing pivoted pad in direction of motion, in 
impeller width (distance between shrouds at impeller discharge) 
in. 

width of volute or diffuser (distance between casing walls at 
impeller discharge), in. 

best efficiency point 

impeller width ratio 

radial clearance of bearing, in. 

machined or "ground" clearance (radius of shoe minus radius of 
shaft) of pivoted-pad journal bearing, in. 

assembled pivot circle clearance (measured at the pivot) of a 
pivoted-pad journal bearing, in. 

specific heat, Btu/lb.°F 

magnitude of inlet absolute velocity vector 

magnitude of discharge absolute velocity vector 

average inlet velocity through a volute or diffuser 

meridional component of inlet velocity 

meridional component of discharge velocity 

tangential component of inlet velocity 

tangential component of discharge velocity 
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D = diameter of journal, in. 
D = any specified impeller length parameter (inlet or discharge 

diameter) 
Di2 = i m P e H e r discharge diameter at bottom shroud or at the ith 

(i = 1, 2, 3) streamline, in. 
DQ = diameter of impeller eye at inlet (shroud), in. 
D̂ ^ = average impeller inlet diameter, in. 
D^ = outside diameter of impeller, in. 

D Q 2 = diameter of impeller discharge at top shroud, in. 
D m = mean diameter of impeller discharge, in. 
®m2 = diameter of impeller discharge where flow is equally divided, in. 
D = diameter of base circle of volute or diffuser, in. 3 
Dg = diameter of seal, in. 
E = hydraulic efficiency 
e = journal displacement of eccentricity, in. 
e = eccentricity with respect to pad ground clearance of pivoted 

pad journal bearing, in. 
e' = eccentricity with respect to assembled clearance of pivoted 

pad journal bearing, in. 
F = friction force on bearing or seal, lb 

F Q = hydraulic closing force on seal, lb 
F r = hydraulic force developed at interface of seal, lb 
Fg = secondary seal friction force, lb 

FSp = spring force, lb 
f = scaling ratio 
f = coefficient of friction 
f = frequency of power supply, cps 
f = compression factor (secondary seal friction), lb/in. 
f^ = pressure factor (secondary seal friction), lb/in.2 

g = acceleration due to gravity 
H = total dynamic head, ft 
H = power consumed in friction, hp 

H 0 = absolute fluid pressure, ft 
CL 

H M A X = maximum head, ft 
Hq = shutoff head, ft 
HG = suction head or shutoff head, ft 
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Ht = theoretical head, ft 
Htoo = Euler's head, ft 
Ey. = vapor pressure head, ft 
h = film thickness, in. 

h1 = dimensionless film thickness = h/C 
h^ = inlet film thickness in thrust bearing, in. 
h^ = leading edge film thickness, in. 
h = minimum film thickness, in. n ' 
hQ = outlet or minimum film thickness in thrust bearing, in. 
hp = pivot film thickness, in. 
h = static head (in loop above pump impeller datum line), ft b 
h t = trailing edge film thickness, in. 
h v = vapor pressure at prevailing water temperature, ft 
h = head loss in suction pipe anc. impeller, ft 

= running current 
Ijĵ  = locked rotor current 
*NL = current 

= line current, amperes 
J = mechanical equivalent of heat = 9336 in.-lb/Btu 
J = joule constant = 778 ft-lb/Btu 
K = curvature index for seals 
K = radial thrust factor 
K = performance number for pivoted pad thrust bearings, dimensionless 

K = volute velocity constant 
3 J 

K = inlet capacity constant 
K ^ = discharge capacity constant 
K U 2 = dimensionless speed constant = U2/(2gH)1^2 

k = proportion of circumference of thrust bearing occupied by pads 
k = coefficient of thermal conductivity, Btu/ft•°F.sec 
L = axial length of journal bearing, in. 
L = length of thrust bearing pivoted pad perpendicular to direction 

of motion, in. 
L = length of seal = R 0 - R^, in. 

Lp = length of secondary seal rubbing surface for piston-groove 
application, in. 
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L r = length of secondary seal rubbing surface for rod-groove 
application, in. 

M = rotor mass per bearing, lb-sec2/in. 
M = viscous friction moment about shaft axis, in.-lb 
m = slope of surface of pivoted pad in thrust bearing, in./in. 
N = rotational speed, rpm or rps 
N = speed of runner in thrust bearing, rpm or rps 

N = operating specific speed, dimensionless s 
NPSH = net positive suction head, ft 

n = number of pads 
n = exponent of Reynolds number 

n^ = speed of motor, rpm 
ng ~ synchronous speed of motor, rpm 
0 = center of shaft journal 

0f = center of bearing or pad 
P = power, radial force, lb 
P = load per unit projected bearing area, psi 

P t = total input power to motor, watts 
P = prerotation number 
p = fluid pressure or film pressure, psig 
p = number of energized stator poles 

p a v = average face pressure, psi 
p 0 = ambient pressure, psig 
P r = bearing recess pressure, psi 
p = bearing supply pressure or sealed pressure, psig 
P v = fluid vapor pressure at some specified temperature, psi 
Q = flow rate, gpm or ft3/sec 
Q = flow of lubricant drawn into clearance space by journal, in.3/sec 
Q = impeller flow, including leakage, through wearing rings, gpm 

Q. = flow of lubricant drawn into bearing clearance by journal, 3 / m . /sec 
Q n = design flow in radial thrust formulation, gpm 
Qq = orifice flow in orifice-compensated seals 
Q = flow of lubricant out both sides of bearing, in.3/sec s 
Q = first flow or outside-land flow coefficient for orifice-

compensated seals, dimensionless 
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Q = second flow or inside-land flow coefficient for orifice-
2 compensated seals, dimensionless 
q^ = flow coefficient for hydrostatic bearing pad 
R = journal radius, in. 

R' = radius of curvature for seals, in. 
R = prerotation = P /C l 1 1 
Re = Reynolds number 

RjL = inside radius of seal, in. 
R = mean seal radius = (R_ + R-)/2, in. m o I ' 
R Q = outside radius of seal, in. 
R g = radius of secondary seal, in. 

R + C = bearing pad radius, in. 
R + C1 = bearing pivot circle radius, in. 

r = radius, in. 
r = average radius of pads in thrust bearing = (r^ + r 0)/2, in, 

r = radius of impeller inlet, in. 
r^ = radius of impeller discharge., in. "**" 
r^ = inside radius of pads in thrust bearing, in. 
r Q = outside radius of pads in thrust bearing, in. 
S = bearing characteristic or Sommerfeld number, dimensionless 
S = stiffness of fluid film in orifice-compensated seals 
S = motor slip 

S g = suction specific speed 
s = thickness of impeller vane, in. 

s^ = tangential thickness of impeller vane, in. 
T = torque 
T = friction torque variable for pivoted pad journal bearings 
T = tilt of floating seal face in orifice-compensated seals 

T , T £ = temperature, °F 
TV = average film temperature, °F 

a 

TDH = total dynamic head, ft 
AT = temperature rise = - T , °F 
T = inlet temperature, °F l 
T^ = outlet temperature, °F 
U = peripheral speed of journal, in./sec 
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U = velocity of sliding surface of thrust bearing, in./sec 
U = any specified impeller peripheral speed parameter (inlet or 

discharge diameter is usually used), ft/sec 
U = peripheral velocity of impeller at inlet, ft/sec i 
U^ = peripheral velocity of impeller at discharge, ft/sec 
Y = fluid velocity, ft/sec 

V^ = line voltage, volts 
Vp = fixed voltage 
W = load, bearing load, or fluid film load capacity, lb 

W^ = load capacity computed for bearing with laminar flow, lb 
W n = component of single-pad load normal to eccentricity, lb 
Wp = component of single-pad load along eccentricity, lb 
Wp = load per pad in thrust bearing, lb 
Wrj, = load capacity of bearing in turbulent flow regime, lb 
x = distance from inlet edge of thrust bearing pivoted pad to 

pivot, in. 
Y = area ratio = A /A _ 2 3 
Y = normalized area ratio = Y/Yn„ DE3 

Z = number of impeller vanes 

OL = bearing pad arc length, 0 

OL = leading angle extending from beginning of bearing arc to the 
line of action of the load, ° 

OL = angular tilt of seal about transverse axis, radians 
OL = angle locating absolute inlet velocity vector, inlet flow 

angle, ° 
OL̂  = angle locating absolute discharge velocity vector, ° 
CCv = volute angle 
f3 = angular length of bearing arc, ° 
(3 = seal balance ratio 

P = angle of impeller inlet vane, ° 
= angle of impeller discharge vane, ° 

a 
y = weight density of fluid at lowest expected temperature, lb/ft" 
7 = weight per unit volume of lubricant, lb/in.3 

y = coefficient of linear expansion, in./in.,0F 
A = thermal distortion parameter 

AF = net closing force on seal 
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Ah = thermal distortion, in. 
Ap = pressure differential = p - p , psi 

5? O 

AT = temperature rise, °F 
5 = height of tapered wedge, in. 
e = eccentricity ratio = e/C, dimensionless 
e = bearing eccentricity ratio = e'/C 1, dimensionless 
rj = efficiency of pump 

t)£ = fraction of hydraulic imbalance = 1 - p 
r]̂  = hydraulic efficiency 
r^ = mechanical efficiency 
r^ = volumetric efficiency 

= running current phase angle 
% R ~ rotor phase angle 
6 ? N L = no-load current phase angle 

Opmax = position of maximum film pressure, ° 
^Pmin ~ P o s i t i ° n minimum film pressure, ° 

0pQ = position at which film pressure becomes less than ambient 
pressure, ° 

U = absolute viscosity of fluid, lb»sec/in.2 

V = kinematic viscosity, ft2/sec or in.2/sec 
p = mass density of sealed fluid, lb*sec2/in.4 

cr = Thoma's cavitation constant 
<t> = position of minimum film thickness or attitude angle, ° 
ty = head coefficient 
oo = angular velcoity, radians/sec 


